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Methodology

This paper deals with the optimization of complex energy systems given a cost objec-
tive function. The optimization uses a decomposition strategy based on the second
law of thermodynamics and a concept for costing the components of a system. A

large number of nonlinear decision variables can be optimized with enhanced conver-
gence 1o an optimum. The paper is in two parts. In this part, the methodology is
described. In Part 2, the methodology is applied to a simple energy system of 10
components and 19 manipulated decision parameters. The system is treated once as
a single purpose combined cycle and once as a power-heat cogenerating system. The
results of the application are summarized and evaluated. Further development is

encouraged.

Introduction

Optimal energy systems having a cost objective function have
been the target of many investigators in the last decade. Gaggioli
and El-Sayed (1989), Evans (1980), Melli and Sciubba
(1992), Valero et al. (1993), Tsatsaronis and Lin (1990), and
Valero et al. (1992) are among the major contributors, The
last contribution is an inspiring combined effort by Valero,
Tsatsaronis, von Spakovsky, Frangopoulos, and Lozano.

In spite of the advancements achieved, the costing of the
components of a system lacks rationality and optimization tech-
niques are still slow.

In this paper two implementations are introduced:

e Rationally derived costing equations from the design
models of the system components as the communicating
channels between system analysis and component design
analysis, or in other words, as a decomposition strategy
of the two analyses.

¢ Enhanced optimization by partly decomposing a system
into dissipation—dissipator pairs using the second law of
thermodynamics.

Both implementations are natural extensions of the current
state of the art.

In this part, the implementations are addressed and the method-
ology is described. In Part 2, the methodology is demonstrated
and tested on two application examples. The two examples were
treated in more detail separately by the author (1995a, b).

. Derivation of Costing Equations

The most convenient way of costing many manufactured de-
vices is in terms of a unit price of a characterizing extensive
size parameter of the device such as mass, volume, area, or
length:

Z = c,*A (la)

¢, is the unit price and A is the extensive parameter. Strength
and efficiency parameters as well as parameters of other relevant
features are implicit in ¢, and are usually stated separately.

A system model that computes the performance of a system
in terms of the performance characteristics of its components
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is essentially a thermodynamic model. Power, mass rate, heat
rate, exergy rates, pressure, temperature, composition, enthalpy,
entropy, specific volume, pressure loss, heat loss, temperature
difference, adiabatic efficiency, heat exchange effectiveness, ex-
tent of reaction, and stoichiometry excess are the major system
variables {V,}. For an optimization that minimizes or maxi-
mizes a cost objective function, it is desirable that the system
model compute costs as well. Therefore it is desirable to express
the characterizing parameter A of a device as a function of
the same system variables. The system variables {V,} may be
grouped into three groups: extensive V,, intensive V;, and per-
formance V,. Thus the desirable costing equation becomes

Z=c*A({V,}) = c.xA({V.}, {Vi}, {V, ) (1b)

The variables of Eq. (1b) may be dependent or independent
system variables. Including {Z } as expressed by Eq. (1b), the
system model becomes a performance-cost model.

Whether Eq. (1a) or Eq. (1) is used, a device cost Z is
determined in terms of the variables of a design process {V,}
and the variables of a manufacturing process {V, }, i.e.:

Z = Z({V4}, (VD) (Le)

Let Eq. (1¢) be expressed by the unit price ¢, and the character-
istic shape parameter A. Let A be a function of design variables
only and ¢, be a function of both design and manufacturing
variables, i.e.,

Z = c,({Va}, {Va D*A({Va]) (1d)

The unit cost ¢, can be expressed for families of devices from
commercially available price information in terms of materials
and the intensity of operation (levels of pressure, temperature,
corrosion, ...). The connection between Egs. (1b) in terms
of thermodynamic variables, and (1d) in terms of design and
manufacturing variables for a device, is a design process
through which A {V, }, and A({V,}) are related by design equa-
tions. The variables of {V,}, {V;}, {V,} of Egs. (1b) are a
subset of the component design variables {V,}. The design
relations and the design variables constitute a design model.
The number of the design variables {V,} minus the number
of design equations represents the degrees of design freedom
for a device. The number of variables of the costing Eq. (15)
may be less, equal, or more than the design degrees of freedom.
If less, the difference may be partly used to capture the best
design experiences and partly to minimize A. If equal, the prob-
lem reduces to the exchange of equal numbers of design and

OCTOBER 1996, Vol. 118 / 693

Copyright © 1996 by ASME

Downloaded 02 Jun 2010 to 171.66.16.104. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm



thermodynamic variables. If more, the difference represents sys-
tem variables forced on the system, thus reducing the system
degrees of freedom. In most situations, however, the number
of variables of the costing Eq. (1b) is appreciably less than the
design degrees of freedom.

A design model treats some of the variables of the costing
Eq. (1b) as independent variables (inputs to the model) and
the rest as dependent variables (outputs of the model). The
costing Eq. (10) is generated by running the design model with
various sets of inputs such that the variables of the costing
equation, whether inputs or outputs of the design model, cover
the range of interest in which the costing equation is intended
to be applicable for the system at hand. It is important to note
that design models are not only useful for deriving and verifying
costing equations; they can also be used to predict off-design
performance by fixing a designed geometry and varying input
parameters.

Many selections are possible for what should represent the
extensive parameter A of a device and for the form of its func-
tion as expressed by Eq. (15). In the current study the surface
area is selected for A. This may represent a heat exchange
surface in heat exchangers or momentum exchange surface in
turbomachines. For the form of the function, the following equa-
tion is selected:

A=k ATV VIV ) (2)

This form is favored because it is adequate for correlating equip-
ment cost and also because it enhances optimization, as will
become clear later. The thermodynamic variables needed to
express adequately the characterizing surface of a component
are not unique but their number seldom exceeds four. The cost-
ing equation becomes:

Z = ek THV VIV (3)

Implicit in ¢,, are other relevant features not expressed by {V }
such as materials, complexity of surface, and intensity of opera-
tion.

The essential communication between a thermodynamic
model of a system and the design models of its components is
shown in Fig. 1. The communication through the two dotted
lines with arrows is active only during the generation of costing
equations. Once the costing equations of the components are
generated, the system model operates on its own as a perfor-
mance-cost model. Costing equations in the form of Eq. (3)
are given in Table 2 of Part 2. The coefficients and the exponents
(cas ks, {n}) are deduced using specific design models de-
scribed in the appendix of Part 2. (It is hoped that generating
more costing equations based on different design assumptions
and dealing with different design variants of components will

DESIGN MODELS PERFORMANCE/COST
OF COMPONENTS MODEL OF SYSTEM
: {nitial {v}
{Y} oew
[ N-1
SYSTEM
DESIGN [{Y.X} = V] | PERFORMANCE
COMPUTATIONS « am u =] COMPUTATIONS
{F(U,W,X,Y)=0},5 n {Fi (X,Y) = 0}
{Component 1 Jo— :
Products
A, Vor 7=y * ACY. X I ,
Eg%ﬂf&s, = _{ _c - (__ 1} L] sysTEM cost ..__{c' ol
B GENERATOR COMPUTATIONS
OPTIMIZER

Y = System decision variables
X = System dependent variables
Vi = {X,Y}

FIGURE 1:

A COMMUNICATION — . . :
BETWEEN SYSTEM AND U = Component des!gn decision vana!)les
DESIGN ANALYSES W = Component design dependent variables
A Vaes = {UW,Y,X}
. A = Component characteristic surface
- o —
- Active only when Z = Component capital cost

nerating costin; X . h
ge 8 B Eans. |o. = Unit surface price

c,cp= Commodity prices

Fig. 1 A communication between system and design analyses

help establish the statistical nature of their coefficients and expo-
nents and will increase the confidence in their applicability.)

A Second-Law-Based Decomposition

Strategies to decompose a system into subsystems for the
purpose of optimization may be achieved by adding priced terms
to the objective function, each of which in effect is zero (a
constraint); but when combined with the objective function,
the features of a decomposition emerge. The Lagrangian is the
augmented objective function by the added terms and the prices

Nomenclature

A = surface area, size characterizing pa-
rameter of a device

¢ = price per specified unit; ¢ of feed,
cp of product; ¢y, ¢, exergy-based of
feed and product, respectively; ¢, of
dissipation, ¢, Lagrangian, c,, aver-
age (Eq. (21)), ¢4y marginal (Eq.
(19)), cq0 special case (Eq. (20));
¢, of capital

D = exergy destruction (dissipation);
D;, Dy, Dc mechanical, thermal,
and chemical dissipations; d dissipa-
tion per unit mass or unit reference
mass

E = exergy rate; E, product, E; feed

device

n, of capital

ponent

694 / Vol. 118, OCTOBER 1996

AE = change in exergy

e = efficiency parameter for adiabatic
efficiency = /(1 — n)

F = feed; function

J = objective function; J, second-law
objective, Jp remainder = J — J,,
J; local of component i

k = coefficients; k, and k, of exergy de-
struction; k, of capital; and k, of Y = system-decision variable; ¥, lo-
surface or a volume function of a

n = exponent; n, of exergy destruction,

P = product; pressure
U = decision design variable of a com-  {

V = variable; V, a system variable
(thermodynamic), V,, V;, V,
system variables as extensive, in-
tensive, and performance; V,,
manufacturing process variable;
V. a design variable of a device

X = system-dependent variable (ther-
modynamic variable)

cal, ¥; global (thermodynamic
variables)
Z = equipment cost
n = isentropic efficiency
A = Lagrange multiplier
} = set of variables
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are undetermined Lagrange multipliers. The decomposition fea-
tures depends on the selected constraints augmenting the objec-
tive function. One early feature of second-law-based decompo-
sition is given by El-Sayed and Evans (1970). Other features
were used by Tsatsaronis and Lin (1990) and by Valero et
al. (1992, 1994). The present second-law-based decomposition
uses another different feature. One constraint at the system’s
boundaries is added to the objective function, which is the over-
all exergy balance of the system multiplied by a price yet to be
determined, and what emerges is the cost of dissipators and the
cost of dissipations in pairs. The advantage of this feature is
that one price is used while a possibility of decomposing the
system into its components is created.

A suitable cost objective function for an energy system of
single feed and single product (e.g., a power plant) is the mini-
mization of production cost minus product revenues under fixed
unit prices {c}:

J =cpkF + Z ¢ %Z — cp*P 4)

Profit = —J and is maximized.

Focusing on the system boundaries, overall mass, energy,
and entropy balances should be satisfied as well as the sizing
parameter of the system. If exergy balance is based on these
three balance equations, two multipliers would adequately de-
scribe the conditions at the system’s boundaries: one associated
with the exergy balance equation, and one with the sizing pa-
rameter, which in this simple case is usually related to the
product rate P or the feed rate F. If the system’s computational
algorithm permits the selection of the sizing parameter, then one
boundary multiplier would take care of system decomposition.

Equation (4) can be transformed to a second-law objective
function by rating fuel and product prices per unit exergy and
adding the overall exergy balance equation as a priced con-
straint:

c*(E,+ XD+ XE —-E)=0 (5)
The following Lagrangian is obtained:
L =2 (cg*D + ¢,*Z) + X c*E;
+ (¢ — c))*E, = (¢, — ca)*E, (6)
where
Jo = 2 (e*D + ¢,*Z) (6a)
and
Jr = Z v E; + (¢ — c)*Ef — (¢, — c)*E, (6b)

J, becomes a second-law transformation of the objective
function J if { D} and {Z } are grouped as independently inter-
acting pairs and Jy is a constant K. Jg becomes a constant when
the cost of the wasted exergy Xc,*E, is negligible and when
either the feed is constant or the product is constant. The price
of dissipation ¢, becomes the unit exergy price of feed ¢, when
given the product rate E, and becomes the unit exergy price of
product ¢, when given the feed rate E;. Associating ¢, with c,
and c,is helpful in guessing an initial value for ¢, as a Lagrange
multiplier in the cases not tied to the specific assumptions just
mentioned.

Note that the dissipator—dissipation terms of Eq. (6a) include
any waste treatment before dumping the wasted exergy XE; in
the environment.

Enhanced Optimization

In general, Eq. (6a) presents dissipations and dissipators as
interacting pairs and not as independent pairs. A system decision
variable, in principle, influences all items of Eq. (6a) to varying
degrees. Considering the interactions among pairs as secondary
interactions helps in gaining insight to the complexity of the

Journal of Engineering for Gas Turbines and Power

interactions of the decision variables. Therefore, the following
two idealizations are introduced:

¢ The localized influence of certain decision variables.
¢ The form k*Y" for the local influence.

The first rationalizes a second-law decomposition of the system.
The second enhances optimization.

The first idealization states that when the influence of a deci-
sion variable is primarily localized, the decision variable is
considered local. Otherwise it is global. The global effects of
the local decision variables are ignored and hence, Eq. (6a)
represents a decomposed system of components having local
objective functions and the local decisions can then be opti-
mized one by one. Performance decisions of components (effi-
ciency parameters) can be considered local decisions in most,
but not all, situations. A suitable two-step optimization, repeat-
able if necessary, is to minimize J with respect to {Y,} given
{Ys}, then minimize J with respect to {¥¢} given {¥Yiqy}.

Optimization of Local Decision Variables
For an exergy destruction price c,, the local optimization
problem for a component i becomes:

Minimize J,' = Cd*Di + CZ*Z,'
Y,

€D

where Y, is the component performance decision variable as-
sumed local. D; and Z; have opposing trends that are best ex-
pressed by a generalized version of the equation J = a*Y +
b/Y, known as Kelvin equation:

Ji = kAY P + kY (7a)
where n, and n, are constant exponents of opposite signs and
k. and k, are constant coefficients.

If a component has more than one local decision, decompos-
ing its dissipation into thermal, mechanical and chemical helps
preserving the same form of Eqs. (7) and (7a) for each decision:

Minimize Ji = Jp + JT + JC

YP7 YT, YC

= c,*(Dp + Dr + Dc) + ¢,*Z; (7b)

where c,*Z; has the form of Eq. (3) and
Jp = kp*Y ¥P + kp*Y 57
Jr= kY ¥+ kkY §
Jo = kee*Y & + koY

The exponent n, (or the set n,, n,, n,) is already available
from the costing equations having the form of Eq. (3). The
dissipation cost ¢,#D; of a component can be generally ex-
pressed in the same way as the capital cost Z. Dissipation in
the form of Eq. (2) will have V, a mass rate with n, = 1, V; a
pressure or a temperature input parameter with n; = 0 and V,
the decision Y; with n, = n,. The assumption n; = 0 is used
because D; is weakly affected by any input pressure or tempera-
ture, and hence the dissipation takes the form:

ca*D; = ey Mixd; = ca¥ Mk 4Y 7 = kY (8)
d; is a dissipation per unit mass and %, is a constant depending
on Y; and k, = ¢,#M, *k,. Equation (8) should include pressure
and/or temperature terms when n; # 0. The thermodynamic
process of a component determines the exponent n,. Note that
the thermodynamic process of a component is already available
as an element of the system thermodynamic model. Pressure
drop decisions have n, = 1. Efficiencies e = n/(1 ~ 1) have
n, close to —1. For some performance parameters such as an

OCTOBER 1996, Vol. 118 / 695

Downloaded 02 Jun 2010 to 171.66.16.104. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm



approach temperature difference or an extent of reaction n, may
deviate appreciably from 1 (or —1).

If Egs. (7) and (7a) are identical, then k, and k,, given #,
and n,, become:

ke = Cd*D,'/Y;'w
k, = c*Z /Y *

(9)
(10)

Equation (7a) (or any form of Eq. (7h)) has an analytical
solution for the unconstrained optimum decision variable by
setting the derivative of J; with respect to ¥; equal to zero.

Yiopt = [_(kz*nz)/(ke*ne)](l/(ne_nZ)) (11)
Substituting Eqs. (9) and (10) into Eq. (11):
Yiow = Yi#[(—n/n)* (¢, *Z; ) (cg* D)1V (12)

If k, and k, are constants then Eq. (12) gives optimum Y; in one
step from a feasible solution. Since D; and Z; involve variables
(basically mass rates ), which may depend partly on Y; (a global
effect of Y;), k, and k, deviate from constant values and the
derivative of J; of Eq. (74) with respect to ¥; gives

kx(dY ¥/dY,)) + Y **(dk./dY;)
+ k*x(dY #1dY) + Y *x(dk,/dY;) = 0 (13)

If the sum of Y {“*(dk./dY;) plus Y [*+(dk,/dY;) is close to
zero (mild global effect), or if k, and k, change such that the
change in their ratio is insignificant (converging global effect),
then &, and k, will adjust to constant values in few steps from
a feasible solution and Y; settles to its optimum value. In this
case Eq. (12) acts as an updating equation of the decision
variable Y¥;. Otherwise ¥; may not qualify as local and updating
Y; causes its optimum to fluctuate and transmit fluctuations to
the systems objective function (non-converging global effect).
Fast convergence to optimum by equation (12) for the local
decision variables implies that the global influence is mild or
converging. The application examples of Part 2 have no problem
with convergence when all performance decision variables are
assumed local. No more than four system computations were
needed in most cases.

Thus, once the local decisions are identified and their {#,, n,}
are known, their optimization is fast irrespective of their number.
However, it is important to notice certain limitations: The expo-
nents {n,, n,;} are not absolutely constants but only around a
reference system solution. The decisions {¥;} are not absolutely
local but their influence is primarily localized. Local optimizations
are expected to be unconstrained, but imperfections in modeling
may occasionally force the lower or the upper bound of a local
decision to be active. Overly low and overly high exergy destruc-
tion prices activate bounds as well. It should also be expected
that occasionally, though not in the present study, a decomposed
dissipation (e.g., thermal) may be influenced by two local deci-
sions that should be computed simultaneously.

Optimization of Global Decision Variables

Not all the system decision variables can be assumed local.
For those variables left as global or treated as local while show-
ing nonconverging global effect, the objective function is Eq.
(4) for the system undecomposed, but not Eqgs. (7), which
represent the decomposed system. A suitable nonlinear pro-
gramming algorithm must be invoked. A simplified gradient-
based approach that ignores cross second derivatives is used
(El-Sayed, 1989) having the following updating equation:

Ynew = ILd + AY (14)
AY = ABS[0.5#(Y> — Y\)/(g2 — g)*(—g))] (14a)
g = (Jo— J)IX — 1) (14b)

696 / Vol. 118, OCTOBER 1996

(14c)
(14d)

& = (o = J)/(Y2 — Yo)
Y ,>Y,>Y,

The updating Eq. (14) requires three system computations to
obtain three neighboring values of the objective function, as-
suming for example Y,, 1.05 ¥, and 0.95 Y¥;,. The * sign of
Eq. (14) is selected to direct the change in the favored direction,
because zero gradient represents both maximum and minimum.

Note that for each global decision, two system computations
are needed (¥, and Y,) besides the current Y, in each update,
and the number of updates to reach an optimum is usually large.
For local decisions, only the current system computation is
needed and the number of updates is relatively much smaller.

Extending Local Optimization to Multipurpose Sys-
tems

The objective function for a multiple-feed multiple-product

plant (multiple commodities ) becomes:
J=2Xcp*F + L %2 — X cp*P (15)

Basing prices per unit exergy of the commodities and adding
the overall exergy balance as a constraint priced at an exergy
destruction price ¢, yet to be determined, the following Lagran-
gian is obtained:

L=X Cf*Ef + Xz CZ*Z - X CI,*E,,
+e*(XD+ZE +ZE,—XE)
=Z (CZ*Z + Cd*D) + Z C,]*E‘j

+ Z (¢ — ci)*Es — X (¢, — c))*E, (16)

Let
J, = Z (¢, *Z + c,*#D) (17)
Je=Zcy*E; + Z (cp— ci)*E; — X (¢, — c)*E, (18)

where J, may be defined as a second-law objective function
and J; as a remainder cost function.

Any positive value of ¢, minimizes J, but not necessarily Jx.
To determine the Lagrangian dissipation price ¢, that mini-
mizes the actual objective function J = J, + Ji through min-
imizing J,, is simply to minimize J, with different values of
the dissipation price ¢,. {dJ>/dY } = 0 gives provisional {Y },
for the local decision variables by which a solution is obtained
and a value of Jis computed. The decision set {¥ }, correspond-
ing to the least computed value of J, is considered the optimum
set of local decision variables and the corresponding dissipation
price is the lagrangian price ¢,\. An automated way to find ¢,
is to use Eq. (14) of global optimization with ¢, as the only
decision variable.

Two average exergy destruction prices are found to improve
J and to give a head start to the minimization of J through the
minimization of J, in most cases. One is a marginal average
cu (2 AE price) and the other is simply a mean average cy,.

Marginal Average Price. If a set of local decision vari-
ables {Y} produces the same improvement in the Lagrangian
AL (or AJ) as in the second-law objective A J,, then AJ; must
equal zero (Jy is a constant K or zero). For J, = constant, the
condition of AJy = 0 gives the following exergy destruction
price:

Cya = (Z Cf*AEf -z CP*AEP)/(E AEf - AEI’ -z AE])
= ( ¢;#AE, — T ¢,*AE,)/E AD (19)

Equation (19) states that using ¢y to minimize J,, then the
change of J, is the same as the change of J, but does not assure
the best change. Also Eq. (19) does not always guarantee a
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positive ¢4, as will be noticed in Part 2, because global effects
whether mild or converging are ighored.

In general, all commodities (feeds and products) are depen-
dent variables on the sizing parameters of the plant. A sizing
parameter is usually an independent nominal or actual commod-
ity rate. The number of the independent sizing parameters is
often one and selom exceeds two. If actual rates determine the
size of the plant, then their AE’s = 0 and Eq. (19) includes only
the dependent commodities. The changes of these dependent
commodities during optimization affects slightly the price of
dissipation cg,.

The condition of J; = 0 is a special case of the constant K
and this case gives the following exergy destruction price:

co = (X ep#E— Zc,*E)(Z E;— Z E, — ZE) (20)

Equation (20) is more convenient to use than Eq. (19) since it
does not deal with differences. Equation (20) like Eq. (19)
does not guarantee a positive dissipation price.

Average Price. Because of the possibility of a negative
exergy dissipation price from Eqgs. (19) and (20), a simple
mean average price as given by the following equation is consid-
ered:

o = (X cpxEp + Z c,*E) (X Ef + L E,) (21)
¢4 may be the average of all commodities or the average of
the dependent commodities only. In this study the average of
the dependent commodities only is used. Equations (20) and
(21) give the same result when the dependent commodities are
all products or all feeds.

The marginal price ¢, from Eq. (19), the average price cy,
from Eq. (21), and the searched Lagrangian price c,, are inves-
tigated for local optimization and their results are compared.
The small changes in ¢, and in ¢, as the exergies of the depen-
dent commodities vary during optimization are accounted for
automatically. Optimizing the system with different values of
¢, proves that ¢, does exist. Minimum J flattens over a small
range around c,,. Above this range, the increase in efficiency
does not pay off, and below it, the decrease of efficiency also
does not pay off. The Lagrangian price c,, depends on the
unit prices involved in the objective function and the sizing
commodity. The minimum value of J using ¢, is compared with
those obtained using ¢, and ¢,,. The agreement is satisfactory in
some cases but not in others.

However, thus far, the complexity of predicting ¢, particu-
larly for systems with multiple feeds and products, is solved by
computing the local optimum for more than one dissipation
price. Four to eight dissipation prices are usually sufficient due
to the relatively flat relation between J and ¢, when J, is mini-
mized.

Journal of Engineering for Gas Turbines and Power

Concluding Remarks

e The proposed decomposition strategy extends second-law
analysis to the minimization of the cost of energy inten-
sive systems.

s The proposed concept of costing equations provides a
rational basis for costing the components of a system in
terms of their design methodologies.

* Asshown in Part 2, the foregoing offer a sense of direction
for the search for optimal decision variables of power and
cogeneration systems.

¢ The communication established between performance and
design to generate costing equations is also useful in pre-
dicting off-design performance of the components of a
system and hence that of the system.
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Application

This paper deals with an application of the second-law-based optimization methodol-

ogy described in Part 1 of this paper. The methodology is applied to a simple energy
system of 10 components and 19 manipulated decision parameters. The system is
treated once as a single-purpose combined cycle and once as a power-heat cogenerat-
ing system. The results of the application are summarized and evaluated. The required
computer programs are described. Further investigations are suggested.

The Application Examples

The system considered for the two application examples is
shown in Fig. 1. The system has 10 components and the system
performance-cost model has 35 parameters that can be indepen-
dently specified (decision variables). For the current study,
19 of the independent parameters are manipulated for system
optimization; two are global and 17 are local (performance
decision variables). The rest of the decisions are not manipu-
lated for optimization. These are: 2 global, 10 boundary parame-
ters, and 4 conditions. The two global decisions are the top
cycle temperature 75, = 870°C (1600°F) (implying uncooled
gas turbine blades) and condensate temperature T3 = 38°C
(100°F) for the single-product case and 120°C (250°F) for the
two-product case.

The 10 parameters determined by boundary conditions are a
sizing parameter taken as the natural gas feed to the system of
rate 4 kg/s (8.8 Ib/s), and a pressure, a temperature, and/or a
composition at inlet to or exit from system. Air of specified
composition enters at 1.013 atm (14.7 psia) and 27°C (80°F).
Natural gas of specified composition enters at 15°C (59°F).
Exhaust gases leave at 1.013 atm (14.7 psia). For the single-
product case, the cooling water enters at 1.03 atm (15 psia)
and 21°C (70°F) and leaves at 1.03 atm. For the two-product
case, water enters at 3.8 atm (55 psia) and 77°C (170°F) and
is delivered at 4.5 atm (65 psia). The four conditions are fuel
pressure Ps = P,, saturated liquid at locations 8, 10, and satu-
rated vapor at 11.

The manipulated global decisions are the pressure exiting the

compressor P, and the entering steam turbine pressure Ps. The
local decisions are the adiabatic efficiencies of the power ma-
chines 1 to 5, the combustor pressure loss, the shell-side and
tube-side pressure losses of exchangers 7 to 10, and terminal
temperature differences Ty — T, T13 — To, and T; — Ty5. The
effectiveness or logarithmic mean temperature difference could
have been used instead of a terminal difference. Temperature
differences have a lower bound of 2.8°C (5°F). Pressure losses/
inlet pressures have an upper bound of 0.5. The temperature of
the delivered hot water in the two-product case has a lower
bound of 110°C (230°F).

Unit surface area prices {c,} are evaluated with the help of
available price information (ASPEN Project, 1988; Hu, 1985;
Belding, 1982) and are listed in the second column of Table 2.
Unit exergy prices are assumed to be 0.01 and 0.04 $/kWh
for fuel and product electricity, respectively. For heat a price
per unit heat of 0.015 $/k Wh is assumed (0.067 $/kWh

Contributed by the Advanced Energy Systems Division for publication in the
JOURNAL OF ENGINEERING FOR GAS TURBINES AND POWER. Manuscript received
by the Advanced Energy Systems Division September 28, 1995; revision received
April 19, 1996. Associate Technical Editor: M. J. Moran.
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exergy). The capital recovery factor ¢, is assumed to be 0.09
$/year. 8000 operating hours per year is assumed.

The system is first treated as a single-feed single-product
system, then modified to a cogeneration system of single feed
and power and heat products. With the first system, local optimi-
zation is performed once with fixed fuel, and once with fixed
product. With the second system, local optimization is per-
formed with fixed fuel, with fixed power, and with fixed heat.
In both systems three types of dissipation prices are used and
compared. These are the marginal and the average prices cu
and ¢4, (Eqs. (19) and (21) of Part 1) and the Lagrangian price
cax- The price ¢, of the special case K = 0 is computed but
not used. Table 1 summarizes the cases considered in local
optimization.

One set of costing equations (generated in the British system
of units, IP) is used in all optimizations. Six design models
covering the 10 system components are used to generate the
costing equations and to verify them whenever a verification is
needed. The system thermodynamic model and the six design
models are summarized in the appendix. The derived costing
equations and the local objectives as function of local decisions
are summarized in Table 2. {c,, k} are given in both SI and
IP units. The ranges of applicability of the costing equations in
IP units are also given.

For each costing equation, between 10 and 20 design compu-
tations are made while only 4 or 5 design computations are
needed to derive the constant k and the exponents {#n,} of any
costing equation. Combinations from the design computations
are used to compute k and {n,}. The group giving the best fit
for all design computation is used. A fit with scatter +10 percent
is considered acceptable.

For each component the correlation of its dissipation as a
function of its performance parameters by the form D; = k,
*Y 7 is obtained using the component’s thermodynamic model
(an element in the system thermodynamic model). Fewer ther-
modynamic computations are needed to obtain #,.

The number of independent performance parameters of a
component depends on the thermodynamic process of the com-
ponent and the computational algorithm of the system as a
whole. Some components may have more than one independent
performance parameter and others may have none. For example,
a heat exchanger has three parameters describing its perfor-
mance (two pressure losses and a temperature difference). De-
composing the exergy destruction into thermal and mechanical,
three local objectives are generated. However, for the super-
heater-boiler-economizer combination only two temperature
differences (or two effectiveness values) are free to decide but
not the third, leaving the combination with five tradeoffs and
not six. Also for the combustor, there is nothing to trade the
chemical part of the exergy destruction against. Only the me-

Transactions of the ASME

Copyright © 1996 by ASME

Downloaded 02 Jun 2010 to 171.66.16.104. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm



e J. s Table 2 Costing equations and the local objective functions
ue!

Combustor |3, Costing Equaﬁt;n Z?la*A . Local Objectives J(Y)
C Gas Turbine Steam Turbine A=K XTI g o' DAC, L = kY kY
- component ¢, ko ox™ x™ x™ x™ Y ne nz D
D 3 units IP/SI  ranges of {x}, IP*
b
\ 1 Compressor 25 A5 M' pr¥ et e -95 65 Dpr
1 4 17 269 0307 s01000518, 23015
i 10
Superheater - 2Gturbine 25 32 M' prie® e -8 85 Der
cater 269 0654 sio00 55, 410
12 1 8 16 ) \ 055, 759
5 3Stturbine 25 225 MY (T/P) P e € -8 80  Dpr
Boilor 269 2395 2sum, 1530, 1150, 419
17 States 3
Pump 4Feedpump 3 0025 M AP ' e -1 105  Dpr
9 15 32 0001245 sz, 1s0, s
9
Economizer | SCWpump 3 0063 M' AP'e? € -1 N Dpr
32 00106 100500, 225, 4.4
el 9.._ 6Combustor 2 585 MPP¥sp™ & 1 -75 De
m 2.15 1.9352 00900, 50-200, 01-3
. - 7 Superhtr 015 340 Q' AT,,' 8P'* 5P, AT, | SRS T ) ¥
Fig. 1 Energy system of the application examples P 06 3071 ,Su. oo, 6 o6tk ® 1 45 Dn
5P, 1 14 Dy
8Boiler 015 340 Q'AT," 8P 8P AT, 45 -1 Dr
Table 1 The cases of local optimization considered A6 5480 zas s s oeas 2};' : 3236 g“'
] = Ps
9 E jzr 015 310 Q' AT, 8P'¢ 5P, AT, 45 -1 Dr
Case and Objective J=Jy+Jg Dissipation price cg 16 27.73 1540, 20105, 626,  07-56 8Py 1 16 Dp
5P, 1 125 Dy
Single Product 10 Condnsr .02 15 Q' AT, 8P 5Py AT, 9 -1 Dy
1 =c#BerTe,*Z-cp*E, ca={ci* AEq- ¢p* AE(AEr-AE-AE)) or Heater .22 1.117 690,153, 1620, o005.22 8P, 1 -15  Dp
Ja=2(c*Z+cq*D) 3P 1 -04 Dy
Jr =(crca)*Er-(cpca)*Eptca*E;
1) fixed feed J:ZCz'Z'Cp*Ep Caa™Cp * 1P Units ¢, k$/P, AR MIb/s, QKW (range MW), P, P, psia, T; R, AT F, AP, 8P psi, DkW.
c*E¢= const. €4 = Can, Cdds CoAT SI Units ic, kS/m". A, Mkg/s, QkW (range MW), P, P. MPa, T; K, AT C, AP, 8P kPa, DkW.
2) fixed Product J = ¢*Et3c,*Z caver Fr=pressure rio, - =n/(1-n). D= De*DrtDe, Der=DptDy

¢,*E =const. €= C4a, Cdds Carp
Two Products
=¥ B+ 20, Z-Cy*Ep-cq* Eq
J=X(e,*Z4e,*D)
Jr =(cr-Ca)*Br (Cp-Ca)*Ep-(cq-ca) *Eytes*
3) fixed feed Y, Z-c,*Eycy*Eq 4= (cp* Ep + cg* EQ/(EptEq)
cf*Er= const €4 = Cda s Cdds Crr
4) fixed power cr*Er+Yic*Z-cy*Eq cga= (cr* Ert cq* EQ)/(ErtEq)

Cag=(er* A ey * ABy-c*AEHAE-AE - AE -AF})

ones for the reference systems along with four examples of their
optimized values. Note from Table 3(») that high dissipation
prices in local optimization call for more efficient components
and conversely. Note also that the hot-side AT’s of the econo-

cp*E=const Ca = Cga, Cdds Cahp i i i
5)fixed heat  oj B, +Te, Z-0,°Ep cuum (o0 Ly + oo Eg(EHTy) mizer and the condenser are constrained by their lower bounds
cq*Eg=const Ca=Caa, Cath g and that their cold side pressure loss ratios are sometimes con-

strained by their upper bounds.

Local Optimization. Table 4 shows the results of the local
optimization runs for five cases of the sizing commodity using
three types of the dissipation price. Table 4 (a) gives the dissipa-
tion prices and the overall system parameters. The intention is
to reveal the influence of sizing the system by a particular
commodity as well as the response of the system to different
dissipation prices. All optimization runs were performed at the

chanical part of the exergy destruction is tradable against the
cost of the combustor since the flame temperature is fixed. The
case of more than one decision per one local objective was not
met in this study.

Table 3 lists the decision variables and their values. Table
3(a) lists the fixed ones and Table 3(b) lists the manipulated

Nomenclature

A = surface area
ata = pressure in atmospheres absolute

¢ = unit price per specified unit; cr
feed, cp power, ¢ heat; ¢, feed, ¢,
product, ¢, exergy-based; ¢, dissi-
pation price, c,, Lagrangian price,
c4, Mean average, ¢, marginal av-
erage, cqo Special average; ¢, of
capital

D = exergy destruction (dissipation);
Dp, D7, D¢ mechanical, thermal,
and chemical dissipations, Dp,, Dp,
mechanical due to shell and tube
sides pressure losses

E = exergy rate, E, product, E; feed

e = efficiency parameter for adiabatic
efficiency = n/(1 ~ n)

eff = efficiency as defined in text; eff;

first-law efficiency, eff, second-law
efficiency

F = feed; function
IP = inch-pound (British system of
units )
J = objective function; J, exergy-
based, J; remainder (= J — J,),
J; local of component {
k = coefficient; k,, k. of exergy de-
struction, k, of capital
M = a mass rate
MW = megawatt; MWt thermal, MWe
electrical or exergical
n = exponent; n, of exergy destruc-
tion, n, of capital
P = product, power, pressure
Q = rate of heat exchange
SI = international system of units
sh = specific humidity
T = temperature
X = system-dependent variable

Journal of Engineering for Gas Turbines and Power

Y ‘= system-decision variable; Y, lo-
cal, Y global
Z = equipment cost
AP = pressure rise in a pump
6P = pressure loss by friction; 6P, tube
side, 6P, shell side
AT, = logarithmic mean temperature
difference
AT = temperature difference
n = adiabatic efficiency
N\ = Lagrange multiplier
¥ = loading or head coefficient
& = flow coefficient
{ } = set of variables
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Table 3 Decision variables

(3a) Bound

y and Fixed D

Varlable Location Values*
Fixed Decisions and Conditions

Variable Location ~ Values*

Boundary Parameter

Compressor intet P,T,{X} 1 1.013,27,sh .0026 TopCycle T (global) 3 87t

Fuel inlet T, {X},M 5 15 natural gas Teond (global) | prod 8 s
Exhaust exit P 14 1.013 2-prod 8 121
Water inlet I, T 1 prod 15 1.03 27 Fuel pressure condition 5 =P2
2 prod 15 38 77 Sat. liquid condition 8,10
Water exit P 1 prod 17 1.03 Sat. vapor condition 11
2 prod 17 4.5
Sizing parameter, Fuel 5 4 kg/s

(3b) Manipulated Decisions

Manipulated Decisions Reference  Examplos of optimized decisions**
o @ 6 @
Global Decisions location
Press. exiting compressor ata 2 9.1 9.1 9.1 9.1 7.7
Steam turbine inlet press ata 6 414 414 414 414 121
Local Deeisi p
Compressor efficiency 1 82 90 80 89 91
Gas Turbine efficiency 2 .87 93 86 92 92
Stm wrbine efficiency 3 .85 94 89 94 94
Feed pump efficiency 4 75 95 .92 94 94
Circulating pump efficiency 5 75 71 61 67 75
Combustor loss dP/P in 6 001 001 003 001 001
Superhtr loss dP/P in hot side 7 005 001 002 001 001
cold side 7 .01 010 016 012 .01
Boiler loss dP/P in  hot side 8 005 003 008 .004 .005
cold side 8 01 082 .156 .093 .088
Econmuzr loss dP/P in hot side9 .005 001 .004 001 .001
cold side9 01 303 500 356 500
Condnst loss dP/P in hot sidel0 005 008 028 .01 001
cold sidel0 5 ’ 336 500 43 141
Superhtr AT C hot side 7 28 28 28 28 28
Ecnmzr AT C hot side 9 il 28 - 28 28 28
Condunsr AT C hot side 10 55 28 28 28 28
* Pata, T C .
e (1) Local optimization, single product, fixed fuel rate = reference fuel rate, [N

(2) Local optimization, single product, fixed product rate = reference product rate, ¢4 = ¢¢
(3) Local optimization, single product, fixed product rate = reference product rate, ¢y = ¢y
(4) Local/Global optimization, two products, fixed fuel rate= reference fuel rate, 4= cqg

reference values of the global decisions. In all the runs the
dissipation prices ¢y, c40, and ¢y, (Egs. (19), (20), (21), Part
1) are computed, but only c,, and ¢, are used in optimization
along with the searched Lagrangian price c,,.

The price ¢4 is negative in two cases. The price ¢4, is negative
in one case and is a very low positive in another. The price c
is close to ¢4y for the cases sizing by fuel rates and is close to
¢4, for the cases sizing by power but nowhere near any ¢, for
the case of sizing by heat. )

The search for the Lagrangian price ¢, is done systematically
by minimizing J, using dissipation prices that are increased in
small steps. The price ¢, corresponds to the most improved
value of the objective J.

Table 4 (b) shows an example of the convergence to optimum
in four system computations. Treating performance decision
parameters as local decisions of converging global effects is
justified by the fact that convergence occurs in less than four
system computations in most cases. Performance parameters of
nonconverging global effects are expected to be associated with
persisting significant’ fluctuations in their optimal values and
hence in the values of the objective function, which contradicts
the observed convergence.

The search for c,, shows that as ¢, is increased, the efficiency
of the system keeps increasing while the objective function J
decreases then increases. The most improved value of J flattens
over a range of ¢, = 15 percent. Below this range, the reduced
efficiency does not pay, and above it, the increased efficiency
does not pay either.

Local-Global Optimization. Table 5 shows the results of
local—global optimization runs. The optimization is carried out
for the single-product and two-product systems. The fuel rate
is assumed fixed and the dissipation price ¢,y (Eq. (19), Part
1) is used. cyy is very close to ¢y s As shown in Table 4, ¢y
is 0.0355 and c,is 0.038.
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Table 4 Local optimizations investigated

Case Prices [ Profit Fuel Power Heat effl% eff2%
$/kWh $/h MWt MWe MWt
a) Comparison of Cases
Single Product System
Reference - = - 940 2122 8297 - 39.10 4247
1) Fixed Fuel ¢y 04
Cda .04
Cad .04 1284.3 2122 97.02 - 45.71 49.66
Carr 0475 1286.4 2122 97.66 -~  46.02 49.99
2)Fixed Powercgo 0N
Cda .01 933.2 2152 8297 -- 3848 41.80
Cad 0107 957.5 2129 8297 - 3896 4233
Caap 0317 1106.2 186.2 8297 - 4462 4848
‘I'wo-Product System .
Reference - - - 1410.0 2122 72.25 59.00 61.66 45.08
3) Fixed Fuel cqo .0418,0419*
Cdn 0418 1626.7 212.2 87.75 4547 62.68 51.21
Cad .0355 1629.3 212.2 8652 46.56 62.61 50.73
(7% 0380 1629.8 212.2 8646 46.58 62.58 50.69
4)Fixed Powercyy .0058,0061
Coa 0133 1443.5 202.6 72.25 54.00 62.13 46.50
cqa (use .005) .0018%* 1397.8 2812 7225 101.4 6138 3833
Canp .0108 1455.2 2154 7225 62.18 622 44.84+
5)Fixed Heat cqo -.0014,-.0108
[ 0187 1786.3 2395 90.58 59.00 62.31 4828
caq (use .005) -.053 814.1 163.3 42,00 59.00 6142 38.33
Ciiq .0600 2161 284.7 119.9 59.00 62.76 51.85++
Case Runs cy Profit Fuel Power Heat effl% cff2%
$/kWh $/h

MWt MWe MWt

4b : Convergence Example

Two-Product System
run Cdo Caa Cad
Fixed Fuel 1 0419 0419 .0358 16284

Cy4= Cyd 2 0419 0419 .0354 1628.8

3 0419 .0419 .0355 1629.7

4 0419 0419 0355 1629.3 212.23 86.52 46.56 62.61 50.73
* Cao When cgg is used and when ¢y, is used (different commodity values in each case).
A a set minimum price below which unexpected vielations oceur such that compressor

work larger than gas turbine work.
R second law efficiency lower than reference while objective improves
+ Most bounds are active.

Two starting points were used in the optimization of the two
global variables, amounting to 64 and 128 system computations
for the single and two-product systems, respectively, while no
more than four computations were needed to optimize the 17
local decision variables. The system decision variables are se-
lected such that the computation of a feasible solution is done
with a small number of iteration loops. On IBM PC computers
of today (e.g., 80,486 CPU chip, 66 MHz), one system compu-
tation takes about seven seconds. Thus, while 17 local decisions
variables are optimized in less than half a minute using a given
dissipation price, the two global decision variables require 15

Table 5 Results of the local/global optimization runs

Power Heat effl  eff2#
MWe MWt % %

Case P2,P6 optzn Profit Fuel
ata runs* $h  $h  $h $/h

Equip Power Heat c4
$/h  $/kWh

Single Product, Given fuel rate=reference

Ref. 9.1,41.4-- 940  1953.6424.7 23783 - -n= 833 - 39.10 4247
Local 9.1,41.4 4 1284 1953.6 642.7 2596.4 - 04 970 - 4571 49.66
Global 9.7,17.2 16 1324 1953.6 686.6 2640.2 --- 04 991 - 46.70 50.73
Local 9.7,17.2 4 1331 1953.6677.3 2630.9 --- .04 990 - 46.67 50.70

Two Products, Given fuel rate=reference

1953.6 395.2 2873.7885.2 ----- 72.25 59.00 61.66 45.08
1953.6 449,5 . 3149.9 1047.2 .0355 86.52 46.56 62.61 50.73
1953.6 562.8 3283.3 1028.7.0418 82.21 68.58 70.99 51.85
1953.6 574.2 3297.51026.5 .0417 82.57 68.44 70.09 52.01

Ref.  9.1,41.4- 1410
Local 9.1,41.4 4 1629
Global 7.7, 12.1 32 1795
Local 7.7,12.1 4 1796

* Local : a run = | system computation
Global: a run = 4 system computations
# EfY1: First Law eff = (Power+Heat) / Fuel HHV rate
EMM2: Second law eff = (Power+Heat exergy) / Fuel exergy rate
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Fig. 2 Profit at local optima as function of global decision variables

minutes. Optimizing local decision variables by searching for
the Lagrangian price ¢, would take less than 2 minutes assum-
ing eight trial dissipation prices are sufficient to idendify ¢,
and two computations are allocated for each trial price.

The optimal global decisions for the single-product and the
two-product systems are distinctly different but the optimal lo-
cal decisions are not significantly different.

Figure 2 shows the journey of the profit (~J) during optimi-
zation for the two-product system. The optimization journey of
the single product system has been given by the author (1995).

A map for profit, power, heat, and first-law efficiency is
constructed by computing them at the local optimal decisions
for various values of compressor pressure given one value for
the steam pressure and the process is repeated for different
steam pressures. Only the profit is shown in Fig. 2.

Figure 2 shows a flat zone for maximum profit. The power/
heat ratio increases continuously with the increase of compres-
sor and the steam pressures while efficiency shows an opposite
trend. Both show a narrow variation in the optimization runs.
The power/heat ratio varies from 1.96 to 1.26 and first-law
efficiency varies from 0.6 to 0.7. Low-pressure steam seems to
be an optimum when heat is cogenerated and sold at a relatively
high price.

Point [ represents the profit of the system before optimization
(reference). Point 1 has compressor and steam pressures P2
and P6 = 9.1, 41.4 ata (132, 600 psia), profit = 1410 $/h, and
first-law efficiency = 61.7 percent. The location is correct with
respect to profit and compressor pressure only since the local
decisions were not yet optimized. Point 2 represents the locally
optimized system at the same P2 and P6. The profit increased
from 1410 to 1629 $/h. Points 3 to 8 are all by global optimiza-
tion. From point 2 to point 3, the profit increased further to
1743 $/h. From point 3 to point 8 the profit fluctuates in a band
between 1764 and 1795 $/h.

Proposed Methodology in Steps

In addition to the thermodynamic property equations and
conventional mass, energy, and entropy balances, the proposed
methodology uses Eqgs. (2), (3), (7), (8), (12), (14), (16),
(19), and (21) of Part 1. Since the computations require com-
puter use, the following description of the methodology focuses
on the creation of the required computer programs:

1 Create a thermodynamic model for the system at hand
that describes the system by its connectivity through numbers
for the states and numbers for components. Select the inputs
(decision variables) such that the performance parameters of
the components of the system, whenever possible, are input
variables, and such that the computations of the system’s perfor-
mance go with least iteration loops. The sequence of the compu-
tations does not need to follow the sequence of the components.
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A suitable computational hierarchy is to compute pressures that
can be determined through allowed pressure losses; then states
of known pressure, temperature, and composition; then pro-
cesses of the essential boundary parameters known; then masses
relative to a reference mass (usually assumed 1). As the compu-
tational sequence proceeds, pressures give rise to more states
to be computed, states give rise to more processes to be com-
puted, and processes give rise to more relative masses to be
computed. Finally the sizing parameters determine all mass rates
and hence powers, heat loads, exergy, and exergy destruction
rates. Although a thermodynamic model that can handle a fam-
ily of systems is feasible as the one used in this study, it is
often more convenient to create an individual thermodynamic
model for each system.

2 Prepare two sets of equations for each component: a cost-
ing equation for its capital cost as given by Eq. (3); an equation
for its dissipation (or for each of the thermal, mechanical and
chemical components of its dissipation) as given by Eq. (8) in
terms of the selected decision variables describing the perfor-
mance of the component. The costing equation requires a design
model. Dissipation equation(s) are generated by the system’s
thermodynamic model. The costing equations of Table 2 may
offer partial help in filling in this step. The prepared equations,
provided that the ranges of their validity are observed, can be
used by families of systems and not only by the system at hand.
In this case, the equations should be entered in a matrix, with
rows representing equipment and columns representing the pa-
rameters: unit costs { ¢, }, coefficients { k}, and exponents {n}.
A system uses any of these parameters by referring to their
locations in the matrix. This also permits expanding the matrix
in the future, updating its unit costs in time, and updating its
coefficients and indices with improved correlations.

3 Implement the thermodynamic model by a costing sub-
routine that includes the costing equations. This creates the
performance-cost model of the system. Allow the model to
access the parameters of the costing matrix for modification to
permit the investigation of the sensitivity of the objective func-
tion to changes in any of the parameters.

4 Create a local optimization routine with Eq. (7) as the
local objective function and a global optimization routine with
Eq. (16) as the global objective function. The dissipation prices
given by Eq. (19) and (21) are used in local optimization as
provisional prices. The routines call the performance-cost model
whenever a system computation is required and update deci-
sions whenever required. For local decisions, the updating equa-
tion is Eq. (12) and the decisions are updated in each system
computation. For global decisions, Eq. (14) is the updating
equation. Two system computations beside a current one are
needed to update each global decision. Optimization routines
can be adapted to families of systems.

5 Create a routine to display whatever results needed to be
displayed and to print whatever results needed to be printed.
This routine can be adapted to almost all systems to be investi-
gated.

Discussion

The proposed methodology is based on the concept of costing
equations and the local-influence idealization for certain deci-
sion variables in order to manage the large number of decision
variables involved in the design of complex energy systems.
Expanding the base of costing equations by more types of de-
vices and wider ranges of applicability is beneficial to the meth-
odology as well as to most second-law-related methodologies.
A few questions regarding the optimization of local decision
variables are left unanswered:

All performance decision variables are treated here as local
decisions with no convergence problems. When convergence
problems occur, an automated way of isolating the decision
variables failing the local-influence idealization is needed.
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Equation (19) for the marginal average price c,; does not
always predict the Lagrangian dissipation price ¢, . On the basis
that the set {Y;} is local, Eq. (19) ignores the interactions
2.(9Z,/0Y;) and Z(0D;/9Y;) where i does not equal j. These
interactions occur due to changes in mass rates. For the case of
fixed fuel rate, the changes in mass rates from reference to
optimum are relatively small. Therefore, Eq. (19) gives a satis-
factory prediction of the Lagrangian price c,. In all the other
cases, larger changes in mass rates occur and hence the unsatis-
factory prediction. A better prediction of the Lagrangian dissipa-
tion price is needed.

It is also worth considering whether augmenting the objective
function with the exergy balances of the components of a system
to obtain different dissipation prices rather than one price would
lead to improved minimization. On the other hand, local optimi-
zation may lose its speed and improvement may not be signifi-
cant. Optimum local decision variables do not change drastically
with small changes in dissipation prices, particularly when the
comparison shows that one dissipation price is in fact
a weighed-average of all system dissipations, ie., ¢; =
S ciD;/E D;.

The proposed methodology does not prove that the improve-
ment achieved is a global minimum for the objective function.
Probably no methodology can guarantee global minimum for
multivariable nonlinear problems and the question of possible
further improvements of the objective function remains to be
answered.

Concluding Remarks

¢ Considering performance decision parameters as local de-
cisions proves to be an acceptable idealization. The ideal-
ization enhances the optimization of performance deci-
sions significantly irrespective of their number. The direc-
tion of changing each performance decision to minimize
cost is revealed. However, the accuracy of the value of
any change depends on the quality of the costing equa-
tions and on the quality of the design models used to
derive them.

* For local optimizations, there exists an exergy destruction
price ¢ 4, Which minimizes the cost objective function J
by a trade-off between the cost of the system’s compo-
nents as dissipators and the cost of their corresponding
dissipations. Two average prices ¢,y and ¢, sometimes
guide to this particular price c,,, and if used by them-
selves, often produce improvement. The marginal average
price ¢,y is a fair prediction of ¢, when the system is
optimized for fixed fuel rate.

¢ Global optimization is still slow but the number of deci-
sion variables to handle as global is dramatically reduced.
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APPENDIX

Performance-Cost Modeling

The following is a brief description of the models used in
generating the costing equations as well as the system perfor-
mance-cost model. These models are one thermodynamic model
and six design models.

The Thermodynamic Model (El-Sayed, 1989): This is a
general program capable of computing the performance of a
good number of power generation and cogeneration systems in
terms of the overall performance parameters of its components.
A system is described by its decision parameters and connectiv-
ity with the help of clear instructions. Saved descriptions can
be run for analysis any time or modified to derive alternative
systems. Consistency of the results is always checked by overall
energy and exergy balances. The program can handle up to 70
stations and 40 components. However, to save time and mem-
ory, smaller versions of the general program can be derived to
handle specific configurations. The general model is used in
this study.

The Design Models: All design models target the evalua-
tion of a dominating flow passage surface for which a unit price
gives a fair prediction of the expected component cost in relation
to its performance parameters.

The Compressor (Cohen et al.,, 1987; Sehra et al., 1992):
Basic features are axial, two-dimensional analysis at the mean
radius, subsonic, 50 percent reaction, diffusion factor < 0.45,
and ideal gas properties. Blade geometry is kept constant. All
stages have the same temperature rise except the last. Tip blade
speed, axial velocity, root/tip radius ratio, and work factors are
kept constant at 350 m/s, 150 m/s, 0.5, and 0.98-0.83 (0.83
after the third stage), respectively. A polytropic efficiency is
assumed, velocity triangles computed, and the stage efficiency
is evaluated from cascade tests corresponding to the blade ge-
ometry. Computations are iterated until polytropic and stage
efficiencies are matched. Mass rate, pressure ratio, and tempera-
ture rise per stage are varied and number of stages, total surface
of fixed and moving blades, adiabatic efficiency, speed, and
recommended solidity are computed. An arbitrary value of so-
lidity can also be entered as input.

The Gas Turbine (Cohen et al., 1987): Basic features are
axial, two-dimensional analysis at mean radius, subsonic, 50
percent reaction, and ideal gas properties. Blade geometry is
kept constant. Loading and flow coefficients ¥, ®, mean blade
speed, and inlet temperature are Kept constant at 1.4, 0.8, 340
m/s, and 871°C respectively. The first two values happen to
minimize blades. Stage efficiencies of nozzle and rotor blades
are assumed, velocity triangles are computed, stage and tip
clearance losses are evaluated from cascade tests corresponding
to the blade geometry. Computations are iterated until the as-
sumed efficiencies and the losses are matched. Mass rate, pres-
sure ratio, and speed are varied and number of stages, total
surface of nozzle and rotor blades, adiabatic efficiency, and
recommended solidity are computed. An arbitrary value of so-
lidity can be entered as input. The model does not guarantee

‘that the speed matches that of the compressor.
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The Steam Turbine (Cohen et al., 1987; Hegetschweiler and
Bartlet, 1957): Same as the gas turbine but with few differ-
ences. Actual steam properties were used to compute the spe-
cific heat and the isentropic index instead of the constant values
assumed in the case of air and combustion gases. Inlet tempera-
ture and pressure and exit pressure became inputs instead of
the pressure ratio. Exit pressure was changed to cover both
condensing and back pressure turbines. In some cases the blade
heights were too short and high rotational speeds were entered
to reduce mean diameter and increase blade height. The total
surface of blades did not change with the change of speed.

Pumps (Sabersky et al., 1989): Basic features are centrifu-
gal, axial flow at inlet and radial at exit with velocity head
recovery. Loading (head) and flow coefficients ¥, ®, number
of impeller blades, root/eye radius ratio, velocity exiting casing,
specific volume, and maximum head per stage are kept constant
at 1.4,0.8,7, 0.4, 1.8 m/s, 0.001 m*kg, and 150 m, respectively.
Velocity triangles and flow passages are computed given spe-
cific speed. Mass rate, head, and specific speed are varied.
Speed, surface of impeller, diffuser surface, and efficiency are
computed. Specific speed is changed such that surface is mini-
mized. One costing equation did not fit all cases. One equation
was used for low flow rates and high-pressure heads (feed
pumps) and one for large flow rates and low pressure heads
(circulating pumps). Extending flow rates to higher than 225
kg/s need to be implemented.

Combustor (Cohen et al., 1987): Basic features are tube-
annular, burning natural gas. Inlet and exit temperatures, air/
fuel mass ratio, and number of cans are kept constant at 260°C,
871°C, 75, and 7, respectively. Air mass rate, pressure and
pressure loss are varied and the combustor surface computed.
60 m/s was set as a limit on velocity. Combustion intensity
varied around 2880 kW/m? atm.
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Heat Exchangers (El-Sayed, 1989; Rohsenow et al., 1985):
Basic features are forced convection heat exchange, single and
two-phase fluids, three generic types of exchangers (double
tube, fin-plate, and shell-and-tube). For the shell-and-tube type,
flow may be counter or cross-counter, tubes may be plain or
finned on the outside, and shell may be cylindrical or duct-type.
In two-phase cases, more than one equation is used for film
coefficients and friction factor multipliers. Pressure losses were
based on the worst case multiplier. The plate-fin type is layers
of plates with straight parallel fins on each side of each plate.
The fins on one side are perpendicular to those of other side.
Two sets of layers may be connected in series to allow mixing.
A surface geometry is selected. For shell and tube geometry,
tube length, diameter, and pitches, and shell diameter or width
and depth are entered. For the plate fin geometry, number of
plates, fins/inch on either side, their heights and thicknesses are
entered. Two groups of boundary parameters can be entered:
mass rates and temperature and pressures at all inlets and exits
or mass rates and inlet pressures and temperatures and effective-
ness. With both entries, film coefficients of heat transfer and
pressure drops are computed. The heat exchange surface is com-
puted two ways: surface by geometry and surface = Q/UAT.
With the first entry, computations are iterated until the two
areas are matched and the two pressure drops are met. With the
second, only the surface iteration is needed. The pressure drops
are output parameters. The iterations are both manual and auto-
mated to help minimizing the heat exchange surface. The super-
heater, the boiler, and the economizer assume duct-type shell
and tubes with outside circular fins. The condenser assumes
plain tubes and a cylindrical shell. Fin geometry on the outside
of the steam generator tubes and fouling factors in heat ex-
change are kept constant. Inlet parameters are varied. The tem-
perature profile is first computed and checked for crossings
and pinch point. Rate of heat exchange, effective temperature
difference of heat transfer, and heat exchange surface are com-
puted among other detailed heat transfer outputs. Pressure
drops, if outputs, are computed.
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Long-Term Testing of Advanced
Ceramics: Concerns, Insights,
and Recommendations

Advanced ceramics have reached a level of material development to warrant serious
consideration for use in advanced heat engine designs. Typically, design requirements
based on service conditions may include 25,000 h lifetimes under stresses and temper-
atures of up to 250 MPa and 1370°C, respectively, with probabilities of failure of
<0.1 percent. To assure that materials meet these stringent requirements requires
long-term testing under the service conditions. Tensile tests at 1370°C in ambient air
have been conducted on silicon nitride alloys to 5000 h with reports of 10,000 h
tests for silicon carbide. To provide useful data, such long-term tests must incorporate
such meticulous attention to detail as: strict temperature control ( £5°C); accurate
temperature measurement (1 percent of the nominal temperature); close control of
grip cooling (+0.1°C) and ambient environment ( +0.25°C); stable, high-resolution
extensometry (+0.5 um); reliable heating (MTBF > 10,000 h) and load control
(gravity-controlled, dead load), and responsive data acquisition systems (12-bit,
digital collection). Data thus obtained can be used as input into design codes such

M. G. Jenkins

Department of Mechanical Engineering,
University of Washington,
Seattle, WA 98195

as NASA CARES/LIFE to predict and confirm reliability/durability.

Introduction

Energy and environmental concerns have placed increasingly
greater demands on materials used in advanced engineering
designs. For example, as greater efficiencies are sought and
achieved in the design of gas turbine engines, so too have the
temperature, strength, and weight requirements of their compo-
nents changed to ‘‘push the limit’’ of the mechanical properties
of the various materials (generally metallic alloys) now used
in those applications. Much time and effort have been devoted
to the search for structural materials for a variety of high-tem-
perature applications that will keep pace with these engineering
demands; only recently have ceramic materials such as silicon
nitride and silicon carbide alloys reached the developmental
stage to receive focused attention as plausible successors to the
more traditional metallic alloys. A number of high melting point
ceramics exhibit, at elevated temperatures, greater resistance to
oxidation and chemical change, lower density, higher strength
and elastic modulus than even the best nickel-based super
alloys.

However, although ceramics as a class of materials have
found their way into a wide variety of applications, including
microelectronics, sensors and transducers, superconductors, bio-
ceramics, and cutting tools, their implementation in elevated-
temperature applications is still evolving. The reasons for this
may be the engineering community’s perception of the lack of
a credible data base, reluctance to change, and other factors,
such as cost. Nonetheless, it is in the high-temperature world
of turbine engines (where turbine inlet temperatures are pro-
jected at >1370°C) and other related aerospace applications
that advanced ceramics have their greatest potential, and simul-
taneously experience their greatest skepticism. Therefore, per-
haps the greatest challenge to the ceramic engineering commu-
nity is in turbojet engine technology and beyond (i.e., ramjet,
scramjet, etc.).

Contributed by the International Gas Turbine Institute and presented at the 40th
International Gas Turbine and Aeroengine Congress and Exhibition, Houston,
Texas, June 5—8, 1995. Manuscript received by the International Gas Turbine
Institute February 27, 1995. Paper No. 95-GT-237. Associate Technical Editor:

C. J. Russo.
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Although the perception of ceramics as brittle and susceptible
to thermal shock might indicate their limited, if not undesirable
use in high-stress, high-temperature environments, their high-
temperature strengths and oxidation resistances make ceramics
ideal materials for sustained use at high temperatures. Even so,
there are a number of factors contributing to the slow rise of
detailed investigation into the creep of ceramic materials. A
primary factor is that long-term creep testing and characteriza-
tion of creep fracture propertics of materials is an expensive
and time-consuming endeavor, although recent studies have re-
ported successful long-term tests of ceramics to 5000-10,000
h[1,2]. An additional factor is the limited availability of these
newly developed and still-emerging materials, which restrict
mechanical characterization to those ceramics that produce the
more immediate results.

In design, a suggested general rule is that the test data for
extrapolating long-term creep data to “‘real-world’” applications
should extend to ~10-20 percent of the desired service life
[3]. Thus, if an engine component design or service life is
25,000-50,000 h, over 2500-10,000 h of testing would be
required to estimate service performance. However, even this
general rule is suspect when one considers the probabilistic
nature of the failure of ceramics. Currently available probabilis-
tically based reliability design codes for ceramics based on
weakest link theory [4] assume linear-elastic stress conditions
for fast fracture. At present it is not certain what type of design
methodology should be implemented to account for such cumu-
lative damage mechanisms as creep {5—7]. Additionally, tur-
bine engine components may have complex three-dimensional
designs, experience severe stress and temperature gradients, and
must operate under time-varying stresses and temperature. All
these add to the reluctance of engineers to replace their time-
proven metallic alloys with brittle, somewhat unproven materi-
als. Nonetheless, long-term testing must be implemented to al-
lay these fears and establish the database necessary for designers
to incorporate advanced ceramics into new turbine engines.

In this paper, aspects of long-term testing of ceramic materi-
als are discussed in the following order. First, temperature con-
trol is addressed, followed by discussion of temperature mea-
surement. Next, grip cooling and ambient environment are dis-
cussed. Stable, high-resolution extensometry is reviewed, after
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Fig. 1 Creep deformation results

which reliable heating and load control are presented. Finally,
responsive data acquisition systems are detailed before sum-
mary and conclusions are provided that give specific recommen-
dations and guidelines for long-term testing of ceramics.

Review: Creep and Creep Rupture

Results of long-term testing of many materials follow the
schematic illustrations of Figs. 1(a—c). Under a constant load
or stress (Fig. 1(a)), the material response. is the time-depen-
dent deformation (creep strain) shown in Fig. 1(¥). Some ad-
vanced ceramics, such as a silicon nitride with 6 wt% yttria [8]
(as well as aluminas and other ceramics with predominantly
vitreous secondary phase) under varying stress and temperature
conditions, have shown all three regions of creep behavior as
illustrated in Fig. 1(b). However, other types of silicon nitride
with 4 wt% yttria [2, 9] show a dominant steady-state regime
with no tertiary regime.

Analysis of these creep data is typically based upon the as-
sumption that the minimum (or steady-state) creep strain rate
(demin/dt = &nin) (Fig. 1(¢)) dominates the overall behavior.
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For this case, the applied tensile stress, o,, and temperature
dependencies of &, are given by the expression [8, 9]:

émin = Adg exp(—Q./RT) (1)

where A is a pre-exponential factor, » is the creep (or stress)
exponent, Q. is the activation energy for creep, R is the universal
gas constant, and T is the absolute temperature.

The creep rupture life or time to failure, #, can be described
by a similar equation [8, 9]:

tr = B(0,)™ exp(Qy/RT) (2)

where B is a pre-exponential factor, Oy is the activation energy
for creep rupture (static fatigue), and N is the stress (or creep)
rupture exponent. As shown in Fig. 2, this creep rupture relation,
while also a function of temperature, may not always be a
simple relation. Indeed, so-called knees in the curves may indi-
cate changes in failure mechanisms (e.g., from dominant slow
crack growth of intrinsic flaws at high values of stress to cumu-
lative creep damage at low values of stress) [8, 9].

When failure is controlled by the accumulation of creep dam-
age, t,is often found to be a unique function of ¢, independent
of applied stress and temperature. This function is adequately
described by the Monkman~Grant relation [8, 9]:

tr = Clémin)" 3

where C and m are constants. A comparison of Eq. (3) (which
is expected to be valid when failure is controlled by the accumu-
lation of creep damage, i.e., activation energies for creep and
creep rupture are approximately equal) to Egs. (1) and (2)
indicates that ~N = n m.

As Egs. (1) and (2) and Figs. 1 and 2 indicate, the creep
deformation and creep rupture behavior are strongly dependent
on both applied stress (and hence load) and test temperature.
Stress is raised to a power (typically n = 2-6 in tension)
and temperature is the independent variable of the exponential
function.

Tensile Testing Setup

In the discussion and results that follow, references to the
testing experience of the author will deal primarily with uniaxial
tensile tests [2, 8, 9, 11]. The primary motivations for long-
term testing in tension are (1) uniform, uniaxial stress state
and (2) unambiguous interpretation of the applied stress and
measured strain results. It should be noted that ceramics, unlike
most metals, show directional anisotropy during high-tempera-
ture deformation. Therefore, creep test results for tension will
differ from creep test results in compression. Creep tests in
flexure will be complicated by this difference leading to in-
volved data reduction, which may lead to ambiguity in interpre-
ting the test results {10, 11].

Although details of the elevated-temperature, tensile testing
setup are given elsewhere [8, 9]; a brief description is provided

? Temperature, T3

g ;

g Jemperature, T2

(3]

‘§_ Change in

< |Failure Mechanism emperature, T1
T1>T2>T3 !

Time to failure, tf

Fig. 2 Creep rupture results

OCTOBER 1996, Vol. 118 / 705

Downloaded 02 Jun 2010 to 171.66.16.104. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm



-—l 16.0
—
1601165
R=100
6.35dla 350
Surface finish=
0.4 um-all over

Dimensions = mm

Fig. 8 Typical button-head tensile specimen

here for clarity. Button-head tensile specimens [8, 9] (see Fig.
3) (6.35 mm gage section diameter and 35 mm gage section
length) were fabricated using diamond-grit grinding wheels
from as-processed rods (typically 160—175 mm long and 20—
25 mm in diameter).

Tensile creep/creep rupture tests [8, 9] were conducted in
ambient air under electronic load control on commercial electro-
mechanical load machines having both load- and strain-control
capabilities. The specimen grips were located outside the com-
pact two-zone resistance-heated furnaces capable of generating
maximum temperatures of ~1600°C. The grips, which utilized
copper collets as interfaces with the button heads of the speci-
mens, were attached to the load frame with self-aligning, self-
contained, hydraulic couplers to minimize bending moments.
In some cases specimens were strain gaged and the percent
bending measured at room temperature to ensure that minimum
bending was imposed at the lower loads and stresses applied
during the creep tests. In all these cases bending at the antici-
pated creep stresses was on the order of 3 percent of the uniaxial
tensile stress [8].

Specimen displacements were measured over 25-mm gage
lengths using direct-contact extensometers employing remote
capacitance sensors (see Fig. 4). By carefully controlling the
temperatures of both the measurement hardware and grip, cool-
ing water [8] resolutions of ~0.5 um could be achieved with
these arrangements. Personal computers and digital data acqui-
sition systems were used to monitor and store various output
signals including time, displacement, load, load error, and test
temperature.

Temperature Control

Temperature, as any other engineering independent variable,
must be controlled during testing so as to provide valid informa-
tion about the material behavior. Generally a feedback control
system such as a PID controller is used (regardless of the tem-
perature transducer) to provide self-correcting temperature
about a desired setpoint.

Based on current ASTM recommendations [12], for the dura-
tion of the test the difference between the indicated temperature
and the nominal test temperature should not exceed the follow-
ing limits:

=1000°C
>1000°C

+3°C
+6°C

In addition, temperature within the uniformly heated gage
section should not exceed the following per 25 mm of gage
section length:

=500°C
>500°C

+5°C

+1 percent of the test temperature
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The term “‘indicated temperature’’ means temperature that is
indicated by the temperature measuring device using good qual-
ity pyrometric practice. It is recognized that true temperature
may vary more than the indicated temperature. The permissible
indicated temperature variations should not be construed to min-
imize the importance of good pyrometric practice and precise
temperature control. Both indicated and true temperature varia-
tions should be kept as small as practicable. It is well recog-
nized, in view of the extreme dependency of long-term behavior
of materials on temperature, that close temperature measure-
ment is necessary. The limits prescribed here represent ranges
that are common practice, based on experience and practicality.

Temperature overshoots during heating should not exceed the
limits stated above. The heating characteristics of the furnace
and the temperature control system should be studied to deter-
mine the power input, temperature set point, proportioning con-
trol adjustment, and control-thermocouple placement to limit
transient temperature overshoots. It is sometimes desirable to
stabilize the furnace at a temperature 10 to 25°C less than the
nominal test temperature before making the final adjustments.

The rate at which temperature can be increased from the
ambient to final test temperature depends on many factors, such
as: heating system, temperature controller, test material, and
test environment. In some materials, so-called oxidation due to
low-temperature chemical instabilities occurs at intermediate
temperatures (800-1000°C) much less than the upper limit
elevated temperatures (1370-1400°C) of long-term tests. In
these materials, the temperature ramp should be as rapid as
possible to minimize the exposure time to these intermediate
temperatures. Generally, good results have been obtained for
heating rates in which the specimen temperature is ramped from
ambient to the test temperature in ~30 minutes. The hold time
at temperature prior to the start of the test should be governed
by the time necessary to ensure that the specimen has reached
a steady-state temperature and that the temperature can be main-
tained within the limits specified above. In practice this may
require up to 2 h to ensure that the grips, the extensometer, and
other heated parts of the system have also reached steady-state
temperatures.

It has also been found, that if possible, the empty furnace
should be maintained at the test temperature for 12—24 h prior
to testing to create a stable-temperature ‘‘thermal mass’’ before
the initiation of the long term. This stable thermal mass provides
more consistent data during the initial hours of the long-term
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test, although consequences of this procedure at the several
thousand hour level are insignificant.

Temperature Measurement

The method of temperature measurement must be sufficiently
sensitive and reliable to ensure that the temperature of the speci-
men is within the limits specified in the previous section [13].
Although optical methods (i.e., infrared or emissivity) or pyro-
metric substances are viable methods of measuring gross tem-
peratures, for the temperature resolution required in long-term
materials testing the primary temperature measurement should
be with thermocouples in conjunction with electronic tempera-
ture controllers and/or readout units. Although potentiometers
and millivoltmeters have been recommended as suitable temper-
ature measurement devices in the past [13], more modern in-
struments eliminate unnecessary complication and ambiguity.

Such measurements are subject to two types of error. Thermo-
couple calibration and instrument measuring errors initially pro-
duce uncertainty as to the exact temperature. Secondly both
thermocouples and measuring instruments may be subject to
- variations over time. Common errors encountered in the use
of thermocouples to measure temperatures include: calibration
error, drift in calibration due to contamination or deterioration
with use, lead-wire error, error arising from method of attach-
ment to the specimen, direct radiation of heat to the bead, heat
conduction along thermocouple wires, etc.

Temperature measurements should be made with thermocou-
ples of known calibration. Representative thermocouples should
be calibrated from each lot of wires used for making noble
(e.g., Pt or Rh) metal thermocouples. Except for relatively low
temperatures of exposure, noble metal thermocouples are even-
tually subject to error upon reuse, unless the depth of immersion
and temperature gradients of the initial exposure are reproduced.
Consequently noble-metal thermocouples should be calibrated
using representative thermocouples. Oxidized noble-metal ther-
mocouples also should not be reused without clipping back to
remove wire exposed to the hot zone, rewelding, and annealing.
Any reuse of noble metal thermocouples after relatively low-
temperature use without this precaution should be accompanied
by recalibration data demonstrating that calibration was not
unduly affected by the conditions of exposure [12, 13].

Measurement of the drift in calibration of thermocouples dur-
ing use is difficult. When drift is a problem during tests, a
method should be devised to check the readings of the thermo-
couples on the specimen during the test. For reliable calibration
of thermocouples after use, the temperature gradient of the test
furnace must be reproduced during the recalibration. Note that
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Eq. (1) indicates that minimum creep strain rate is an exponen-
tial function of temperature and that creep rupture time as shown
in Eq. (3) is a function of the minimum creep strain rate raised
to a power. Thus, errors in temperature measurement can have
significant consequences on not only the outcome of long-term
tests but also subsequent interpretation and use of the results in
long-term predictions.

Generally, noble-metal thermocouples should not be attached
directly to ceramic materials due to chemical incompatibility.
The thermocouple junction may be brought close to the speci-
men (3-6 mm) and shielded from thermal radiation. Shielding
may be omitted if, for a particular furnace, the difference in
indicated temperature from an unshielded bead and a bead in-
serted in a hole in the specimen has been shown to be less than
one half the variation listed above. The bead should be as small
as possible and there should be no shorting of the circuit (such
as could occur from twisted wired behind the bead). Ceramic
insulators should usually be used on the thermocouples in the
hot zone. If some other electrical insulation material is used in
the hot zone, it should be carefully checked to determine
whether the electrical insulating properties are maintained at
higher temperatures.

When the length of the specimen gage section is 25—50 mm,
at least two thermocouples are employed, one near each end of
the gage section. For lengths of >50 mm, a third thermocouple
is added near the center of the gage section length [12].

Grip Cooling and Ambient Temperatures

A primary requirement for long-term tests at elevated temper-
atures is that the gage section must be exposed uniformly to
the test temperature. This requirement poses an interesting prob-
lem. If a conventional hot wall furnace is used in conjunction
with cold grips to test a straight-sided test specimen, the speci-
men will be exposed to a nonuniform temperature profile but
uniform stress profile. If the material displays little dependence
of strength on temperature, a failure outside the heated gage
section would be considered unacceptable. Therefore, it is often
necessary to define a gage section where the material is not
only exposed uniformly to the test temperature but where it is
also subjected to the maximum stress (see Fig. 5). This is
accomplished by reducing the cross section of the specimen,
thereby ‘‘forcing’’ the failures to occur in the uniformly heated
and stressed region.

For tests at elevated temperatures the grips can be located
outside the furnace and either liquid-cooled (cold grips), or
noncooled (or heated) (warm grips). Alternatively, the grips
can be exposed to the test temperature (hot grips). Thermal
analyses such as those shown in Fig. 6 have indicated substantial
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temperature gradients when using cold grips (AT =~ 1200°C in
AL ~ 50 mm). Such steep temperature gradients may introduce
thermal stresses and thereby promote non-gage section failures.
Progressively less steep temperature gradients exist for warm
and hot grips.

However, in practice cold grips have been found to produce
the most economical testing setups since they can be fabricated
conventionally from easily obtained engineering materials (e.g.,
stainless steels). In addition, because the grips are not exposed
directly to the high-temperature oxidizing environment of the
test chamber, the grips can be used repeatedly with no change
in performance. ‘

A major limitation of cold grips is that fluctuations in the grip
temperature can produce large fluctuations in the temperature
gradient in the specimen, thus introducing fluctuations in the
strain readings (see Fig. 7). Similarly, changes in the tempera-
ture of the ambient environment will affect the temperature at
the grips and measured strain fluctuations will result. Addition-
ally, temperature changes of the ambient environment can affect
the strain readouts from the extensometer sensor and conditioner
as well as the load readout from the load cell and conditioner.

To minimize these strain fluctuations, a series of corrective
actions were taken for the test setup of this study. These in-
cluded installation of a closed-loop laboratory chiller with wa-
ter-cooled condenser and a hot gas bypass circuit, which pro-
duced grip cooling water temperatures within +0.1°C of a set-
point (versus cooling tower water temperature fluctuations of
up to £2°C). A well-controlled HVAC system (closed room
with no windows and ~10 percent make up air) was placed
into operation, which reduced ambient temperature fluctuations
from +1°C to +0.25°C.

These modifications reduced strain fluctuations due to grip
and ambient environment from about 75 X 107¢ m/m to <10
X 107° m/m over a 24 h period, thus greatly reducing the
variability of the data and increasing the reliability of the creep
strain rate analyses. '

Stable High-Resolution Extensometry

Typical strains at creep rupture of advanced ceramics ( ~1.5—
3.5 percent) are a fraction of those of metals or polymers.
Thus, the creep strain evaluation of ceramics requires the use
of extensometers with fine resolutions. In addition, ceramics are
nonductile and very sensitive to stress concentrations, which
may complicate the use of contact-type strain measurement de-
vices. :

Strain measuring devices for structural ceramics may be clas-
sified as optical and mechanical. Optical extensometers (for
example, a constant mercury light source, which creates a
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shadow of the flags attached to the specimen [1] or a scanning
laser beam interrupted by the flags [1, 14]) have been used
successfully to determine strains during the tensile creep evalua-
tion of monolithic ceramics in tests lasting from several thou-
sand hours up to 10,000 h [1, 14].

However, these devices may require ceramic flags attached
to the specimen to monitor displacements. These flags may be
difficult to retain on the specimen and may, over time, creep
and deform thus altering the strain measurement. Finally, con-
taminants or oxidation products on the surface of the flags may
disrupt the strain measurements [14], necessitating shifting of
the light beam to intersect a “‘clean’’ portion of the flags.

An additional complication is the need for a clear optical
path into the hot zone of the furnace. Silica-glass windows are
typically used to contain the heat of the furnace. However, a
major problem with this type of system is the air density fluctu-
ations that disturb the index of refraction of the beam of light.
The source of density fluctuations can be divided into air seep-
age around the pull rods and the thermal gradient in the air
adjacent to the silica glass window.

The former source can be suppressed by insulating the pull

rods and averaging the displacement measurements. For the

latter problem, the window is mounted about 100 mm outside
the inner refractory wall of the furnace, thus avoiding the most
severe thermal gradients. However, surface degradation and
contaminants reduce the clarity of the silica glass over time,
forcing replacement every 200-300 h [14]. Nonetheless, opti-
cal extensometers have been shown to provide resolutions of
+2 um over 25 mm gage lengths [14].

The most successful mechanical extensometers involve long,
ceramic, contact rods and remote sensing elements (typically
capacitance sensors or strain-gaged elements ). The introduction
of bending moments by mechanical €xtensometers may be a
major concern and unless strains are measured using similar
extensometers on opposite sides of the specimen, the use of a
light force extensometer is favored (on the order of 50~100 g
contact force per rod). The use of knife edges on the ends of
the contact rods is favored over the V-notch because it mini-
mizes the chance of slipping on the surface of the specimen. It
has been found that initially, light contact with the specimen
will minimize slippage until oxidation products fuse the exten-
someter tips to the specimen, thus eliminating any chance of
slippage.

Two major concerns are (1) chemical and thermal compati-
bility of the extensometer contact rods and the specimen and
(2) thermal effects due to temperature gradients and ambient
environments. The first concern has been addressed by using
a-SiC extension rods. This material is chemically compatible
with most advanced ceramics and displays almost no creep
susceptibility and little degradation due to oxidation in the tem-
perature ranges of interest (800—-1400°C).

The second concern has been addressed by first blocking the
entrance potts in the furnace for the extension rods with ceramic
felt (zirconia) disks to minimize temperature fluctuations due
to convective air currents. In addition, the thermal effect due
to conduction from the hot zone to the sensing elements has
been minimized by either air or water cooling the contact rods
at a point near the transition from the rods to the pivot points
of the extensometer. Finally, containment of the extensometer
assembly in a sealed enclosure has helped create a stable, ther-
mal mass of air around the extensometer while isolating from air
currents due to the HVAC system in the ambient environment.

Having addressed the two major concerns of contacting ex-
tensometry, the extensometer shown schematically in Fig. 4 has
been shown to give resolutions of 0.5 um over 25 mm gage
lengths [2, 8, 9], a major advantage over optical systems. An
additional advantage is that since no performance-inhibiting
degradation occurs over the course of a test, no components
need be replaced until test completion.
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Reliable Heating and Load Control

Heating can be by indirect electrical resistance (heating ele-
ments), direct induction, indirect induction through a susceptor,
or radiant lamp with the specimen in ambient air at atmospheric
pressure unless other environments are specifically applied and
reported. Note that direct resistance heating is not recommended
due to possible differences of the electrical resistances of the
constituent materials, which may produce rionuniform heating
of the specimen.

Two-zone compact furnaces employed in these studies [2, 8,
9, 11] utilize six resistance heating elements equally spaced
around the specimen for each zone (total of twelve elements).
The molybdenum disilicide (Super Kanthal ™) elements are U-
shaped and introduce a reduction from 12 mm diameter at the
point of the electrical connections to 6 mm at the resistively
heated U. These elements, while electrically connected in series,
have proven quite robust and have provided a minimum of
10,000 h of life under normal use. Generally, elements fail due
to physical damage or arcing at the electrical connection and
not because of degradation at temperature. Elements that do
fail, fail either upon furnace restart after a cooldown or due to
excessive physical handling during replacement of other failed
elements. During normal service, elements have not been known
to fail, and thus continuous tests of over 10,000 h should be
possible without element replacement. In case of element failure
during the course of the test, elements can be electrically iso-
lated such that failure of one element will not result in the loss
of the entire test. Such systems have been employed for tests
of up to 10,000 h in duration in which elements have been
changed while the test was ongoing [1].

As discussed in previous sections, recommended temperature
control and measurement involve thermocouples. For tests at
temperatures <1500°C, Type S (Pt—Pt10Rh) unshielded, ther-
mocouples are preferred for their responsiveness and accuracy.
However, degradation of the unshielded thermocouples in the
temperature range of 1300-1400°C limits their useful (reliable
accuracy) life to ~1000 h. Thus, replacement of thermocouples
can be anticipated and replacement performed before failure of
a thermocouple produces large temperature fluctuations. As an
alternative, type B (PtoRh—Pt30Rh) thermocouples have been
shown [13] to provide superior long-term stability (compared
to Type S) with some sacrifice in responsiveness.

The PID temperature controllers used in these studies have
proven reliable and trouble free in the automatic control mode.
However, during thermocouple replacement, the manual mode
can be used to hold the output of the silicon-controlled rectifier
(SCR) at the level called for in the automatic control mode.
Thus, even though the temperature controlier has no input (with
the thermocouple removed), the elements will still receive a
level of power required to maintain the furnace near (within
+10°C) the required test temperature. Once the thermocouple
has been replaced (after ~5 min) the automatic control mode
can again be selected to return the temperature to that which is
required.

Load must be controlled within a reasonable level since creep
strain rate is a function of stress raised to a power (2-6). In
previous studies [2, 8, 9] commercial electromechanical load
machines having both load- and strain-control capabilities were
used in electronic load control for creep testing. Typically, de-
sired load (strain)-time profiles were controlied by analog, trap-
ezoidal function generators. While electronic load cells and as-
sociated conditioners provided load resolutions on the order of
1 N, power glitches or stray electrical signals over the course
of long-term tests caused the test machine to ‘‘lose control.”’
During isothermal creep tests, any change in the applied stress
(load) can have significant effect on the creep damage evolution
and subsequent creep rupture.

Therefore for maximum reliability, dead weight loading
(preferably through the mechanical advantage of a lever arm
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as shown in Fig. 8) with an electronic load cell for digital
recording of the applied load is recommended. Since dead
weight loading relies upon gravity to maintain the load, loss of
load control (short of a change in the gravitational constant of
the universe) is nearly impossible. While use of an electronic
load cell provides high resolution of the applied load, the finite
masses used to produce the dead weight, limit the applied loads
to those produced by combination of various discrete weighits.
However, the increased reliability of the dead-weight, gravity-
controlled system more than compensates for the loss of the
infinite range of loads.

It should be noted that although the implication of a dead-
weight creep test is a constant load, not constant stress test.
Ordinarily (for metals) this would be of concern since large
longitudinal tensile strains (and subsequent necking) can pro-
duce significant reductions in cross-sectional areas of -tensile
specimens with subsequent and significant changes in the ap-
plied stress. However, given the relatively small creep strains to
failure for advanced ceramics (1~4 percent) and the somewhat
smaller Poisson’s ratios, so-called stress errors would be on the
order of 1-3 percent, nearly on the order of the variability of
dimensional measurements of the cross section.

Data Acquisition System

A computer-based data acquisition system is required for a
number of reasons, not the least of which is the ease of data
analysis. In addition, a 12-bit word provides a resolution of ~2
mV for a 10 V signal typical of most transducer circuits. Finally,
infinitely adjustable data acquisition rates provide rapid data
collection rates necessary at initial loading and just prior to
fracture and lower data collection rates during steady-state
creep.

At a minimum, strain, time, load, and temperature should be
monitored. In addition, a signal such as load error or a break
detector should be monitored to provide a positive indication
of specimen fracture.

To minimize the effects of noise, it has been found useful to
sample signals every 50 ms but to record the signals as a running
average at discrete intervals somewhat greater than the sampling
rate. To this end, two simultaneous recording modes have been
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used. The first mode is continuous and records a datum every
30-60 s. The second mode is a loop, which records 100-1000
data points every 60 s. In this way, the basic creep data are
recorded continuously at a rate sufficient to give a reasonable
number of data points (1000—-2000). Meanwhile, events such
as the final fracture are recorded only around the instant in
which they occur.

Storage of the data as either binary or text files simplifies
data reduction by allowing direct importation of file contents
into data analysis programs.

Summary and Conclusions

To provide useful engineering data, long-term tests of ceram-
ics must incorporate such meticulous attention to detail as: strict
temperature control (*£5°C); accurate temperature measure-
ment (1 percent of the nominal temperature); close control of
grip cooling (+0.1°C) and ambient environment (+0.25°C);
stable, high-resolution extensometry (*0.5 pm); reliable heat-
ing (MTBF > 10,000 h) and load control (gravity control, dead
load), and responsive data acquisition systems (12-bit, digital
collection).

When these aspects are closely controlled and monitored,
creep tests can be reliably conducted to nearly 5000 h with
measured minimum creep strain rates as low as 107'%/s at
1370°C as shown in Fig. 9. Such low strain rates are in the
range of those that are physically measurable.

It is worth noting that replicate tensile creep tests of a silicon
nitride at 1370°C for two stresses (145 and 180 MPa) were
conducted in a recent study [9] using the methods, techniques,
and equipment discussed here. In these tests, despite meticulous
attention to experimental detail, the materials showed enough
variability that the shapes of the resulting strain—time curves
varied markedly over the 16 tests conducted at 145 MPa, While
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the steady-state strain rates varied only by at most a factor of
3, the times to failure varied by an order of magnitude (45—
450 h). Thus, the tester must be aware that strict attention to
detail and controlled testing will eliminate the test methods,
techniques, or equipment as sources of this variability, thus
allowing him to focus on the inherent material variability.
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CT Multiscan: Using Small Area
Detectors to Image Large
Components

The small size and dynamic range of the best two-dimensional X-ray detectors are
impediments to the use of three-dimensional X-ray computed tomography (3D-XRCT)
for 100 percent inspection of large ceramic components. The most common industrial
3D-XRCT systems use a ‘‘rotate-only’’ geometry in which the X-ray source and the
area detector remain stationary while the component placed between them is rotated
through 360 deg. This configuration offers the highest inspection speed and the best
utilization of X-ray dose, but requires that the component be small enough to fit
within the X-ray/detector ‘‘cone.’’ Also, if the object is very dense, the ratio of an
unattenuated X-ray signal to that through the longest path in the component may
exceed the dynamic range of the detector. To some extent, both of these disadvantages
can be overcome by using ‘‘Multiscan CT,”’ i.e., scanning small overlapping regions
of a large component separately while maximizing the X-ray dose to each. The
overlapping scans can then be combined seamlessly into a single scan with optimal
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contrast.

Introduction

Three-dimensional X-ray computerized tomography (3D-
XRCT) is one of the best nondestructive inspection methods
for dimensional analysis, density measurement, and flaw detec-
tion in complex objects. Of the possible implementations of
3D-XRCT, the rotate-only geometry is most favored because
of its efficient dose utilization and speed. Its only moving part
is the turntable, which rotates the object through 360 deg during
data collection.

In the conventional method, the scanned object must fit within
the cone formed by the X-ray source and the area detector,
and contrast discrimination within the object is limited by the
dynamic range of the area detector/data collection system. The
best area detectors for use with 3D-XRCT are less than 25 cm
in width (Bueno et al., 1992; Sivers et al., 1994 ) and the diame-
ter of an object that can fit within the source/detector cone is
much less than this, However, with a simple modification of
the usual geometry, it is possible to scan overlapping regions
of a large object separately and merge them into a single data
set. This process is called ‘‘multiscan CT.”” In many cases, it
is also possible to isolate regions having a natrow range of
thickness, which permits the maximization of X-ray flux in
these sections and stretches the effective dynamic range of the
system.

For multiscan CT, the origin of the turntable must be rotated
at a constant radius around the X-ray source in the plane perpen-
dicular to the area detector between data acquisition periods.
However, it can be shown that one rotation of the turntable about
the X-ray source is equivalent to two orthogonal translations in
the perpendicular plane plus a rotational increment of the turnta-
ble about its own axis. Since most 3D-XRCT systems have two

orthogonal translation stages to position the turntable, multiscan’

CT can usually be performed without modifying the hardware
of a conventional 3D-XRCT system.

Multiscan CT image quality is limited primarily by the preci-
sion with which the imaging system is calibrated. It is necessary
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to measure the distance between the X-ray source and the turnta-
ble very accurately, and the overlapping regions of multiple
scans must be scaled to equalize incident X-ray flux. Errors in
these determinations cause concentric rings to appear at the
boundaries of adjacent scans. However, these artifacts can be
reduced to nearly the level of the image noise in a well-cali-
brated~system. Because of the ability to stretch the dynamic
range of the detector, signal-to-noise ratios in a multiscan recon-
struction will be higher than those on a single-scan reconstruc-
tion made by the same scanner, and contrast discrimination will
be correspondingly superior. It is also possible to increase spa-
tial resolution over that obtainable in a single scan by the use
of geometric magnification, but multiscan samples are often
averaged to reduce the data load to manageable proportions.

X-ray source strength and scan time impose operational limits
on the size of an object that can be scanned on a given system
using multiscan CT. Although the distance between the source
and the detector is usually adjustable, X-ray flux must be suffi-
ciently great that a statistically meaningful signal can be col-
lected in a reasonable time. In addition, the total fan angle
cannot exceed 7/2 because of algorithmic concerns.

The steps needed to perform muiltiscan CT on a convéntional
3D-XRCT system are outlined here. Several experimental im-
ages are also presented, and a qualitative comparison is made
between a multiscan reconstruction taken on the system shown
in Fig. 1 and a single-scan reconstruction of the same object
taken on a two-dimensional (2D) medical system. We have
found multiscan CT to be a useful tool for increasing the effec-
tive capacity and contrast discrimination of our scanner.

Scanner Design

The 3D-XRCT system diagrammed in Fig. 1 was described
earlier by Ellingson et al. (1991). Its primary components are
a 10-pm microfocus X-ray source, a 9-in. dia image intensifier
(I1), and a CCD camera coupled to the II output screen via a
lens. The object to be imaged is placed on a turntable that is
rotated through 360 deg about its vertical axis during a conven-
tional scan. The turntable is mounted on a translational (X)
stage that moves perpendicular to the area detector, and the X
stage is itself mounted on a translational (Y) stage that moves
parallel to the area detector.
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Fig. 1 Diagram of experimental microfocus 3D-XRCT system using an
image intensifier area detector coupled to a CCD camera by a lens

Also shown in Fig. 1 are optional lead ‘‘blockers’ that can
be interposed between the X-ray source and the detector. These
are lead strips that are ~0.5 cm wide and thick enough to stop
virtually all of the incident X-ray flux. Any signal recorded by
the detector in the path of these blockers will be spurious. In
practice, each scan is taken twice: once without the blockers
and once with them. Then, a low-order curve is fit to the data
taken through lead paths to approximate any low-spatial-fre-
quency offset, which is subtracted from the scan without
blockers.

Typical factors contributing to the detector signal offset are
the background signal of the detector circuit (dark current), X
rays scattered from other paths into the detector, and light scat-
tered within the output phosphor of the II (veiling glare). Of
these, veiling glare makes the largest contribution to an 11 detec-
tor offset, and can be several hundred percent higher than the
true signal in paths through a dense object, Dark current can
be measured independently by turning off the X-ray source. X-
ray scatter is usuaily only 10-20 percent of the true signal if
the object is not too close to the detector. Thus, lead-blocker
measurements can be omitted if an area detector that does not
suffer from veiling glare is used. Alternatively, it is also possible
to correct for I veiling glare with the 2D deconvolution method
of Siebert et al. (1985) if a large vertical portion of the screen is
used and pixel averaging is not performed in the data acquisition
circuitry of the camera.

Ordinarily the X and Y stages are used to position an object
within the cone made by the X-ray source and the II. However,
they can also be used to position the turntable for multiscan
data acquisition as shown in Fig. 2. Here, R is the radius of the
object to be scanned, STO is the source-to-object distance, STD
is the source-to-area-detector distance, AX is the perpendicular
increment from dead center, and AY is the parallel increment
from dead center. Dead center is defined to coincide with the
perpendicular from the source to the detector plane. AX and
AY are constrained by the requirement that the turntable axis
must remain a constant distance STO from the X-ray source.
In addition, when the turntable is repositioned from dead center,
its initial orientation must be rotated by an amount A@ = tan ™'
(—AY/STO).

It is shown in the appendix that the combination of two
translations plus a rotation of the turntable is equivalent to
rotating the turntable about the X-ray source. As is evident from
Fig. 2, rotating the origin of the turntable about the perpendicu-
lar axis of the X-ray source in one direction is equivalent to
rotating the source and detector rigidly about the same axis in
the opposite direction, but the former is much easier to imple-
ment, It is also seen that the samples obtained by a rotated
source and detector must be interpolated to provide the same
sampling as a ‘‘virtual’> extension of the detector in its original
orientation. Analogous resampling is required to standardize the
sample increments in data obtained by rotating the turntable.
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Fig. 2 Diagram of 3D-XRCT data acquisition system

Multiscan CT

Figure 3 is an outline of the procedures used to implement
multiscan CT on a conventional rotate-only 3D-XRCT system.
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Fig. 3 Block diagram of multiscan CT data acquisition and processing
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The processes divide naturally into system calibration, data col-
lection, data correction, and reconstruction. Steps in dashed
blocks relate to veiling glare/scatter correction and can be omit-
ted if the area detector used has very low veiling glare and X-
ray scatter is not significant.

System Calibration

Each time the dead-center source-to-object distance or the
source-to-detector distance is changed to accommodate a new
object, the 3D-XRCT system must be recalibrated. If only the
dead-center position of the turntable has changed, the source-
to-object distance and the sample spacing at the turntable axis
must be determined. Usually, this is done by comparing two
digital radiographs (views) of a precise grid in two known
positions. It is also necessary to find the projection of the turnta-
ble axis on the area detector by scanning a vertical wire placed
near the center of the turntable.

If the X-ray source or the detector is moved and the area
detector is an I1, it is also advisable to remake the spatial distor-
tion look-up table. The output image from an II is distorted by
the curvature of its glass envelope and by nonuniformities in
the field accelerating the electron beam. The distortion look-up
table is derived from a view of a uniform matrix that is placed
on the face of the II. Note that all views taken on an II should
be distortion-corrected before further processing.

Data Collection

Because of the spatial nonuniformity of the X-ray source
intensity, it is necessary to take a view in air for data calibration.
In an idealized form, the signal I(y, z) detected by an X-ray
detector when an X-ray of initial intensity 7,(y, z) traverses a
pathlength x of a material having linear attenuation coefficient
14 can be written as

Iy, 2) = L(y, 2)e™", (1)
Taking the natural logarithm of both sides of Eq. (1) gives
/I/x:lnlu(ya Z)_lnl(y’ Z)’ (2)

which is used to reconstruct a 2D distribution of u. The digital
radiograph of air provides the values I,(y, z). Although the air
view contains no scatter, it will be corrupted with veiling glare
if the detector is an IT and the exposure should be repeated with
intervening lead blockers.

The number n of multiscans to be collected for a particular
object is a function of the width of the X-ray cone at the center
of the turntable at dead center and the width of the object. The
object should be positioned so that there is a generous overlap
between adjacent scans, and regions of air should be available
on either side. In addition, it may be desirable to adjust geomet-
ric magnification so that regions of the object having similar
pathlengths appear within one scan. For instance, if the object
is a solid cylinder, magnification should be adjusted so that
center regions of the cylinder fill the detector during the dead-
center scan. This will allow higher flux to be used for this scan
without saturating the detector.

Because of the requirement for a precise measurement of the
source-to-object distance, it is useful to take a multiscan data
set of some high-resolution object. By cross-correlating overlap-
ping regions of these scans, it is possible to determine any
sample misalignment and adjust the estimate of the source-to-
object distance to remove if.

If the area detector is an II, or if X-ray scatter is expected to
be high, 2n scans of the object should be taken; n with lead
blockers and n without (or a software veiling-glare correction
should be performed). Note that the veiling-glare/scatter offset
is more harmful to readings taken through long pathlengths or
highly attenuating objects because it will be a higher percentage
of the true transmitted signal. The process of taking natural
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logarithms of these corrupted readings will introduce large non-
linearities. These are manifested in a reconstructed image as
decreased density in the center of uniform objects and as
“‘streaking’’ between high-density objects.

Data Correction

Data taken with an II should be corrected for distortion and
veiling-glare/scatter before further processing. The distortion
correction is a simple 2D interpolation made from the look-up
table created in the system calibration. The veiling-glare/scatter
correction involves fitting low-order curves to the data values
recorded under the lead blockers in each view of each scan and
subtracting the resulting offset curve.

Before multiscan data combination, the spatial variation of
the X-ray intensity must be removed by subtracting the natural
logarithm of each view from the natural logarithm of the air
view as shown in Eq. (2). Because X-ray flux is tailored to
each scan and may fluctuate during a single scan, it is also
necessary to normalize source intensity before combining data.
We have chosen to scale the intensity of one exterior scan to the
air view and to chain the scaling of adjacent scans by comparing
overlapping regions.

Before the n scans can be combined, it is necessary that the
horizontal and vertical sample increments in each scan be the
same. It is evident from Fig. 2 that the data collected when the
turntable is rotated from dead center has different sample spac-
ing. It is shown in the appendix (see also Sivers, 1995) that
equilinear samples (y, z) on the virtual detector plane can be
interpolated from equilinear samples (y“, z") in off-centered
multiscans by the formulas

_ STD(STD sin A8 + y cos A9)
(STD cos A6 — y sin Af)

”

(3)

and

_ (STD z)
(STD cos A8 — y sin AB)’

"

4

(4)

where STD is the perpendicular distance between the detector
and the X-ray source. Sample spacing is adjusted by means of
2D interpolation.

To minimize artifacts in multiscan data sets, it is useful to
examine the n scans of the high-resolution calibration object
to estimate any alignment mismatch. This is done by cross-
correlating overlapping regions from adjacent scans, determin-
ing the amount of misalignment, and computing the value of
the source-to-object distance that will eliminate it. Once the
appropriate value has been determined, it can be used for all
multiscans taken with the same geometric configuration. ’

It is possible to obtain extremely high spatial resolution by
using geometric magnification and multiscan data acquisition.
However, the processing time increases as the square of the
number of samples, and it is usually preferable to average sam-
ples by the number of multiscans to reduce the data load.

The expression for transmitted radiation given in Eq. (1) is
a simplification that is valid only for mono-energetic X-ray
sources. Conventional bremsstrahlung X-ray sources have a nor-
malized probability distribution of energies P(E) in the range
(Emin, Emax), and linear attenuation coefficients also have an
energy dependence w(E). With these modifications, Eq. (1)
becomes

I
I(y,z) = L(y, 2) f P(E)e "D*dE
E,

“min

(5)

Subtracting the natural logarithm of Eq. (5) from the natural
logarithm of an air path does not give a simple product of
linear attenuation coefficient and pathlength. The nonlinearities
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Fig. 4(a) Relatively homogeneous segment from 2-mm-thick multiscan
3D-XRCT slice of Al,0,/Al,0; combustor liner

Fig. 4(b) Segment from 2-mm-thick multiscan 3D-XRCT slice of ALLO,/
Al,O; combustor liner showing voids and inclusions

introduced by a polyenergetic X-ray source produce ‘‘beam-
hardening’” artifacts similar to those caused by veiling-glare/
scatter offset. If only one type of material is present, it is possi-
ble to build a beam-hardening calibration table by recording the
signals transmitted through known thicknesses of the material
and linearizing them.

Scanners of the design shown in Fig. 1 have the disadvantage
that a sample at a fixed distance from dead center is always
recorded by the same detector element. Because detector ele-
ments are not precisely identical, their sensitivity will differ,
resulting in concentric-ring artifacts in reconstructed slices near
the plane perpendicular to the area detector. These rings can be
mitigated somewhat by computing scan-wide averages for a
given sample and generating equalizing factors.

Multiscan Reconstructions

Combined multiscan data sets are reconstructed in the same
manner as single-scan data sets. We have used the 3D algorithm
of Feldkamp et al. (1984). Objects that we have scanned suc-
cessfully with a 20-cm-dia II include a 20-cm-dia Al,0,/ALO;

714 / Vol. 118, OCTOBER 1996

Fig. 4(c) Segment from 2-mm-thick multiscan 3D-XRCT slice of Al,0,/
AlL,O; combustor liner showing delamination (left)

combustor liner, a 20-cm-dia SiC/SiC combustor liner, and a
17-cm-dia Si;N, turbine rotor.

Combustor liners are hollow, right-circular, ceramic-compos-
ite cylinders with wall thicknesses of 0.3-0.4 cm and densities
of 3—4 g/cm’. Figure 4 shows three selected arcs from a recon-
structed 2-mm-thick slice of an Al,O,/AlLO, combustor liner.
In all of the images presented here, the dark areas represent
high density and the light areas represent air. Five scans were
used to make the composite data set, and this segment of the
reconstructed image has 803 X 803 0.00044-cm” pixels. Al-
though the segment in Fig. 4(a) shows a relatively homoge-
neous region, some density variation can be seen. The segment
in Fig. 4(b) contains obvious voids and inclusions, and the
segment in Fig. 4(c) shows a clear delamination.

Figure 5 shows three selected arcs from a reconstructed 2-
mm-thick slice of a SiC/SiC combustor liner. Five scans were
used to make the composite data set, and this segment of the
reconstructed image has 715 X 715 0.0003-cm® pixels. The
segment shown in Fig. 5(a) is a relatively ‘‘good’’ section
with uniform structure and density. The lighter sections of the
segments shown in Figs. 5(b) and 5(c¢) have mean densities
of only about half that of the good section.

For comparison, the SiC/SiC combustor liner was also
scanned on a 2D medical CT scanner. Figure 6 shows the same
slice and segment shown in Fig. 5(c). This reconstructed image
is also' 2 mm thick and has 512 X 512 0.0019-cm? pixels.
Obviously, more than one image is required to make a definitive
comparison of two CT scanners, but the superior spatial resolu-
tion of Fig. 5(c) makes it the clear choice for this particular
application.

Figure 7 shows one 2-mm slice from the multiscan recon-
struction of a 17-cm-dia Si;N, turbine rotor (the inner core is
~10 cm in diameter). Three scans were used to make the
composite data set, and this image has 757 X 757 0.0006-cm?
pixels. The image is comparatively free from image artifacts,
but suffers from a rather high level of statistical noise. In this
case, noise would be improved by taking five or seven
multiscans and increasing the flux through the central regions
substantially.

Conclusions

We have found multiscan CT to be effective for increasing
the capacity and dynamic range of our 3D-XRCT system. The
ability to increase the flux through the thicker regions of an
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Fig. 5(a) Relatively homogeneous segment from 2-mm-thick muitiscan
3D-XRCT slice of SiC/SiC combustor liner

Fig. 5(b) Segment from 2-mm-thick multiscan 3D-XRCT slice of SiC/
SiC combustor liner showing low-density (50 percent) regions

object is so useful that multiscan data collection has been used
even on objects that fit within the beam cone. It also makes
possible the use of other excellent area detectors, such as fiber-
optic scintillators, which are even smaller than an II (Bueno et
al., 1992). Its major drawback is an increase in data-collection
and preprocessing time, but reconstruction time is somewhat
less than that needed for a single scan if samples are averaged
by the number of constituent scans. There can also be ring
artifacts at the interfaces between adjacent data sets, but these
can be reduced to nearly the level of statistical noise in a well-
calibrated system,
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APPENDIX

To derive Eqs. (3) and (4), consider the two coordinate
systems illustrated in Fig. 2: The laboratory (L) coordinate
system is centered on the X-ray source; the detector (D) coordi-
nate system is centered on the detector with the positive X"
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Fig. 7 2-mm-thick multiscan 3D-XRCT slice of 17-cm-dia SI;N, turbine
rotor

axis perpendicular to the detector and the positive Y? axis
parallel to the detector. In each case, the corresponding Z axis
is perpendicular to, and projects out of, the page, and the origin
is in the plane of the X-ray source. A point on the detector has
the coordinates P” in the laboratory system and P” in the detec-
tor system. When the X axes of the two systems coincide, the
coordinates of the point are related by the equation

P"= PP — STD X%, (A1)

where STD is the distance between the coordinate origins and
X* is the unit vector in the X direction. If the detector is rotated
rigidly about the Z “ axis by the rotation operator

cos A8 —sin A6 0
RY¥ =1 sinAf cosAd 0], (A-2)
0 0 1

a point on the detector has new coordinates P in the laboratory

system,
P% = R2(PP — STD X!). (A-3)

Equation (A-3) can also be inverted to express the coordinates
of a point in the laboratory system in the coordinates of the

rotated detector system as follows:
P? = (R2)7'PL + STD X*, (A-4)

An X-ray in the laboratory system can be expressed as the line
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L drawn between the origin O and a point on the virtual detector
V, where

0 -STD
O = 0 . V = Y s
0 b4
T COS &
and L=\ Tcos g (A-5)
T COS Y

In Eq. (A-5), 7 is a distance scalar and cos «, cos 8, and cos
+ are the direction cosines of the line in the X*, Y, and Z*
directions, respectively. If L is substituted for P% in Eq. (A-4),
the point P” in the rotated detector coordinated system that is
intersected by the X-ray can be expressed in terms of the coordi-
nates of the point on the virtual detector:

0
PD — yu

"

Z

(A-6)

Solving for 7 and substituting in the expressions for y” and z”
gives Eqgs. (3) and (4).

Examination of Fig. 2 shows that rotating the detector by
— Af about the Z* axis while the turntable remains stationary
is operationally equivalent to rotating the turntable by A6 about
the Z* axis while the detector remains stationary. It remains to
be demonstrated that this rotation of the turntable about the X-
ray source is equivalent to two translations in the laboratory
coordinate system plus a rotation of the turntable about its own
Z axis, Consider a third coordinate system centered on the turn-
table (') with its origin in the plane of the X-ray source. When
the X" axis of the turntable coincides with the X* axis of the
laboratory system, a point P” on the turntable has coordinates
P’ in the laboratory system.

P“ =P’ - STO X* (A-7)

Here, STO is the distance between the X-ray source and the
turntable axis. If the turntable is rotated rigidly about the Z *
axis by the rotation operator R2? defined in Eq. (A-2), the
coordinates of the rotated point P% are given by

Pi = RYP7 — STO cos AGXE — STO sin AGY" (A-8)
The difference between Egs. (A-8) and (A-7) is
(R — DPL = (R — )ypP7
+ STO(1 — cos AP)X* — STO sin AFY L. (A-9)

Thus, the rotation of the turntable about the laboratory Z * axis
is equivalent to a rotation of the turntable about its own Z7
axis, followed by two orthogonal translations in the laboratory
system.
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Development of Air-Cooled
Ceramic Nozzles for a Power-
Generating Gas Turbine

The development of air-cooled ceramic nozzle vanes for a power-generating gas
turbine has been reported. To make up the limited temperature resistance of present

ceramic materials, the utilization of a small amount of cooling air has been studied

Y. Tsukuda

for the first-stage nozzle vanes of a 1500°C class gas turbine. A series of cascade
tests were carried out for the designed air-cooled Si;N,; nozzle vanes under 6 atm

and 1500°C conditions. It was confirmed that the maximum ceramic temperature can
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be maintained below 1300°C by a small amount of cooling air. In spite of the increased
thermal stresses from local cooling, all Si;Ny nozzle vanes survived the cascade tests,
including both steady-state and transients of emergency shutdown. The potential for

an air-cooled ceramic nozzle was demonstrated for a 1500°C class gas turbine

application.
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Takasago R&D Center,
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Takasago, Hyogo, Japan

Introduction

Considering the future energy situation, great expectation has
recently been placed on combined cycle power plants as an
effective power-generating method for the utilization of fossil
fuels. It is becoming the mainstream of thermal power genera-
tion. In order to improve the efficiency of the plant, it is neces-
sary to develop a highly efficient gas turbine, which can be
operated at higher temperature and with less cooling air than
the present level. This can be realized by introducing ceramics,
of which the major attraction is their potential capability to
operate at high temperatures and in corrosive environments that
far exceed the capability of any conventional superalloy sys-
tems.

Since 1984, Tokyo Electric Power Company (TEPCO) has
been conducting a cooperative research program for an applica-
tion of ceramics to a power-generating gas turbine with three
Japanese gas turbine manufacturers ( Toshiba Corporation, Mit-
subishi Heavy Industries, Ltd., and Hitachi Ltd.). The research
program has been conducted to apply ceramics for hot parts of
a power-generating gas turbine to improve the thermal efficien-
cies of combined cycle power-generating plants. The first objec-
tive of this program was to verify adaptability of Si-based mono-
lithic ceramics to the combustor, the first and second-stage noz-
zles, and the first-stage rotor of a 20 MW class gas turbine with
turbine inlet temperature of 1300°C. Combustion tests on the
combustor and cascade tests on the nozzles were conducted
under full-pressure (15 atm) and full-temperature (1300°C)
conditions. Hot spin tests were conducted on the rotor after
confirming the validity of the design by cold spin tests and
thermal loading cascade tests in a static test rig. The soundness
of ceramic components was verified by these tests simulating
the actual 1300°C class gas turbine conditions and a positive

Contributed by the International Gas Turbine Institute and presented at the 40th
International Gas Turbine and Aeroengine Congress and Exhibition, Houston,
Texas, June 5-8, 1995, Manuscript received by the International Gas Turbine
Institute February 13, 1995. Paper No. 95-GT-105. Associate Technical Editor:
C. J. Russo.
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prospect for an application of ceramics to gas turbine compo-
nents was reported in our previous papers [1-14].

Further efforts have been conducted in a cooperative program
between TEPCO and Mitsubishi Heavy Industries (MHI) to
apply ceramics for a gas turbine with a TIT higher than 1300°C.

In the case of applying ceramics to a 1500°C class gas turbine,
materials should withstand high-temperature gas flow above
1600°C due to the temperature distribution of combustion gas.
Although some B-C-doped SiC ceramics have demonstrated
excellent high-temperature strength, high creep resistance, and
high oxidation resistance under a static environment, it seems
difficult to apply these materials for gas turbine components
due to their low toughness and poor thermal shock resistance.

To make up the limited temperature resistance of present
ceramic materials, the utilization of a small amount of cooling
air has been studied for turbine nozzles. The inner face of the
nozzle is cooled by air impingement and this air is discharged
and mixed into the main gas flow through cooling slits located
at trailing edge of the nozzle: An air-cooled nozzle vane was
designed so that the maximum surface temperature can be main-
tained below 1300°C by a small amount of cooling air. Cascade
tests were carried out for the air-cooled SisN, nozzles to evalu-
ate the validity of the design.

A silicon nitride nozzle with a small amount of cooling air
may be useful in the first-stage ceramic nozzle with TIT of
1500°C. This paper will review the design of the air-cooled
ceramic nozzle developed for a power-generating gas turbine
from structural and material standpoints, and will present the
results obtained from tests conducted under various operational
conditions.

Ceramic Materials

In recent years a wide variety of silicon-based ceramics has
emerged with potential as structural components in gas turbines.
Silicon nitride (Si;N,) and silicon carbide (SiC) are currently
regarded as the most promising candidates for gas turbine appli-
cation. The available materials represent a large family with
wide property variations and different responses to the gas tur-
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Table 1 Properties of ceramics

. Si;N, SiC
Material (SN-88) | (C-600)
Manufacturer NGK AGC
Density at RT 3.5 3.2
Young’s modulus at RT
412
(GPa) 260
Thermal expansion coefficient at
RT. ~800°C 3.5 43
(x10%/°C)
Thermal conductivity at
4
RT (W/mk) 63 >
Bending strength at RT 790 577
4pts.
HT
(MPa) (1400°C) 760 423
‘Fracture toughness 7 51
(MPam!?) .

bine environment. Silicon carbide is one of the leading candi-
dates for gas turbine application because of its high strength,
good oxidation, and wear resistance at elevated temperatures.
SiC also has extremely good creep strength and microstructural
stability, and higher thermal conductivity than SisN,. The major
disadvantages of SiC when directly compared with Si;N, are
its lower fracture toughness and lower thermal shock resistance.
The low toughness of SiC is due to its low critical stress inten-
sity factor and low fracture surface energy. The low thermal
shock resistance of SiC is due to the combination of its higher
thermal expansion and higher elastic modulus in comparison

Si;N, ceramics have excellent strength, toughness, and ther-
mal shock resistance at temperatures below 1300°C, although
they tend to degrade at temperatures above 1300°C. However,
high-performance Si;N, ceramics have been developed recently
that demonstrate little degradation of strength and excellent
oxidation resistance up to around 1400°C.

Although corrosion resistance in the combustion gas environ-
ment and long-term durability at high temperature are not yet
established, the reliability of ceramic components is expected
to improve if SisN, can be adopted instead of SiC. It also
appears that advances in Si,N, technology are being made much
more rapidly than advances in SiC technology. Therefore, Si;N,
ceramics are considered as the major candidate material for the
present case.

These materials range from commercially available to highly
developmental. Even though some are termed commercially
available, they are in a continual state of development and
change. Thus, the intended application and the processing matu-
rity must be considered in selecting materials. In order to select
appropriate materials, material evaluation tests have been car-
ried out for many ceramics that are commercial and under devel-
opment. Tests were conducted at room temperature to establish
a baseline, and at the appropriate elevated temperature ranges
where the properties are expected to begin to change rapidly.

The material and mechanical properties of the ceramics that
were used for the cascade testings are presented in Table 1.

Structural Design

In designing the first-stage nozzle vane for a 1500°C class
gas turbine, the radial temperature distributions were taken into
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Fig. 1 Assembly construction of cooled ceramic nozzle

consideration by assuming the pattern factor of the combustor
is 0.10 at an average gas temperature of 1500°C. Then the
maximum gas temperature at the inlet of the first-stage nozzle
is about 1600°C.

Judging from the limited temperature resistance of present
ceramic materials, it is necessary to find a way for these materi-
als to withstand high-temperature gas flow of 1600°C. In order
to cope with the difficulty, an air-cooled ceramic nozzle vane
system has been developed that avoids exposure of ceramic
material to the high temperatures exceeding its tolerance level.
By avoiding high temperatures in the nozzle vanes, commer-
cially available monolithic materials can be used.

In the preliminary design and stress analysis, it was predicted
that the maximum surface temperature of ceramics can be main-
tained below 1300°C by utilizing a small amount of cooling air.

The assembly construction of the designed air-cooled ceramic
nozzle vane is shown in Fig. 1. The details of the cooling slits
are presented in Fig. 2. The components of the nozzle assembly
are presented in Fig. 3. A one-piece solid ceramic construction
was adopted for the airfoil and inner/outer shroud configuration.

Although the three-piece construction for an airfoil and outer/
inner shrouds seems to be effective to reduce thermal stress,
one-piece construction was chosen in the present case. This is
to avoid the unknown factors at the contact surface of ceramics
and problems associated with gas leakage between ceramic

divided evenly

Cooling Slit

Fig. 2 Configuration of cooled ceramic nozzle vane
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(Trailing Edge)

(Leading Edge)

Fig. 3 Component of cooled ceramic nozzle vane

parts, which might be a cause of unexpected failure of ceramics.
Moreover, delicate handling is required in assembling the di-
vided construction. :

The cooling air is introduced into the nozzle vane through
impingement plates, which are located at the outside of inner
and outer metal shrouds, and enters into the inside of insert
after cooling down the inner and outer metal shrouds. The inner
surface of the ceramic nozzle vane is cooled by impingement
and convection. The cooling air is discharged and mixed into
the main gas flow through cooling slits located at the trailing
edge of the ceramic nozzle vane.

A hybrid construction was adopted with metal shrouds and
a metal insert along with the ceramic part. The ceramic airfoil
and the inner and outer ceramic shrouds were one-piece con-
struction and this ceramic part was tightened and fixed from
both sides with the metal shrouds and the metal insert. There
were a number of small holes on the surface of the insert to
cool the inner surface of nozzle vane by air impingement. Buffer
materials were inserted between metal shrouds and ceramic
shrouds to make the tightening loads uniform and to insulate
heat transfer between them. In addition, to reduce the thermal
expansion differences between these metal and ceramic parts,
a metal insert of low thermal expansion Ni-base alloy was used.
Furthermore, a thermal barrier coating was applied to the inner
surface of the metal shrouds. To facilitate manufacture of the
three-dimensional configurations of the vanes, the difference
between each adjacent airfoil cross section was minimized, re-
sulting in a vane configuration with little twisting. In addition,
for the leading edge of the airfoil where the heat flux tends to
be quite high, a blunt nose configuration was adopted to keep
its heat transfer coefficient as low as possible.

The cooling slits located at a trailing edge of the nozzles are
machined using the ultrasonic wave.
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Fig. 4 Temperature distribution (steady state at 1500°C)

In determining the amount of cooling air, two levels were
considered. One was the standard cooling in which the amount
of cooling air was determined so as to maintain the ceramic
temperature at 1300°C. The other was the mild cooling in which
the amount of cooling air was reduced so as to maintain 1400°C
of ceramic temperature. The amount of cooling air was 1.4
percent of total cycle core flow for the standard cooling and
1.2 percent for the mild cooling.

Stress Analysis

Nozzle vanes experience thermal stresses due to uneven tem-
perature distributions. An FEM stress analysis was carried out
for the Si;N, nozzle vane with standard cooling under both
steady-state and transient conditions. According to the results
of stress analysis, it was found that the most critical stress would
be the transient thermal stress generated during emergency shut-
down (tripping).

Figure 4 shows the calculated temperature distribution for a
steady state condition, and the corresponding stress distribution
is presented in Fig. 5. It is observed that the maximum surface
temperature of ceramic nozzle vane can be maintained below
1300°C as intended in design. The maximum tensile stress is
about 210 MPa, which is generated at either leading edge or
trailing edge portion on inner surface of outer shroud,

During shutdown transients, the shroud remains relatively
hotter than airfoil section due to the volume effect. The tempera-
ture difference between shroud section and airfoil section results
in the generation of thermal stresses that tend to be maximized
at either leading edge or trailing edge on inner surface of outer
shroud. It was found that reducing the shroud thickness was
effective to reduce thermal stresses generated during emergency

Thermal Stress
(MPa)
Tensile

1 200

Compression

Fig. 5 Thermal stress distribution {steady state at 1500°C)
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Fig. 6 Transient thermal stresses after emergency shutdown

shutdown as shown in Fig. 6. It may be necessary to consider
a trade-off between stress levels and structural integrity.

Cascade Tests

In order to evaluate the design concept of the air-cooled
ceramic nozzle vane, a series of intermediate pressure tests
were carried out at 6 atm pressure condition. Although the full-
pressure condition for the designed first-stage nozzle is 14.9
atm, the lower pressure tests such as 6 atm cascade testings
allow an assessment of the validity of the air-cooled hybrid
construction and the soundness of ceramics against thermal
stresses that are induced by steady/transient state conditions.

Test Facilities. Figure 7 shows the schematic diagram of
6 atm cascade testing equipment, which has been used to evalu-
ate the air-cooled ceramic nozzle vane. The overall test facility
is presented in Fig. 8 and a cross section of the cascade testing
section is shown in Fig. 9. The cascade testing equipment con-
sists of the housing unit as well as the combustion air and
cooling air systems, fuel, exhaust, and cooling waterlines. The
testing housing unit consists of the combustor basket, transition
piece, inlet duct, ceramic vane cascade, and a casing in which
these components are contained. Mounted on the rear end of
the casing is a window for an infrared radiation thermometer
and a sight glass to observe the ceramic vane under testing.

As shown in Fig. 10, the cascade consists of 4 ceramic vanes
and 2 metal dummy vanes at both ends. The view of the tested
cascade for the first-stage nozzle vanes is shown in Fig. 11.

Major Speclfications
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Fig. 7 Schematic diagram of cascade test facllity
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Fig. 10 Configuration of nozzle cascade test

Fig. 11 View of nozzle vane cascade
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Table 2 Major measuring items

Major Measuring Items Measuring Method
1. Main Gas Flow Orifice
(combustion air flow)
2.  Fuel Amount (kerosine) | Flow Meter
3. Main Flow Pressure Pressure Tap
(inlet & outlet)
4. Main Gas Flow Temp. Ceramic Total Temp.
Distribution Probe
5. Ceramic Stator Vane Thermocouple &
Temp. Distribution " | radiation thermometer
6. Metal Core & Meta} Thermocouple
Shrouds Temperature
7. Metal Core Cooling Air |Orifice
Flow '
8. Metal Core Cooling Air |Pressure Tap
Pressure
9. Metal Core Cooling Air | Thermocouple
Temperature
10. Ceramic Stator Vane Video Observation
Observation from vane suction side
Measurement. The major measuring items and methods

are presented in Table 2. The gas temperature was measured
by uncooled ceramic total temperature probes, and main air
flow and cooling air flow were measured with orifices. The
airfoil and shrouds were provided with bores through which
thermocouples (0.5 ¢ inconel sheath thermocouple; K type)
were inserted to measure temperature distribution. The tempera-
ture distribution in the metal core and metal shrouds was mea-
sured by means of thermocouples inserted in the metal. Suction
side surface temperature of the ceramic vane was measured
with infrared radiation thermometer mounted on casing at rear
end. The ceramic conditions under testing were observed
through the sight glass. The temperature fluctuations at ignition
or emergency shutdown were recorded by means of a chart
recorder.

Test Conditions and Procedures, Cascade testing condi-
tions are presented in Table 3. The combustion gas temperature
and gas flow velocity simulated the full-load conditions of the
designed ceramic nozzle vane. The tests were conducted in
two steps, i.e., the steady-state test with normal shutdown and
emergency shutdown test. The most rigorous was the emergency
shutdown test. Due to immediate cutoff of fuel, the gas tempera-
ture dropped at once from 1500°C down to air temperature
of nearly 400°C. Under emergency shutdown conditions, the
ceramic vanes are suddenly cooled down and are subjected to
severe thermal stresses. The tested nozzles were disassembled

Table 3 Cascade test conditions

Design -
(Rl Joad conditiony | o Coniton

Turbine Inlet Temp.  Tg 1500 °C 1500 °C
Inlet Total Press. Pgin 14.9 ata 6 ata
Static Exit Press, Pgex 8.9 ata 3.6 ata
Press. Ratio X 1.67 1.67
Velocity (IN/EX) Vin/Vex 117/635/m/s 117/635/m/s
Gas Flow Gg 46.4 kg/s" 2.1 kpts™?

*] 44 gas flow passages
*2 5 gas flow passages

Journal of Engineering for Gas Turbines and Power

1600
1500°C
20
1400} 1400
1300/ 10

o) 17
81200{
® 1050
.81000 27min
[0
(=X
E 800f
= - Fuel Shut-Oft
4 650°C
3] o B
& 600 k

400}

200

100
|

A
Ignition Extinction

Time

Fig. 12 Test pattern for test 1

and each part was inspected after a series of tests. Visual inspec-
tion and fluorescence penetrant inspection were carried out care-
fully for each part.

Results and Discussion. A series of cascade tests (Tests
1-3) were carried out to evaluate the designed air-cooled nozzle
vanes. All tests were conducted at pressure of 6 atm and temper-
atures up to 1500°C. After confirming the validity of the design
concept by Test 1, two emergency shutdown tests (Tests 2 and
3) were conducted to evaluate the durability of the designed
ceramic nozzle vanes against severe thermal shock generated
by abrupt fuel cutoff.

Test 1: Steady-State Operation Without Emergency Shut-
down. The objective of Test 1 was to confirm the validity of
the design concept for the air-cooled ceramic nozzle vane. Four
air-cooled ceramic nozzle vanes made of Si,N, were attached
to the cascade test rig. All tested ceramic vanes were solid one-
piece configuration for an airfoil and outer/inner shrouds. Two
of them (No. 2 and No. 4 vanes) were the standard cooling
type and the rest (No. 1 and No. 3 vanes) were the mild cooling
type. The test pattern is presented in Fig. 12. The test was
conducted only at steady-state conditions with normal shutdown
and no emergency shutdown test was performed. After the test,
each vane was disassembled and inspected carefully by the
visual appearance and fluorescent penetrant inspections. There
was no evidence of erosion on the surface of the tested air-
cooled ceramic nozzle vanes. As for the two different cooling
levels, there was little difference in the nozzle surface condi-
tions. No cracks were found through the inspection and it was
confirmed that the tested air-cooled ceramic nozzle vanes were
sound after the steady-state test under 1500°C and 6 atm condi-
tions.

Test 2: Emergency Shutdown Test. In order to evaluate the
structural reliability of the developed air-cooled ceramic nozzle
vanes against transient thermal stresses generated by emergency
shutdown, Test 2 was conducted. Three air-cooled one-piece
ceramic nozzle vanes made of Si;N, (No. 1, No. 2, and No. 4
vanes ) and one uncooled three-piece ceramic nozzle vane made
of Si;N, (No. 3 vane) were assembled and tested under 6 atm
pressure and up to 1500°C temperature conditions. Among three
air-cooled vanes, two of them (No. 1 and No. 2 vanes) were
the standard cooling type and the rest (No. 4 vane) was the mild
cooling type. An uncooled ceramic vane, which was developed
mainly for a 1300°C application in our previous efforts, was
included just for a comparison. The test pattern is presented in
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Fig. 13 Test pattern for test 2

Fig. 13. During the test, the gas temperature was quite uniform
at the test section and the maximum gas temperature was below
the expected one. Therefore, the gas temperature was intention-
ally increased to 1610°C for a short period to expose ceramics
to the design condition. The emergency shutdown test was car-
ried out by abrupt cutoff of fuel at the average gas temperature
of 1500°C and pressure of 6 atm. The tested vanes were disas-
sembled for the post-test inspections. The soundness of each
vane was confirmed by the visual appearance inspection and
fluorescent penetrant inspection.

The erosion of ceramics was observed at trailing edge portion
of uncooled SisN, vanes due to the exposure of ceramics to
high temperatures exceeding its tolerance levels. On the other
hand, there was no evidence of such erosion on the surface of
air-cooled Si;N, vanes. It is considered that this proves the
effectiveness of the cooling by a small amount of air. In consid-
ering severe thermal stresses generated during emergency shut-
down, the degradation due to the corrosion may lead to a fatal
damage on ceramic parts. Therefore, it is very important to
maintain ceramic temperatures below tolerable levels.

Test 3: Ceramic Temperature Measurement. The detailed
temperature measurements were performed in Test 3 for the
ceramic nozzle vanes. The tested vanes were two air-cooled
one-piece ceramic vanes made of Si;N, (No. 1 and No. 2 vanes)
and two uncooled one-piece ceramic vanes made of SiC (No.
3 and No. 4 vanes). The uncooled SiC nozzles were included
mainly to conduct the detailed temperature measurement. The
test pattern is presented in Fig. 14. The main objective of this
test was to conduct the detailed temperature measurement at
the design condition. Therefore, the test was carried out in short
dwell time and fewer temperature steps at off-design conditions.

After performing the steady-state tests, the emergency shut-
down test was conducted at 6 atm pressure and 1500°C tempera-
ture conditions.

Figure 15 shows the results of temperature measurement of
the air-cooled ceramic vane (No. 2 vane) under 6 atm and
1500°C conditions. The ceramic temperatures were measured
at outer shroud and two different radial locations (50 and 95
percent vane heights) at the leading edge portion of the airfoil
section. As seen in this figure, the ceramic temperatures are
maintained below 1300°C as intended in the design.

Figure 16 shows the comparison of measured temperatures
between air-cooled type (No. 2 vane) and uncooled type (No.
3 vane). The effect of the cooling by a small amount of air is
clearly demonstrated in this figure. Thus, it is confirmed that
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the ceramic material temperature can be maintained below
1300°C even if the gas temperature is 1500°C by utilizing a
small amount of cooling air.

Figure 17 presents the results of measurement for ceramic
internal temperatures at the time of emergency shutdown
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Fig. 15 Measured ceramic temperature (T, = 1500°C)
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(abrupt cutoff of fuel). The gas temperature at 50 percent vane
height was abruptly dropped from 1550°C to nearly 700°C at 2
seconds after emergency shutdown and to air temperature of
400°C afterward. The ceramic airfoil was cooled down most
quickly at midspan section of leading edge portion. The thick
portions of the outer shroud were cooled down moderately.
Thus, a large temperature difference was observed between the
leading edge portion of airfoil midspan section and the outer
shroud, which resulted in the generation of thermal stresses.
The maximum temperature difference in measured points is
about 400°C. This phenomenon coincides with the prediction by
thermal stress analysis described in the stress analysis section.

After the tests, each vane was disassembled and inspected
by the fluorescent penetrant inspection. Although no cracks
were found for the air-cooled Si;N, ceramic nozzle vanes, the
uncooled SiC ceramic nozzle vanes experienced cracks. This is
partly because the thermal stress generated on SiC vane is higher
by 30-40 percent compared with the Si;N, vane due to the
difference in material properties, such as Young’s modulus,
thermal expansion, and thermal conductivity. In order to apply
SiC for the nozzle vanes, it seems to need further efforts to
understand the actual operational conditions and to improve the
design and application technologies.

Summary

The development of air-cooled ceramic nozzle vanes for a
power generating gas turbine has been reported. To make up
the limited temperature resistance of present ceramic materials,
the utilization of a small amount of cooling air has been studied
for the first-stage nozzle vanes of a 1500°C class gas turbine.
The inner face of the ceramic vane was cooled by air impinge-
ment and convection, and this cooling air was discharged and
mixed into the main gas flow through cooling slits located at
trailing edge of the nozzle.
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Fig. 16 Comparison of ceramic temperature for cooled and uncooled
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Fig. 17 Temperature change after emergency shutdown

A series of cascade tests were carried out for the designed
air-cooled Si;N, nozzle vanes under 6 atm and 1500°C condi-
tions. It was confirmed that the maximum ceramic temperature
can be maintained below 1300°C by a small amount of cooling
air. In spite of the increased thermal stresses by local cooling,
all Si;N, nozzle vanes survived in the cascade tests including
both steady-state and transients of emergency shutdowns and
the possibility of air cooled ceramic nozzle was demonstrated
for 1500°C class gas turbine application.

It is planned to verify the validity of the air-cooled ceramic
nozzle vanes in a forthcoming test under full-pressure (15 atm)
and full-temperature (1500°C) conditions. It is also necessary
to confirm the long-term durability and reliability of ceramics
under actual operational conditions.
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‘Operation of Gas Turbine
Engines in Volcanic Ash Clouds

Results are reported for a technology program designed to determine the behavior

M. G. Dunn of gas turbine engines when operating in particle-laden clouds. There are several
ways that such clouds may be created, i.e., explosive volcanic eruption, sand storm,
military conflict, etc. The response of several different engines, among them the

A. J. Baran Pratt & Whitney JT3D turbofan, the Pratt & Whitney J57 turbojet, a Pratt & Whitney

engine of the JT9 vintage, and an engine of the General Electric CF6 vintage has
been determined. The particular damage mode that will be dominant when an engine
experiences a dust cloud depends upon the particular engine (the turbine inlet temper-
ature at which the engine is operating when it encounters the dust cloud), the
concentration of foreign material in the cloud, and the constituents of the foreign
material (the respective melting temperature of the various constituents). Further,
the rate at which engine damage will occur depends upon all of the factors given
above, and the damage is cumulative with continued exposure. An important part of
the Calspan effort has been to identify environmental warning signs and to determine
which of the engine parameters available for monitoring by the flight crew can
provide an early indication of impending difficulty. On the basis of current knowledge,
if one knows the location of a particle-laden cloud, then that region should be avoided.
However, if the cloud location is unknown, which is generally the case, then it is
important to know how to recognize when an encounter has occurred and to under-
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stand how to operate safely, which is another part of the Calspan effort.

Introduction

The reality of the danger posed by volcanic clouds to com-
mercial aircraft operation has been dramatically illustrated dur-
ing the past ten years. For the past four or five years, the airframe
and engine companies have become involved in trying to under-
stand the nature of the problems associated with aircraft interac-
tions with volcanic clouds. Campbell (1990) presented an in-
depth review of the problem along with suggested operational
procedures at a Boeing 747 Flight Operations Symposium. As
part of this review, he described four 747 aircraft encounters
with volcanic ash clouds, beginning with the June, 1982, en-
counter of a British Airways aircraft near Bandung, Indonesia,
and concluding with an encounter in December, 1989, of a
KLM aircraft with the Mt. Redoubt cloud near Anchorage,
Alaska. More recently, in June of 1991, there were numerous
(14 or more) encounters between commercial aircraft and vari-
ous Mt. Pinatubo volcanic clouds. In these encounters, the air-
craft and the propulsion system both can sustain significant
damage. However, the discussion presented herein will be con-
fined to the power plant.

The adverse influence of the dust cloud has been observed
to occur in most modern power plants, e.g., the Rolls Royce
RB211, the Pratt/Whitney JT9D, and the General Electric CF6.
Measurement programs designed to ascertain the response of
gas turbine engines when operated in dust-laden environments
provide the fundamental data necessary to develop a predictive
capability in order to recommend operating procedures. The
specific type of dust of interest in the experiments described
herein is material that becomes airborne as a result of an explo-
sive volcanic eruption.

Gas turbine engines are routinely tested for the effect of
ingestion of solid particles according to the procedures of Mili-
tary Specification MIL-E-5007D, commonly known as the ‘‘Ar-
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izona road-dust test.”” During the last several years the material
used in this test was changed from a mixed silicate mineralogy
to crushed quartz. Encounters with volcanic clouds are felt to
be much different than those experienced with MIL-E-5007D.
The principal differences are material chemical composition and
particle concentration in the cloud.

A technology program ongoing at Calspan Advanced Tech-
nology Center for many years in the area of gas turbine propul-
sion research utilizes a unique facility and experimental tech-
nique. In these experiments, operating gas turbine engines are
exposed to an adverse environment like that associated with a
volcanic ash cloud without endangering either an airplane or a
flight crew. The response of several different engines, including
the Pratt & Whitney JT3D turbofan, the Pratt & Whitney J57
turbojet, an engine of the Pratt & Whitney JT9 vintage, and a
General Electric engine of the CF6 vintage to typical volcanic
ash clouds has been determined.

The behavior of the individual components that make up a
volcanic cloud are studied separately using one of two combus-
tor rigs: (1) an Allison TS6 combustor can and a row of T56
high-pressure turbine inlet vanes or (2) a Pratt & Whitney F100
annular combustor and sector of high-pressure turbine vanes
(Kim et al.,, 1993). The combustors just described are equipped
with a dust injection system, an external air compression sys-
tem, and a heat exchanger that is used to increase the tempera-
ture of the compressed air prior to introduction into the combus-
tor. Data obtained using these test sections provide guidance to
the researcher prior to initiation of full-scale engine measure-
ments. A reasonable estimate of the behavior of individual cloud
materials and the threshold temperature at which some compo-
nents of the material might melt and deposit on the vanes can
be determined with these test systems.

The damage mode that will be dominant for a partlcular
encounter depends upon the particular engine (the turbine inlet
temperature at which the engine is operating at the time of
encounter), the constituents of the cloud, and the respective
melting temperature of the cloud constituents. Further, the rate
at which engine damage will occur depends upon the items just
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mentioned and upon particle density (or concentration) of the
cloud.

Several different damage modes may be responsible for alter-
ing engine performance during or after exposure to a particle-
laden cloud and the potential of each mode should be recog-
nized. The dust cloud represents an unanticipated engine degra-
dation and may be manifested in one or more of the following
ways: (a) deposition of material on hot-section components,
(b) erosion of compressor blading and rotor path components,
(c¢) partial or total blockage of cooling passages, (d) engine
control system degradation, and (e) oil system, bleed air supply,
or fuel contamination. In addition to the power plant difficulties
just noted, there are several aircraft problems that are also of
concern, e.g., (f) fogging of the windscreen and landing lights,
(g) contamination of the electronics because of dust ingested
through the Environmental Control System (ECS), (4) erosion

of antenna surfaces, and (i) plugging of the pitot-static system. -

Most of these phenomena have been experienced in the ash
cloud encounters reported by Mitchell and Gilmore (1982),
Chambers (1985), and Smith (1985). Compressor erosion
takes the form of severe tip and blade leading edge damage and
causes a loss of surge margin even if deposition does not occur
in the hot section. Tabakoff and Hussein (1971a), Hussein and
Tabakoff (1973), Grant and Tabakoff (1975), Tabakoff and
Balan (1981), and Tabakoff and Hussein (1971b) are represen-
tative of laboratory studies of erosion conducted for an isolated
compressor blade row. Fogging of the windscreen as a result
of flying through particle-laden air has made landing difficult
and dust contamination of the ECS has added to the millions
of dollars worth of damage to aircraft.

The intent of the work described in this paper is to: (1)
ascertain how a flight crew might recognize a particle-laden
environment if natural light or cloud conditions preclude direct
visual observation, (2) to describe the type of engine damage
that should be anticipated, (3) to describe which of the diagnos-
tics provide an indication of engine degradation and how one
might operate to generate significant thrust after the engines
have been severely damaged. Early results of the Calspan re-
search were reported by Dunn et al. (1987a), Batcho et al.
{1987), and Dunn et al. (1987b).

Experimental Apparatus

This type of research requires a unique facility, one that
allows large engines to be subjected to realistic environmental
conditions under controlled laboratory conditions. The engine
test cell at Calspan has been built within a large building, per-
mitting tests unhampered by weather. The test setup includes
the engine test stand, operating equipment, and instramentation.
Two major features of the experimental apparatus are a noise
suppression system and a dust injection system.

The noise suppression system is an air-cooled unit consisting
of a primary intake silencer, a secondary intake silencer, an
engine test stand enclosure, and an exhaust silencer system
(made up of an augmented tube, an exhaust plenum, and an
exhaust silencer) (Fig. 1). This test cell has the capability of
handling engines with an air weight flow as large as 300 lbm/
s. A blanket made of triple woven 3-in. diameter steel cable is
hung around the engine to provide protection in the event of a
thrown component. A Halon fire suppression system is available
for use if an engine fire were to occur.

The Dust Injection System (DIS) is an important part of the
test apparatus and was designed to accurately regulate the dust
environment. The dust injection system must provide a con-
trolled range of particle sizes and concentrations, all evenly
dispersed in the incoming air. The DIS, shown schematically
in Fig. 2, consists of a dust tube, dust injection nozzles, weigh-
belt feeder and dust reservoir, and a bellmouth. Prior to initiation
of the measurement program, the specific components of the
dust are specified, the fraction of each component is specified
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by particle size, these components are mixed in an electric
mixer, and a known amount of the mixture is loaded into the
dust reservoir. The weigh-belt feeder that delivers the dust from
the reservoir to the ejector includes process monitoring instru-
mentation to allow precise control of dust being fed to the
test engine. The dust is delivered to the injection nozzles by
compressed air. At the completion of an experiment, the mate-
rial remaining in the reservoir is removed and weighed. A more
detailed description of the experimental apparatus is given in
Dunn et al. (1987a).

Cloud Preparation and Analysis

The engines discussed here were all operated in air laden
with particulate material composed of a mixture of basically
three types of soils (sand, feldspar, and clay), and a volcanic
ash. The soil materials were either commercially available or
were obtained from southern California. The sandy soil is com-
posed of decomposed granite and the clayey soil is weathered
material from surrounding rock outcrop units. During the mea-
surement program, two different volcanic ash materials have
been routinely used: Mt. St. Helens ash and Twin Mountain
black scoria. The Mt. St. Helens ash was obtained from a loca-
tion near Portland, Oregon, and the black scoria was obtained
from Twin Mountain quarry near Des Moines, New Mexico.

An analysis of the scoria indicated that the basaltic glass
fraction was approximately 835 percent. The remaining 15 per-
cent of the material was metrosphere, plagioclases, and pyrox-
ene. A similar analysis of the Mt. St. Helens ash indicated a
basaltic glass fraction of approximately 25 percent. The remain-
der was similar to that described above.

A description of one of the cloud compositions that was
passed through the engine is given in Dunn et al. (1987b).
Figure 3(a) is a scanning electron micrograph and Fig. 3(b)
shows the elemental composition spectrum of the black scoria.
Figures 4(a) and 4(b) are a micrograph and an elemental com-
position, respectively, for Mt. St. Helens ash. The elemental
composition of the two volcanic materials is different as can
be seen by comparing the composition spectrums of Figs. 3(b)
and 4(b). However, aluminum, silicon, calcium, and iron are
present in each material. The SEM of the two materials, Figs.
3(a) and 4(a), illustrate the very different physical characteris-
tics of the two materials. The scoria has the appearance of a
plate whereas the Mt. St. Helens material has the more rounded
appearance.

Test Procedures and Teardown Observations

Test Procedures. As noted earlier, many different engines
have been utilized during the course of this testing program.
The detailed test procedure differs depending upon the particu-
lar engine because the available engine instrumentation and the
control systems are different. However, for all engines, a set of
baseline measurements is obtained at many different throttle or
power level angle (PLA) settings prior to exposing the engine
to a dusty environment. All of the available engine parameters
are recorded. Depending upon the particular engine, these will
include: (a) some form of exhaust gas temperature (EGT), (b)
fuel flow rate, (c) inlet total pressure (Pg,), (d) fan exit total
pressure (Pr, ), (e) engine pressure ratio (EPR), (/) interstage
pressure, (g) compressor discharge pressure (Ps,), () engine
thrust, (i) burner pressure (Pp), (j) core speed (N,), and (k)
fan speed (N;). During this baseline measurement series, the
engine also undergoes several rapid (six second) accelerations
and decelerations to obtain pre-dust exposure response data.

Observations During Testing. For all engines tested, im-
mediately upon introduction of the dust, a striking glow is ob-
served at the fan face (or compressor face if a turbojet). The
glow is the well-known phenomenon St. Elmo’s glow (or fire)
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Fig. 1 Large engine research cell

that is the result of a discharge of electrostatic charge that has
built up because of dust particles striking the moving metallic
surfaces. St. Elmo’s glow was observed by the British Airways
crew during their encounter with the Galunggung volcanic cloud
(Chambers, 1985). A video camera viewing the engine inlet
records this glow for each of the measurement programs. Figure
5 is a frame of the video tape taken during a dust ingestion
experiment showing the glow along with the bellmouth, the
dust tube, and the dust injection nozzles. A very bright ring of
light appears at the first rotor tip/shroud region. The illumina-
tion in the tip region may be brighter for several reasons, e.g.,
(a) higher dust particle concentrations caused by centrifuging,
(b) greater optical depth and unobstructed view of the illumi-
nation, and (c) scintillation at the rotor tip. It is, however,

felt that the primary reason for the increased brightness is possi-

bility (b).

It has also been observed that selected engine parameters
respond very quickly to the presence of a dust cloud if the
engine is operating at a turbine inlet temperature (TIT) in excess
of 2000°F. For example, the burner static pressure (PB) and
the high compressor static discharge pressure (PS3) respond in
almost identical fashion as illustrated in Fig. 6 for an engine
operating at a TIT of approximately 2345°F. The pressure in-
crease can be very rapid (recall that the CF6 engines described
by Campbell, 1990, spooled down after about 1 minute of high
thrust operation in the Mt. Redoubt cloud). The rate of pressure
increase shown on Fig. 6 is almost directly proportional to the
dust concentration. For the modest concentration used in the
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Fig. 2 Schematic of dust injection system
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(a) Scanning Electron Micrograph of Black Scoria Sample
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(b) Elemental Composition Spectrum

Fig. 3 Scanning electron microscope micrograph and composition
spectrum of black scoria

experiments of Fig. 6, the pressure increase amounted to about
4 psi/min. It is possible to consume all of the available surge
margin very quickly even in this relatively modest dust cloud.
As will be demonstrated later, this pressure build-up is the result
of material from the dust cloud being deposited on the high-
pressure turbine first vane. Also included on Fig. 6 are the fuel
flow rate and the fan total pressure ratio, both of which are
influenced by the dust cloud, but not as dramatically as the
burner and compressor discharge pressures. Figure 7 illustrates
that the exhaust gas temperature (EGT) also responds rapidly
to the presence of the dust cloud, again if the TIT is in excess
of 2000°F. As was the case for pressure, the rate of increase of
EGT is proportional to the cloud dust density. The engine pres-
sure ratio (EPR) and core speed (N2) are also shown on Fig,.
7. Changes in the core speed (N2) and the fan speed (N1) are
much more subtle indicators of the material deposition or ero-
sion and are detected through the response of the control system.
An example of control system deterioration will be shown a
little later in this section.

The importance of the TIT can be demonstrated by reducing
the throttle so that the TIT falls below 2000°F while maintaining
the dust-laden environment. Figure 8 illustrates the time history

of the fuel flow, the fan total pressure ratio, the compressor
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(b) Elemental Composition Spectrum

Fig. 4 Scanning electron microscope micrograph and composition
spectrum of Mt. St. Helens ash sample (unprocessed ash)

Fig. 5 Photograph of St. Eimo’s glow at fan face
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discharge pressure and the burner pressure for a TIT of about
1850°F and the same dust concentration as used in the experi-
ments of Figs. 6 and 7. The EGT, though not shown, also
remained constant during dust exposure at this lower tempera-
ture condition.

It is obvious that if the burner pressure is allowed to increase .

unchecked at a rate as illustrated in Fig. 6, then the engine is
going to surge and continued operation will become difficult.
Perhaps the best way to prevent further pressure build-up is to
retard the throttle (to maintain TIT below 2000°F), and exit the
dust cloud using the technique described in Campbell (1990).
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However, if the crew is not in a position to exercise this option,
but rather must maintain significant thrust, then what should be
done? One alternative is to clear the material that has been
deposited on the HPT vane. This can be done by slowly re-
tarding the throttle to idle, dwelling for thirty seconds, and
advancing the throttle to full thrust. This process may have to
be repeated two or three times. For a multi-engine aircraft, it
should be done one engine at a time.

Figure 9 is a time history of the burner pressure for an engine
operating in a particle-laden environment at a relatively high
turbine inlet temperature. Very soon after the dust was turned
on, the burner pressure began to increase significantly. When
the pressure increase reached approximately three atmospheres,
a situation arose for which the surge margin was felt to be
almost consumed (earlier it was noted that this pressure increase
is caused by flow area blockage created as a result of material
deposition on the high-pressure turbine first vane). It, therefore,
became prudent to purge the engine (as described above) in an
attempt to remove some of this material and thus move the
burner pressure back towards normal. As can be seen on Fig.
9, the purge does allow the burner pressure to return to a pres-
sure level that is near the predust value. The dust flow was not
terminated during the purge sequence. Upon completion of the
purge, the throttle was returned to the previous setting. The
pressure returned to a level closer to the predust exposure value
for a relatively brief period of time and then began to increase
again. When the pressure increase again reached about three
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Fig. 9 History of burner pressure
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Fig. 10 Burner pressure and temperature response

atmospheres, the purge sequence was repeated. As can be seen
from the results presented in Fig. 9, purging the engine does
help to clear the engine and extend the operational time at high
thrust. However, the postpurge pressure does not decrease as
much with succeeding purges. This purge process can’t be con-
tinued indefinitely because the integrated damage becomes so
severe that the engine eventually begins to surge in an uncon-
trolled manner.

The particular engine being used to obtain the resuits shown
in Fig. 9 provides fan turbine inlet temperature (FTIT) instead
of exhaust gas temperature and a time history of that parameter
was also obtained. The FTIT is measured inside the vane of the
fan turbine first vane for several different vanes. The qualitative
behavior of the FTIT is very similar to the burner pressure from
the time of dust on until shortly after the second purge. Between
the second and third purges, the FTIT rate of increase is much
greater than between dust-on and first purge and between first
purge and second purge. This rapid increase is indicative of
impending difficulty. After completion of the third purge, the
engine began to surge rapidly. This surging was captured with
video cameras looking at the tailpipe and at the engine face.
Pictures were recorded at 26 frames per second.

Figure 10 represents the corresponding time history of the
burner pressure and FTIT during the surging event described
above. Time 0-seconds on Fig. 10 is the initiation of the rapid
pressure decrease that is associated with the surge event. During
the time interval shown on Fig. 10, multiple surges have oc-
curred. The FTIT begins to increase rapidly during the surging
sequence as might be expected. Figure 11 is a portion of the
data shown in Fig. 10 that has been used to determine the
surging frequency. For this particular engine, that frequency
was approximately 10 Hz. It is also interesting to note that upon
initiation of the surge, the pressure drops from about 285 psig
to about 74 psig and remains at this lower pressure until the
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Fig. 12 Fan and core speed map during dust exposure

engine can be recovered. This recovery is achieved by returning
the throttle to idle as noted on Fig. 10.

Figure 12 is a fan versus core speed map for one of the
engines undergoing dust exposure. This plot reflects the inte-
grated influence of the dust environment on the engine control
system. The dashed line and the points along it represent the
predust exposure behavior of the engine. The data denoted by
MP4B (matrix point 4B), MP5, MP5B, etc., represent data
taken during dust exposure. Data from matrix point 1-3 are
not included on this figure. The initial engine surge occurred
during MP7 as illustrated. By the time this surge occurred,
a significant mismatch between fan and core speed had been
experienced. However, this mismatch would not be as obvious
to the flight crew as the increases in burner pressure, CDP, and
FTIT shown earlier. Unfortunately, neither burner pressure nor
CDP are generally available to the flight crew. These parameters
are available in the engine control box and could be made
available to the crew.

Engine Teardown Results. All of the engines used for the
measurement program are disassembled for inspection when
they can no longer be operated. Both in-flight experience and
laboratory experience have demonstrated that if one continues
to operate a modern gas turbine engine at high thrust levels in
a particle-laden environment, then it is likely that the engine
will surge and possibly flame out if at high altitude. The time
over which one can operate before surge depends upon many
factors. Among them are: (a) the particular engine involved,
(b) the concentration of the dust cloud, and (c¢) the constituents
of the dust cloud. As noted earlier, the five most dominant
factors of immediate concern to the crew are material deposition
occurring on the high-pressure turbine vanes, blocking of tur-
bine vane and/or blade cooling holes, erosion of the fan and
compressor blades, degradation of the engine control system,
and deposition of carbonlike material on the fuel nozzles.
Fogging of the windscreen and landing lights, contamination of
the environmental control system (ECS), and contamination of
the oil supply can also pose serious problems to the flight crew.
The particulates gouge and scratch the windscreen. One can
easily imagine how difficult it might be to land an aircraft
while looking through a windscreen that has the appearance of
a shower door. The material ingested in the ECS and the oil
supply does not pose an immediate threat to safe operation for
commercial aircraft engines.

Accumulation of material on the high-pressure turbine vanes
is responsible for the very rapid increase in burner pressure and
in compressor discharge static pressure shown in Fig. 6. Figure
13 is a photograph of a portion of the high-pressure turbine
vane row taken from an engine that was subjected to a dust
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Fig. 13 Material deposits on HP turbine vanes

environment. The engine shown in Fig. 13 was exposed to an
environment containing the volcanic material black scoria. A
similar engine was exposed to a dust environment that did not
contain a volcanic material and the results were very similar.
The heaviest deposits are generally found on the leading edge
and on the pressure surface of the vane. Figure 13 illustrates
that the cooling holes over the entire shower head region are
blocked, but that those near the trailing edge on the pressure
surfaces are still open.

It has been observed that the deposited material is relatively
brittle. The thermal properties of the material appear to be very
different from those of the metal airfoils. It is felt that one of
the reasons that it has been possible to restart engines that have
shut down at altitude after encountering a volcanic cloud is that
a significant portion of the deposited material can be blown off
the surface by ram air after the engine cools down. The same
reasoning is felt to explain why the engine purge technique
described earlier can remove substantial material.

Turbine damage is not limited to the HP vane. The ingested
dust also gets into the turbine cooling passages and can clog
the cooling holes of the HPT blade from the inside. Because
the temperature is lower, the local velocity is higher, and the
local flow disturbances are greater, deposition does not gener-
ally occur on the HPT blades to nearly the extent that it does
on the vanes. However, this is not meant to imply that the
blades are free of damage. Figure 14 is a photograph of several

Fig. 14 Post-test photograph of HP turbine blades
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Fig. 15 Compressor erosion from dust exposure

HPT blades illustrating that cooling hole blockage can result in
overheating and subsequent burn out at the leading edge. This
damage shows up as an increase in the aft turbine vibration
level and as a loss in turbine performance.

Depending upon the physical characteristics of a particular
fuel nozzle, it has been observed that the entire surface of the
nozzle, with the exception of the fuel hole, can be covered by
a thick carbon layer. It is felt that these heavy carbon deposits
on the fuel nozzle swirl vanes are caused by a rich fuel-to-
oxygen ratio, which, in turn, is brought about because of the
severe compression system erosion to be discussed later. Carbon
deposits occurring in this manner block the swirl vanes, thus
inhibiting atomization of the fuel. If carbon deposits of this type
do. occur, then it is extremely difficult (if not impossible) to
restart the engine. This carbon material cannot be blown off by
ram air and there is no way to clean the fuel nozzles while in
flight.

In addition to the difficulties caused in the hot section of
the engine as a result of exposure to the volcanic cloud, the
compression system can also sustain severe damage. Figure 15
is a photograph of typical blades taken from the HP compressor,
stage 5—9 of one of the machines described above. The damage
to the blade from about 50 percent span to the tip and in the
tip region is very obvious. The damage becomes more severe
with increasing compressor stage as might be expected. In gen-

eral, the blades are badly damaged in the leading edge and tip

region. In some cases, the blades break near the root. Several
blades were broken in this manner and resulted in severe dam-
age to other blades not shown in this figure. Compressor wear
is an irreversible process and once the engine has operated in
a particle-laden environment for any significant time period the
blades must be replaced.

The engine damage illustrated in Figs. 13-15 is severe and
can make operation difficult. However, laboratory experiments
make it possible to determine ways in which damaged engines
can be operated successfully long after severe damage has been
incurred. For example, the engine from which the photographs
shown in Figs. 13—15 were taken was still operational and able
to generate some thrust when the test was terminated.

The engine response data described herein has been formatted
into algorithm format for each of the important engine parame-
ters. These algorithms can then be combined with an environ-
ment predictive code in order to predict what might happen to
the propulsion system during specified in-route events.

Conclusions

As a result of information obtained during the course of
measurement programs utilizing many different gas turbine en-
gines, the following conclusions can be drawn:
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¢ The presence of St. Elmo’s glow at the engine face is
indicative of a particle-laden environment.

¢ The manner in which the engine will behave in a particle-
laden environment is dependent upon the turbine inlet
temperature, the particulate concentration, the particulate
chemical constituents, and the engine control system.

e The turbine inlet temperature required to cause material
deposition on the hot section components is on the order
of 2000°F (1094°C). Many of the older engines that oper-
ate at lower temperature will not experience deposition,
but will experience compression system erosion. The
newer engines will experience both deposition and ero-
sion. If the thrust level is reduced in order to lower the
turbine inlet temperature, then the material deposition rate
can be significantly reduced.

e It must be emphasized that engine operation time in a
particle-laden environment is limited and if possible entry
into the environment should be avoided. If entrance is
unavoidable, then the air crew would be advised to reduce
thrust, exit the cloud, carefully monitor the EPR, EGT,
fuel flow, core speed, and fan speed. This combination
of parameters will help determine the degree of engine
damage. :

¢ Prolonged operation in the dust-laden environment may
result in permanent engine and aircraft damage. If the
aircraft is operating at high aititude, the surging associated
with this type of damage may cause flame out. If the fuel
nozzle swirl vanes have not become covered with carbon,
then it should be possible to restart the engine at lower
altitude. Some of the deposited material will have blown
off during the period of time that the engine was inopera-

ble. If the swirl vanes have been covered with carbon,
then restart is unlikely.
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New Technology Trends for
Improved IGCC System

&A1 Performance
C. S. Cook
The application of gas turbine technology to IGCC systems requires careful consider-
ation of the degree and type of integration used during the system design phase.
J. C. Corman Although gas turbines provide the primary output and efficiency gains for IGCC

systems, as compared with conventional coal-fired power generation systems, they
are commercially available only in specific size ranges. Therefore, it is up to the
IGCC system designer to optimize the IGCC power plant within the required output,
efficiency, and site conditions by selecting the system configuration carefully, particu-
larly for air separation unit (ASU) integration incorporated with oxygen. blown
gasification systems. An IGCC system, based on a generic, entrained flow, oxygen
blown gasification system and a GE STAG 109FA combined cycle has been evaluated
with varying degrees of ASU integration, two fuel equivalent heating values and two
gas turbine firing temperatures to provide net plant output and efficiency results. The
data presented illustrate the system flexibility afforded by variation of ASU integration
and the potential performance gains available through the continued use of gas
turbine advances. Emphasis is placed on system design choices that favor either low

GE Power Generation,
Schenectady, NY 12345

A. R. Smith

Air Products and Chemicals, Inc.,
Allentown, PA 18195

initial investment cost or low operating cost for a given IGCC system output.

Introduction

The commercialization of Integrated Gasification Combined
Cycle (IGCC) power generation systems depends equally on
component technology advances and on site and fuel-specific
system integration. The gas turbine dictates the primary effi-
ciency and size of the IGCC system. Benefits from improve-
ments in gas turbine performance translate directly to the system
when an appropriate IGCC system optimization has been per-
formed. As IGCC power generation systems move to large,
commercial-scale demonstration plants, many system and com-
ponent technology developments are being scheduled for intro-
duction. The basis for these developments is a continuing sys-
tems analysis and product improvement program. Significant
insight has been gained for oxygen blown IGCC systems with
respect to air separation unit integration with the gas turbine’s
compressor in terms of net plant output, system flexibility and
overall IGCC system efficiency. Advances in gas cleaning sys-
tems, both wet and dry, have allowed increased use of low-
temperature energy and preservation of syngas sensible heat in
the fuel gas delivered to the gas turbine. The gas turbine firing
temperature, which ultimately governs the system’s efficiency
potential, has been steadily increased to the current 1300°C
class and can be expected to increase further, to as high as
1450°C or higher. In addition, the trend in gas turbine design
is toward larger sizes and this will lead to lower capital cost
per unit of electrical output due to economy of scale.

The performance analyses presented here have been based
on the generic IGCC system configuration shown in Fig, 1.
The results have been based on a system utilizing a GE model
MS9001FA gas turbine with appropriate steam turbine genera-
tor configurations, and an Air Products and Chemicals, Inc.
elevated pressure (EP) cryogenic air separation unit developed
specifically for IGCC applications. The intent is to demonstrate
the effect on output and efficiency of some of the primary

Contributed by the International Gas Turbine Institute and presented at the 40th
International Gas Turbine and Aeroengine Congress and Exhibition, Houston,
Texas, June 5-8, 1995. Manuscript received by the International Gas Turbine
Institute March 2, 1995. Paper No. 95-GT-227. Associate Technical Editor: C. J.
Russo.
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system variables such as air separation unit integration, fuel
equivalent heating value, ambient temperature range of opera-
tion required, and gas turbine firing temperature. The analysis
has been performed for a range of these parameters for specific
system design points for each configuration. However, a fixed
air separation unit design, including the auxiliary air compres-
sor, is required for a site-specific IGCC power plant. The final
optimization procedure for the overall IGCC system is an itera-
tive process, which factors in the projected operating ambient
temperature range, as well as the ambient temperature design
point, in the selection of the degree of air separation unit integra-
tion and the resulting auxiliary compressor size.

Design Point IGCC System Performance Evaluations

The IGCC system configuration shown in Fig. 1 has been
evaluated for two syngas equivalent heating values {120 and
150 Btu/scf (4731 and 5913 kJ/nm®)], three levels of air sepa-
ration unit air supply integration {0, 50, and 100 percent (per-
centage of air separation unit air requirement supplied by the
gas turbine’s compressor)], and a wide range of ambient tem-
peratures, picked to include the maximum operating ambient
temperature and maximum ambient temperature at which the
maximum gas turbine output can be obtained. The latter ambient
temperature is termed the ‘‘break point’’ for gas turbine and
IGCC system output and is specific to each fuel composition
and degree of air extraction for a given gas turbine. In addition,
system performance was evaluated for the case of zero air ex-
traction at a gas turbine firing temperature of 1400°C, for both
fuel equivalent heating values, to examine the impact of future
gas turbine development. The specific performance calculations
were performed utilizing the GE MS9001FA gas turbine in
its single shaft, combined cycle configuration (STAG 109FA)
shown in Fig. 2 and at maximum firing temperature and flow
to maximize overall IGCC system efficiency. The methodology
for the system analysis is shown in Fig. 3 and has been described
previously by Cook et al. {1995). The dry, clean syngas compo-
sition used is shown in Table 1. The final equivalent heating
values used have been obtained by first adding nitrogen from
the air separation process to the combustor to provide the 150
Btu/scf (5913 kJ/nm*) equivalent heating value and then add-
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the nitrogen flow rate that would be available from the air
separation unit and the moisturized nitrogen was sufficiently
superheated to prevent condensation prior to admission to the
combustor.

Gas Turbine Performance. In order to illustrate the effects
on IGCC system design of variation of fuel equivalent heating
value and air separation unit integration, gas turbine perfor-
mance was calculated for a 1260°C firing temperature for both
fuel equivalent heating values and the three levels of ASU air
supply integration. The results of these calculations are shown
as the percent of maximum power-limited gas turbine output
versus ambient temperature in Fig. 4. The 100 percent output
points correspond to the maximum output from the gas turbine
being considered, this maximum output being mechanically lim-
ited. The ambient temperature location of these points increases
with decreasing gas turbine compressor air extraction and with
decreasing fuel equivalent heating value. This feature offers the
system designer wide flexibility in optimizing system output
and efficiency for a given syngas fuel and desired ambient
temperature operating range. An additional data point (at 35°C)
is shown for the case of 120 Btu/scf equivalent heating value
and O percent air extraction since, for this case, the gas turbine
output ‘‘break point’’ occurs at greater than 35°C. In general,
all of the individual performance curves shown represent fully

r open inlet guide vane operation and can be extended to lower
A extraction | | ezeTme oureur ambient temperature at the 100 percent output level. The low
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nitrogen, is injected separately at a pressure somewhat lower

than required for the syngas, similar to standard steam injection
practice for gas turbines. The nitrogen requirement was within

Journal of Engineering for Gas Turbines and Power

Downloaded 02 Jun 2010 to 171.66.16.104. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm

Fig. 4 Gas turbine performance as a function of ambient temperature
for two fuel equivalent heating values and three levels of ASU integration
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Fig. 5 Gas turbine output as a function of firing temperature for two
fuel equivalent heating values and zero ASU integration

Although the performance comparisons shown in Fig. 4 have
been made at a gas turbine firing temperature of 1260°C, gas
turbine technology currently allows significant increases in fir-
ing temperature. Accordingly, the performance data shown in
Fig. 5 have been included to show the general dependence of gas
turbine output on firing temperature for the two fuel equivalent
heating values and gas compositions considered. This assess-
ment has been made using the performance parameters of the
GE MS9001FA gas turbine and does not reflect the full advan-
tage of increased firing temperature that could be achieved with
the proper pressure ratio matching in the design. The data have
been normalized to 100 percent for the case of 120 Btu/scf fuel
equivalent heating value and 1260°C firing temperature and are
meant to provide a conservative illustration of the importance
of firing temperature on gas turbine and overall IGCC system
performance.

Figure 6 shows the adiabatic flame temperature predicted
by a thermochemical equilibrium calculation for the two fuels
considered in the IGCC system analysis. The equivalent fuel/
air ratios of interest for the gas turbine are in the range of 0.26
to 0.48 depending on the fuel equivalent heating value and
firing temperature assumed. In general, current 1260°C firing
temperature class gas turbines can be expected to have about a
100°C temperature difference between the actual combustion
temperature and the gas temperature at the entry to the first
rotating stage of the turbine, the latter being defined here as the
firing temperature. Examination of Fig. 6 reveals that significant
increases in firing temperature may still be obtained, even with
the lower fuel equivalent heating value, although other limita-
tions such as thermal NO, formation will have to be addressed.

IGCC System Performance. Once the gas turbine perfor-
mance has been established, this determines the required fuel
flow from the gasification system as well as the requirements
for energy and mass transfer to and from the air separation
unit. In addition, as the gasification process flow information is
developed, the heat and mass interchange with the steam bot-
toming cycle and the low level heat integration with the cleaned
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syngas and nitrogen can be developed on an iterative basis until
all heat and mass balances for the overall system are closed.
Referring again to Fig. 1, the IGCC system configuration used
for the normalized data presented below has been based on an
elevated pressure air separation system with utilization of the
waste nitrogen through adiabatic compression and admission to
the gas turbine’s combustor. The nitrogen has been moisturized
in the case of the 120 Btu/scf fuel equivalent heating value and
heated in heat exchange with the air extracted from the gas
turbine’s compressor discharge, where applicable. The gasifica-
tion system has been modeled as a full heat recovery system
with high-pressure saturated steam supplied to the bottoming
cycle from the gas cooling sections. The steam bottoming cycle
employs a three pressure level heat recovery steam generator
with reheat steam turbine inlet conditions of 101 bara and
538°C/538°C. The gas cleaning system utilizes water scrubbing,
conventional acid gas removal, and conversion to elemental
sulfur and reheating with boiler feedwater to 288°C prior to
admission to the gas turbine.

The net electric output of the various system configurations
evaluated is shown as a function of ambient temperature in Fig.
7. This plot shows two additional data points, which incorporate
performance estimates at 1400°C gas turbine firing temperature.
The data have been normalized with respect to the maximum
IGCC system net electric output for 1260°C firing temperature
for the range of ambient temperature considered. The system
designer must then overlay such a plot with site constraints on
operating temperature range, design ambient temperature, and
whether the primary economic drivers are capital or operating
costs. In some cases, relatively low or negative fuel cost, cou-
pled with the requirement for output for a specific power sale
agreement, can make output the primary system discriminant.
In particular, if high system output at high ambient temperature
is required, the lower fuel equivalent heating value, zero air
extraction case is preferred. However, at lower ambient temper-
ature, this system reaches a gas turbine limited output at a lower
IGCC system net electric output level than other configurations
having partial to full air extraction for either of the fuel equiva-
lent heating values considered.

Each of the cases shown in Fig. 7 has been treated as a
“‘design’’ case with the auxiliary power requirements, low level
heat exchange, and steam cycle integration being specific to the
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Fig. 7 1GCC system performance as a function of ambient temperature
for two fuel equivalent heating values and three levels of ASU integration;
relative system output is also shown for elevated gas turbine firing tem-
perature

particular case. Once a preliminary output evaluation such as
this has been performed, and the design operating ambient tem-
perature and temperature range have been selected, it is neces-
sary to fix the equipment specifications and performance and
then re-evaluate the output over the operating temperature
range. In the case of air separation integration, this requires
careful selection of an auxiliary air compression system that
will provide sufficient flexibility to meet the highest temperature
output requirement while meeting the degree of extraction re-
quired for design point operation.

If low operating cost, rather than low capital cost, is the
primary design requirement, then data similar to those plotted
in Fig. 8 must be examined. The two curves shown represent
the overall IGCC system net efficiency (LHV) for the two fuel
equivalent heating values and different degrees of integration of
the air separation unit. The curves are specific to 35°C ambient
temperature, a typical upper limit specified for summer peaking
IGCC power generation systems. Although higher system effi-
ciencies (up to 46.5 percent, LHV') can be calculated for lower
temperature operation, these data for 35°C ambient temperature
operation illustrate the high ambient temperature efficiency con-
sequences of selecting a particular ambient temperature (15°C)
design point for both fuel equivalent heating values. A data
point for 16°C ambient temperature operation with the lower
fuel equivalent heating value is included to illustrate the higher
efficiency obtainable.

In the case of zero air extraction, the entire air separation unit
air supply must come from an auxiliary, intercooled compressor,
which, in general, will have a lower component efficiency than
the gas turbine’s multistage, axial flow compressor. In addition,
the intercooled auxiliary compressor must reject a large portion
of the heat of compression to cooling water at low temperature
while the air extracted from the gas turbine compressor can
exchange heat at high temperature with the nitrogen being re-
turned to the gas turbine. The nonintegrated system’s efficiency
also suffers from the additional electrical inefficiencies related
to motor-driven compressors as well as the effect of scale of
the additional compressor relative to the large gas turbine com-
pressor. As pointed out earlier under the discussion of Fig. 4, the
gas turbine’s output ‘ ‘break point’’ for the lower fuel equivalent
heating value and zero air extraction occurs at an ambient tem-
perature greater than 35°C. Therefore, full, mechanically limited
gas turbine output is available at 35°C for the zero extraction
case. In going from 0 to 50 percent extraction, loss of gas turbine
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output is more than compensated by the thermal integration and
increased compression efficiency resulting from ASU integra-
tion and results in an increase in overall system efficiency.
Further integration with the ASU reduces gas turbine output
sufficiently to offset further compression efficiency and regener-
ative thermal gains for the lower fuel equivalent heating value
system with the result that full cycle efficiency for full extraction
equals that for zero extraction.

In the case of higher fuel equivalent heating value system
performance, the gas turbine output ‘‘break point”’ has pre-
viously been shown to be 21°C (Fig. 4) with gas turbine output
significantly reduced at 35°C (to approximately 92 percent of
maximum). In this case, further reductions in gas turbine output
due to air extraction more than offset any thermal integration
and compression efficiency gains for all values of air extraction
percentage and both overall system output and efficiency de-
crease. It can be concluded that if maximum output at high
ambient temperature is desired, the lowest tolerable fuel equiva-
lent heating value will allow the greatest IGCC system effi-
ciency and that partial air extraction may provide increased
efficiency at reduced output (Fig. 7). Both output and efficiency
for the 16°C design point benefit substantially from partial inte-
gration of the ASU.

Performance calculations have been made for the MS900{FA
based IGCC system with higher gas turbine firing temperatures
than the current 1260°C limit. The results of these analyses are
shown in Fig. 9. As noted earlier, the full thermodynamic benefit
of the increased (1400°C) firing temperature on cycle efficiency
has not been reached for this system configuration as the gas
turbine pressure ratio is lower than optimum. However, it can
be seen that significant increases in efficiency are possible for
both fuel equivalent heating values, providing ample incentive
to utilize the continuing advances in gas turbine development.

Figure 10 shows a key result of the system analyses per-
formed. Once the choice of a particular gasification system and
system output has been made, the primary independent variable
left to the system designer is the percentage of the ASU air
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supply to be extracted from the gas turbine compressor. The
points shown in Fig. 10 have been estimated from the data
shown in Fig. 7 utilizing a linear relationship between the
change in ambient temperature between gas turbine ‘‘break
points’’ and the change in percent air extraction. This results
in a set of data points (Fig. 10) that represent the optimum air
extraction percentage for each fuel equivalent heating value
and ambient temperature for the specific IGCC system being
considered. In practice, an auxiliary compressor must be sized
for one specific operating point with the air extraction percent-
age then dictated by the particular compressor’s operating map.
Typically, centrifugal compressors designed for this application
can allow a range of volumetric flow from 60 to 110 percent
of their nominal design value. The system designer must then
consider the operating ambient temperature range required
(summer peaking, winter peaking) and specify the compressor’s
fractional capacity at the design point ambient temperature.

Conclusions

It is essential that IGCC power generation systems be as
carefully integrated at the design stage as possible. However,
carefully integrated does not necessarily mean fully integrated.
Start-up, part-load, and other off-design operational require-
ments must be considered in the design. In particular, air supply
integrated ASUs must be designed for variable air pressure
operation based on gas turbine compressor discharge pressure
variation with load. The primary energy converter, and the com-
ponent that determines the output of the IGCC system, is the
gas turbine and advances in IGCC efficiency and output will
derive primarily from this technology. However, within the set
of available IGCC-compatible gas turbines, the system designer
can substantially adjust the output and efficiency to suit the
requirements of a particular project by varying the amount of
air extraction from the gas turbine compressor. This is particu-
larly true for the oxygen blown gasification system considered
here.

Advances in gas turbine technology leading to higher firing
temperature cycles can be readily adapted to IGCC systems
with the range of fuel equivalent heating values in use today.
Injection of waste nitrogen from the air separation process,
along with heat exchange with the extracted air flow for the
case of air extraction, contributes to power augmentation, NO,
suppression, and cycle efficiency and is a part of several major
IGCC demonstration projects in construction. These project ap-
plications range from zero to full ASU integration and will
provide a basis for future system design decisions utilizing the
type of analyses presented. The system designer must clearly
identify the roles of capital and operating cost as well as the
need for part or base-load operation prior to selecting the gas
turbine size and extent of ASU integration in order to provide
the lowest life cycle cost IGCC power generation system.
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L. DeVita A novel class of power plants for clean conversion of coal into power has been
Eniricerche recently proposed, based on the concept of partial coal gasification and fluidized-
Milan Ital); bed combustion of unconverted char from gasification. This paper focuses on the

thermodynamic aspects of these plants, in comparison with full gasification cycles,
assessing their performance on the basis of a common advanced power plant technol-
ogy level. Several plant configurations are considered, including pressurized or atmo-
spheric fluidized-bed, air- or steam-cooled, with different carbon conversion in the
gasifier. The calculation method, used for reproducing plant energy balances and
Jor performance prediction, is described in the paper. A complete second-law analysis
is carried out, pointing out the efficiency loss breakdown for both technologies.
Results show that partial gasification plants can achieve efficiencies consistently
higher than IGCC, depending on plant configuration and carbon conversion, making

this solution a viable and attractive option for efficient coal utilization.

1 Introduction

Environmental protection and rationalization of primary en-
ergy sources consumption call for new technologies for utiliza-
tion of coal and residual fuels in the power industry. The mar-
riage between coal and gas turbine-based combined cycle
(Webb et al., 1993) has been proposed as a winning strategy
to achieve better conversion efficiencies and lower pollutant
emissions than those of pulverized-coal fired-boiler steam
power stations. Two main basic technologies have been widely
studied in recent years: full gasification (IGCC) and pressurized
fluidized bed combustion (PFBC).

The gasification concept involves the addition of large pieces
of hardware to the power plant, including, beyond the gasifier
itself, an air separation process, syngas cooling and clean-up,
acid gas treatment, etc. Coal conversion efficiency is high (42—
45 percent HHV values are now quoted in recent projects) but
is limited ‘by the inefficiencies of the several components and
by the necessity of gas cooling. NO, control is another sensitive
matter, requiring steam injection or fuel humidification in addi-
tion to the best burner technology.

On another side, the PFBC technology is much simpler in
terms of plant configuration and emission control (obtained
by sorbent addition to control SO, emissions and by the low
combustion temperature to control NO,); however, it imposes
a severe limitation on the highest cycle temperature to ~850°C
of the combustion bed, thus not allowing the use of high-temper-
ature high-efficiency gas turbines.

Contributed by the International Gas Turbine Institute and presented at ASME
Cogen Turbo Power *94, Portland, Oregon, October 25-27, 1994. Manuscript
received by the International Gas Turbine Institute January 15, 1994. Associate
Technical Editor: E. M. Greitzer.
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Recently, fluidized-bed technology has been re-evaluated by
a novel concept, named by various authors as ‘ ‘hybrid cycle’’ or
“‘topping cycle’’ or ‘‘second-generation PFBC.”” The concept
embodies a partial gasification process providing synthetic fuel
to a topping combustor, which enables the utilization of ad-
vanced gas turbines; the unconverted carbon-rich residuals
{(char) from partial gasification are then processed through a
FBC, providing heat to combustion air or to steam. We will refer
to these plants with the acronym PGFBC (Partial Gasification
Fluidized Bed Combustion). The gasifier is air-blown and sulfur
is captured by sorbent addition in both the gasifier and the
FBC; therefore typical IGCC substations like ASU and acid gas
removal/treatment are not included in PGFBC plants.

Due to the potential advancement in conversion efficiency
and in capital cost reduction, PGFBC is now the subject of
several recent studies (Robertson et al., 1993; Robertson and
Bonk, 1994; Maude, 1993; Minchener et al., 1993; Soothill and
Brown, 1993; Foster-Pegg and Fraas, 1993; Bohn et al., 1993),
with reference to different plant concepts. In these papers, there
is a general agreement about a significant improvement of con-
version efficiency with respect to IGCCs, but a comparison
among the various possible PGBFC solutions cannot be found,
since most authors “‘marry”’ a specific proprietary technology.
In addition, a detailed analysis of thermodynamic processes and
second-law considerations cannot be found in the literature.

The present paper is devoted to the thermodynamic analysis
of PGFBC cycles, with different plant schemes including both
pressurized and atmospheric fluidized bed combustion. These
plants will be compared to a representative IGCC scheme based
on an entrained-bed slurry gasifier, including the latest technol-
ogy of pressurized ASU and hot-gas-clean-up. As far as power
cycle components are concerned, all cases are based on large
heavy-duty gas turbines, having TIT = 1280°C and 8 = 15, and
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a three-pressure reheat steam cycle: This provides a common set

of assumptions in the performance calculation, enabling a direct

comparison among the various solutions.

The performance analysis will be carried out by using the
second-law approach, allowing a deeper understanding of the
loss generation.

2 Calculation Method

The calculation model used to generate the results described
here has been specifically developed to predict the performance
" of complex gas-steam cycles, e.g., gas cycles with intercooling,
reheat, recuperation, bottoming steam cycle, and mixed gas—
water cycles like steam-injected, water-injected, and HAT (hu-
mid air turbine), as described by Macchi et al. (1994). The
structure and the capabilities of the model have been extensively
described in previous papers (Consonni et al., 1991; Consonni,
1992; Lozza, 1990, 1993; Chiesa et al., 1993); we recall here
only the most significant features and the modifications intro-
duced to enable the calculation of gasification processes.

2.1 Basic Outline. The system to be calculated is defined
modularly as an ensemble of interconnected components, which
can be of twelve basic types: compressor, gas turbine expander,
splitter, mixer, heat exchanger, combustor, pump, saturator,
steam cycle (including all its components), shaft (accounts for
turbomachine spool interconnections, as well as electric losses ),
chemical converter, air separation plant. Operating characteris-
tics and mass/energy balance of each component are calculated
sequentially until the conditions (pressure, temperature, mass
flow, etc.) at all interconnections converge toward a stable
value. Aside from the algorithm handling the component net-
work (it is virtually possible to analyze any cycle configura-
tion), the most distinctive features of the model lie in the calcu-
lation of the key cycle components: turbomachines and heat
recovery steam generator.

The cooled gas turbine expansion is calculated as a sequence
of small steps, each consisting of an expansion followed by
gas-coolant mixing. At each step, the coolant flow required to
maintain the blade temperature within an assigned value is
found by the heat flux balance across the blade wall. The coolant
is bled at the minimum pressure required to overcome coolant
circuit pressure drops, and then discharged into the main flow.
The polytropic efficiency of both the cooled expansion steps
and the uncooled turbine varies with a similarity size parameter
to account for scale effects; exit kinetic energy is partly recov-
ered in the diffuser. The compressor polytropic efficiency is
also predicted by means of a similar size parameter.

The calculation of the steam bottoming cycle and the evalua-
tion of the steam turbine expansion have been addressed in
previous papers by Lozza (1990, 1993). We can recall here
that: (i) the model can handle steam cycles with a virtually
unlimited number of evaporating pressures (a maximum of four
has been set), the higher can be supercritical; (if) at any pres-
sure, steam generation, reheating, or both can occur; (iii) steam

Nomenclature

turbine efficiency is predicted by built-in correlations, using a
stage-by-stage calculation on the basis of the stage specific
speed; (iv) steam and/or saturated water can enter or exit the
cycle from several points (drums, deaerator, superheaters outlet,
turbine); (v) steam pressures can be optimized to maximize
efficiency, by a numerical optimization routine.

The saturator is another peculiar component, which has been
extensively discussed by Macchi et al. (1994), in the framework
of HAT cycles. This component is extensively used in gasifica-
tion cycles to moisturize the synthetic fuel, lowering NO, emis-
sions and recovering low-grade heat.

To render the calculation method capable of reproducing gas-
ification processes, some new features were added: (i) a novel
component, the ASU; (ii) more powerful tools to handle chemi-
cal conversions; (iii) the ‘*equivalent coal’” model. These fea-
tures are described in the next paragraph.

2.2 New Features

2.2.1 Air Separation Unit. The air separation process is
rather complex and its detailed calculation requires several fea-
tures, which are beyond the capabilities of the computational
method. In fact, our analysis is devoted to the thermodynamic
assessment of the overall plant capabilities and not to the design
of subsystems: therefore, our interest toward the ASU is here
limited to the power (or compressed air) consumptions and to
the interaction with the remainder of the plant. Consequently,
the ASU component is rather simple: The pressure of air enter-
ing the *‘cold-box’’ (i.e., cryogenic heat exchangers, separation
column, etc.) is an input datum, as well as the pressure of the
streams (O, with assigned purity, pure N, wastes) exiting the
cold-box. The program calculates the power requirement to: (i)
compress the incoming air from the entrance condition to the
cold-box inlet pressure; (ii) compress O, and N, from cold-box
exit to the pressure at which those streams are used in the
plant (gasifier or others). In these compressions, the polytropic
efficiency, the number and the effectiveness of intercoolers are
input data to calculate the power requirement. This schematiza-
tion can manage both cases of conventional ambient air supply
and of pressurized ASU, with air supplied by the gas turbine
compressor.

2.2.2 Chemical Conversions. Among the above quoted
components, chemical reactions can take place in four compo-
nents:

e Combustor: All chemical species containing C, H, and S
are fully oxidized to CO,, H,0, and SO,; the heat balance
does not require the concept of LHV (or HHV), since
the enthalpy of all chemical species is referred to their
heat of formation.

e Mixer: The chemical species mixed together can or cannot
react, depending on the user’s choice. If they can react,
the final composition and temperature is calculated by
the chemical equilibrium hypothesis. The method is the

G = mass flow, kg/s

G, = air mass flow, kg/s
Alj;; = isentropic enthalpy drop, J/kg
Ap = pressure drop, Pa
AT = temperature drop, K

7, = polytropic efficiency

Ratio

GT = Gas Turbine

Acronyms HGCU = Hot Gas Clean-Up
AFBC = Atmospheric Fluidized Bed HHV = Fuel Higher Heating Value
Combustion HRSG = Heat Recovery Steam

ASU = Air Separation Unit
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BFW = Boiler Feed Water
CGCU = Cold Gas Clean-Up
FBHE = Fluidized Bed Heat Exchanger
FBC = Fhuidized Bed Combustion
GCCR = Gasifier Carbon Conversion

Generator

IGCC = Integrated Gasification
Combined Cycle
LHYV = Fuel Lower Heating Value
PFBC = Pressurized Fluidized Bed
) Combustion
PGFBC = Partial Gasification Fluidized
Bed Combustion
ST = Steam Turbine
TIT = Turbine first rotor Inlet total
Temperature
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Table1 Consequences of assuming a syngas composition derived from
chemical equilibrium at gasifier outlet, rather than using the actual syn-
gas composition (as respectively estimated from Matchak et al., 1984;
Dawkins et al., 1985; delaMora et al., 1985). All data are relative to the
raw syngas exiting the gasifier; specific heat is the mean value between
the gasifier outlet temperature and 100°C; the quoted efficiencies refer
to a power cycle with state-of-the-art gas turbines and improved steam
cycle conditions.

Gasifier type Entrained bed | Fluidized bed Fixed bed
litera- | chem., { litera- | chem. | litera- | chem.
ture {equil.| ture |equil, | ture | equil.
Temperature °C| 1295 | 1307 | 1003 | 928 | 377 | 698
Specific heat J/kg| 1769 | 1764 | 1810 | 1805 | 1681 | 1789
HHV kI/kg| 10380 | 1044012830 13070 | 13640 13090
LHV ki/kg] 9321 | 9381 | 11620)11870]12350] 11790
Cco mols% | 39.01 {40.84 | 38.08 | 40.10 | 43,58 | 30.63
CO2 mols% | 10.62 | 8.78 | 11.43 | 9.28 | 2.73 | 12.59
H mols%{ 29.76 |28.54]29.30|32.70|25.22 | 29.82
HfO mols% | 17.72 §119.19] 12,10 | 11.29 | 19.81 | 13.94
LHV efficiency % | 45.66 | 45.65 ) 44.88 | 45.08 | 46.96 | 44.60

minimization of the Gibbs free energy, as developed by
Reynolds (1986); the chemical species present in the out-
put stream have to be assigned. For instance, a combustor
can be represented by a mixer: The difference is that CO
formation can be predicted by the mixer (at chemical
equilibrium), but not by the combustor. This option will
be used for modeling gasifiers, provided that chemical
equilibrium is a sufficiently accurate hypothesis.

@AS TURBINE STEAM TURBINE B

i humidifield

T synges
H, 8
CO2

syngas
expander :

steam / water
..... syngas

Fig. 1 Plant schemes of IGCC cycles considered in the paper, based
on entrained-bed slurry gasifier with pressurized ASU. The upper con-
figuration refers to cold-gas-clean-up, with syngas saturation; the lower
one includes hot-gas-clean-up.
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STEAM TURBINE

ash - spent
sorbent

.......... alr/ gas
steam / water

Fig. 2 Partial-gasification plants with pressurized FBC. The FBHE can
be steam-cooled (upper part) or air-cooled (lower part).

¢ Heat exchanger: One of the streams in a heat exchanger
can chemically react as in the mixer (the reaction here
accounts for the heat transferred to the other stream, while
the mixer is adiabatic). It is useful, for instance, for mod-
elizing FBCs.

¢ Chemical converter: It is essentially a mixer, whereby the
composition of the outlet stream is assigned by means
of molal fractions of the representative components. The
element simply completes the atomic balance and pro-
vides the outlet temperature and enthalpy. This can be
useful to reproduce gasifiers providing syngas with a
known composition, far from the one at equilibrium.

All the elements above can include heat and/or pressure
losses. The question of whether chemical equilibrium can appro-
priately represent the reactions in the plant schemes here consid-
ered requires some comments. In a previous analysis concerning
IGCCs (Lozza et al., 1993), three oxygen-blown gasification
plants, with fixed-bed (delaMora et al., 1985), fluidized-bed
(Dawkins et al., 1985) and entrained-bed (Matchak et al., 1984)
gasifiers, were calculated by both options of chemical equilib-
rium and of syngas composition as quoted by respective authors.
The results, summarized in Table 1, show that equilibrium is
very accurate for entrained-bed, high-temperature gasifiers, but -
provides large errors for fixed-bed gasifiers. For fluidized-bed,
there are some discrepancies about syngas composition ( within
*+4 percentage points in molal composition), providing heating
values 2 percent higher and a lower gas outlet temperature: The
error on the cycle thermodynamics is small (0.2 points), since
the larger gas turbine output, made possible by higher gas HHV,
is partly balanced by the lower steam production from the syn-
gas coolers. In the present paper, it was decided to resort to
chemical equilibrium in all calculations, mainly because of the
much higher flexibility to handle different situations (coal ranks,
carbon conversion, steam and/or air quantities }; however, pos-
sible errors on syngas composition will provide uncertainties
on the cycle performance much lower than the ones introduced
by the several assumptions common to all cycle calculations
(i.e., turbomachine efficiency, heat exchanger effectiveness, and
so on). In addition, PGFBC performance will be less dependent
on the gasifier behavior than IGCC, since a relevant fraction of
the fuel input will be handled by the combustion process.
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]

Table 3 Assumptions for calculation of gasifiers and fluidized bed com-
bustors

Fig. 3 Partial-gasification plants with atmospheric FBC; the FBHE can
be steam-cooled (upper part) or air-cooled {lower part)

2.2.3 Eguivalent Coal. Coal is normally defined by its
‘“altimate analysis’ providing an atomic composition (C, H,
0O, N, S), moisture and ash contents, and heating value. The
actual molecular composition is generally unknown. The pres-
ent calculation method does not make use of heating values and
it is therefore necessary to create a ‘‘virtual’’ coal composition
providing the same atom balance and the same heating values.
This task is operated by a routine that determines the best com-
bination among the species considered (including C, CO, CO,,
CH,, C;H,, C,Hq, C;H;, Hy, H,S, COS, SO,, NH;, H;, N,
0, S), minimizing the quadratic error on atom balance and
HHYV. Water and ash (considered as an inert) are eventually
added. This provides a fuel perfectly equivalent under all points
of view, except for entropy (stipulating the entropy of coal
is a very arduous job!): entropy productions in gasifiers and
combustors will therefore be referred to that of the equivalent
fuel.

2.2.4 Gasifier Carbon Conversion Ratio (GCCR). It is
the ratio—by weight—between the carbon converted in the
gasifier to syngas components—mainly CO and CO,—and the
total carbon input: It can be considered 1 for IGCCs (apart
from incomplete conversion) and 0 for PFBC plants, assuming

Table 2 Coal and sorbent composition

Coal Composition (by weight)

Carbon 64.44%
Hydrogen 3.95%
Oxygen 7.40%
Sulphur 0.85%
Nitrogen 1.49%
Ash 12.67%
Moisture 9.2%
Coal HHV, MJ/kg 25.71
Coal LHV, MJ/kg 24.66

Sorbent: dolomite (CaCO MgCO )
Ca/$ ratio

(0.098 kgdolomn /kg )

coal

740 / Vol. 118, OCTOBER 1996

Coal input (600 MW LHV): 24.33 kg/s
Auxiliary power consumptlon 6 MWc
Entrained Bed Gasifier (for IGCC)
Water/coal ratio in slurry: 0.323
0, /coal ratio " 0.852
Gasifier pressure: 40 bar
Overall pressure loss®: 14%
Heat loss (% of input LHV): 0.5%
Other components of IGCC
Stonen ] water ASU cold box pressures: 15/4.2 bar
— N2/02 COMPressors 1, : 0.78
HGCU inlet temperature: 550°C
CGCU inlet temperature: 37°C
Syngas recup. effectiveness: 0.87
Syngas cooler heat loss: 1.5%
Syngas recup. heat loss: 1.5%
Scrubber heat loss: 50°C
HGCU unit heat loss: 67°C
Fluidized Bed Gasifier
Bed temperature: 870°C
Carbon conversion (GCCR): 0.3-+0.7
Steam/coal ratio: GCCR/2
Pressure loss: 6%
Heat loss (% of input LHV): 0.5% (1%3)
Fluidized Bed Combustor
Bed temperature: 870°C
Pressure loss (pressurized): 6%
Pressure loss (atmospheric): 10%
Heat loss (% of input LHV): 0.5% (0%
Minimum O2 in exhausts: 6%
() Such to obtain a raw syngas temperature of 1370°C
@ From gasifier to syngas expander inlet
After correction for sorbent reactions

intermediate values for PGFBCs. It is the main parameter gov-
erning the thermodynamics of cycles considered in this paper.
GCCR must remain inside an ‘‘operating window,” for any
configuration, depending on constraints discussed later. It is
important to notice that a low GCCR can be obtained also
bypassing part.of the coal directly to the FBC, to improve
combustion characteristics: This will not substantially change
the results of the following analysis.

3 Plant Schemes and Assumptions

3.1 Reference IGCC. The IGCC plant used as a refer-
ence in this paper is based on an entrained-bed oxygen-blown
gasifier fed by a coal—water slurry, one of the most popular
gasification techniques. Two versions are considered with cold
(CGCU) or hot (HGCU) gas clean-up. The first version, sche-
matically shown in Fig. 1 (upper part), requires an efficient
heat recovery system from gas cooling to the near-ambient tem-
perature required by conventional acid gas removal processes.
With more detail, the raw syngas exiting the syngas cooler
(which raises saturated steam from BFW preheated in the
HRSG) is processed through a syngas recuperator, increasing
the temperature of clean syngas, a scrubber, and a heat ex-
changer warming water for saturator make-up, slurry formation,
and steam cycle make-up. Acid gases, together with CO, and
condensate, are removed from syngas. Cleaned syngas is satu-
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REFERENCE ENTRAINED BED IGCC

FLUIDIZED BED GASIFIER (PGFBC)

FLUIDIZED BED COMBUSTOR

raw syngas Exhausts
Syngas
HP
steam
Slurry Char ?:lr'
o BEW steam
Radiant Convective
syngas syngas
Ash cooler  cooler Air Air or GT Assgri)esr;‘:tent
exhausts
Reactive Ash Reactive Reactive Sulphurated
H, O Mixer Heat exch. mixer splitter coat  Mixer Splitter mixer Non reactive Reactive compounds
: B | wy 500 |\ T ey
LAWY (WY
0. Steam Air
‘Ash HP BFW ¢h
steam ar Oxydizer Ash

Mixer

Fig.4 Modelization of gasifiers and FBC by means of the components made available by the computational method, with real (upper drawings)
and simulated (lower drawings) streams entering and exiting the systems

rated with water coming from HRSG economizer and from
ASU heat recovery. Saturator is useful for two purposes: NO,
control, due to addition of large amounts of water into fuel,
and efficient heat recovery from low-temperature streams. After
saturation, clean syngas is heated by the recuperator and, before
being ducted to the gas turbine combustor, its excess pressure
is converted into mechanical power by an expander. The HGCU
scheme (Fig. 1, lower part) is simpler: The clean-up unit oper-
ates at high temperature and provides cleaned syngas directly
to the combustor, after expansion.

Both schemes include a pressurized ASU, using air entirely
extracted from gas turbine compressor- outlet. This option is
often proposed in IGCC projects (Klosek et al., 1993; Rao et
al., 1993), allowing capital cost savings and a slight efficiency
improvement. In our schemes, the oxygen-rich stream exiting
the cold box is compressed by an intercooled compressor to
the gasifier pressure, while the nitrogen stream is completely
recycled into the gas turbine, after adiabatic compression and
mixing with fuel, for NO, suppression. To render the pressurized
ASU attractive on the efficiency point of view, the heat recovery
from incoming air should be very carefully studied: For in-
stance, in our case about 22 percent of compressor air flow is
ducted to the ASU at about 400°C, with a large energy content,
Part of heat is used to increase the temperature of nitrogen
reinjected into the gas turbine; the remainder is used to warm
up the saturator water in the CGCU scheme, or to preheat water
to be evaporated in the syngas cooler in the HGCU scheme,
where BFW is extracted from the deaerator (rather than after
the HP economizer, as in the CGCU scheme).

The power cycle includes, beyond the gas turbine, a three-
pressure reheat steam cycle. However, calculations show that
the multipressure arrangement is not necessary (nor possible)
for the CGCU scheme, since a complete heat recovery is accom-
plished by means of BFW preheating, providing near-saturated
liquid to the syngas cooler boiler and to the saturator, in addition
to HP drum: In this case, a single-pressure cycle was adopted
(see Fig. 1).

3.2 Pressurized FBC. The reference plant schemes are
shown in Fig. 2, for two configurations with steam-cooled
FBHE (upper part) and air-cooled FBHE (lower part). The
steam-cooled scheme reproduces the layout proposed by Rob-
ertson et al. (1993) and Robertson and Bonk (1994). The plant
includes a gasifier, fed by coal, sorbent, air, and steam. Coal
and sorbent treatment are simply considered by an auxiliary
power requirement; air comes from the gas turbine compressor
outlet and is further compressed by a booster compressor, in
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order to provide the head necessary to move the syngas through
the fluidized bed, cyclone, filters, piping, and gas turbine com-
bustor nozzles; steam is bled from a proper steam turbine loca-
tion. Two streams exit the gasifier at the imposed bed tempera-
ture of 870°C: syngas and carbon-rich solids, including char,
ash and partially reacted sorbent. Solids are ducted to PFBC,
where combustion takes place with air coming from the main
compressor. The FBHE raises HP superheated steam, from pre-
heated feedwater coming from the HRSG. The oxygen-rich
PFBC exhausts (at 870°C) serve as oxidizer to the gas turbine
combustor, achieving the assumed TIT of 1280°C. After the
expansion, exhaust gases are used for steam production, reheat-
ing, and feedwater heating through the HRSG. The steam. tur-
bine, collecting steam from FBHE and HRSG units, completes
the plant scheme.

An alternate plant scheme is possible, by introducing an air
flow bypassing the PFBC and coming directly to the gas turbine
combustor, represented by the bold dotted line in Fig. 2 (upper
part), thus quenching the oxidizer and reducing the air flow at
the PFBC to the amount strictly necessary for combustion. This
reduces size and cost of the PFBC (including the filtering sys-
tem), especially when the gas turbine air flow becomes very
large due to high GCCR (i.e., large syngas production requires
a large combustion air flow, to maintain the imposed turbine
inlet temperature).

The plant scheme with an air-cooled bed is shown in the
lower part of Fig. 2. Air from compressor outlet is split into
two streams (in addition to the ones feeding the gasifier and
cooling the turbine): The first one is ducted to the PFBC as
oxidizer, the second one as coolant in the FBHE, instead of
steam. The two streams are then mixed together, as oxidizer to
the gas turbine combustor.

Therefore, three plant schemes are depicted: two of them
with steam-cooled FBHE, for which part of heat input serves
for steam raising (we will call them PFBC-A, with full air feed
to the FBC, and PFBC-B, with air bypass to the GT combustor);
the third with air-cooled FBHE, in which all the heat input
(through gasifier or fluidized-bed) remains inside the gas tur-
bine cycle.

3.3 Atmospheric FBC. The difference between plant
schemes with AFBC and PFBC is basically due to the fact that
FBC is fed by gas turbine exhausts (provided that O, content
is sufficient for combustion) rather than by air bled from com-
pressor outlet. The AFBC fuel consists of char coming from
the partial gasification (conceptually similar to the one of the
previous case) via a pressure-let-down lockhopper. Exhausts
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Table 4 Assumptions adopted for power cycle calculations

Gas turbine compressor

Al —27 kJ/kg for all stages

Leakage 0.8% of inlet ﬂow, at HP exit
np—0.895 [1-0.07108- log10 (SP)] for SP<1
7 =0.895 for SP=1

Inlet Ap (filter)=1 kPa
Combustors

Oxidizer Ap/p=3%, fuel Ap/p=15%

Heat losses=0.4% of combustion heat (LHV)
Gas turbine

A1 S 300 kJ/kg (cooled stages),
100 kJ/kg (uncooled stages)
'[1-0.02688-log, (SP)] for SP<1
np—np for SP=1; m, 16=0:95
M, o : 0.89 (cooled stages), 0 925 (uncooled stages);
dtfuser recovery =50% of exit kinetic head
Maximum blade temperature:
830°C (1st nozzle), 800°C (cooled turbine)
HRSG and steam cycle
Live steam pressure: 110 bar (A) or 260 bar (B)
Live steam temperature (SH and RH):
538°C (A) or 565°C (B)
Reheat and IP drum pressure: 18 bar (A) or 35 bar (B)
LP pressure: 3.1 bar
Condensing pressure: 0.05 bar
Approach AT=25°C, Pinch point AT=10°C
Gas side Ap 3 kPa, Ap/p superheaters 8%,
economizers 10%, heat losses 0.7%
Minumum gas stack temperature: 100°C
Steam turbine efficiency: see Lozza (1990)
Auxiliary power consumption: 0.5% of condenser heat
Others
Electric generators: see Lozza (1990)
Organic losses 0.03% of turbomachine work

1,51,

The size parmneter SP used to evaluate turbomachinery efficiencies
is defined as V %3/Ai “0 25, where V is the stage exit volumetric
flow for turbines, and the average volumetric flow for the
compressor.,

from the AFBC at the bed temperature of 870°C enter the HRSG
to produce steam, Heat developed by char combustion, besides
raising the exhausts temperature, can be used to produce super-
heated steam (Fig. 3, upper part) or to preheat combustion air
coming from the compressor (Fig. 3, lower part).

These two situations will be analyzed in the paper, but plant
schemes with both air/steam heating (as stipulated by Foster-
Pegg and Fraas (1993) with an air-cooled FBHE and a steam-
cooled AFBC) will not be considered here (even if interesting)
to limit the extent of the analysis. For the same reason, we will
not consider plants for which the AFBC oxidizer is ambient air
(Minchener et al., 1993) rather than gas turbine exhausts.

3.4 Assumptions. This paragraph will discuss the as-
sumptions necessary to evaluate the, performance of plants de-
scribed in Sections 3.1-3.3 and to clarify the schematization
used for simulating the various components by means of our
computational model.

3.4.1 Coal and Sorbent. A low sulfur content (<1 per-
cent) coal, imported from South Africa and widely used in
Italian power stations, has been considered as fuel in this paper.
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Fig. 5 LHV net efficiencies of plant configurations considered in the
paper, as a function of the gasifier carbon conversion ratio

Its composition and heating values are shown in Table 2. The
sulfur content of coal definitely affects plant performance, im-
posing the amount of sorbent necessary to control SO, emissions
and the related heat of reaction and heat losses, due to the
discharge of hot spent sorbent. In a IGCC, it affects the steam
needed for H,S absorption regeneration and the loss related to
sulfur production (sulfur is a ‘‘fuel’’, contributing to the coal
HHV). The assumption of a low-sulfur coal will increase plant
efficiency of about 1-1.5 percentage points, with respect to a
34 percent S content coal.

In the present paper, a simplified approach, accounting for
the reactions of Ca and Mg in the sorbent cycle, has been
introduced, due to the inaccuracies of handling this matter by
chemical equilibrium. As a matter of fact, in a PFB gasifier the
following reactions can be assumed to take place: (i) decompo-
sition of dolomite into CaCO; and MgCOs; (ii) full MgCO,
conversion to MgO and CO,; (iii) formation of CaS from
CaCO; and part of sulfur. All these reactions are endothermic:
for 1 percent S in coal, with HHV = 25.7 MJ/kg, they require
a 0.63 percent of coal HHV, assuming that 75 percent of S
reacts into CaS. This heat requirement can be simulated by an
additional ‘‘equivalent’’ heat loss of such amount.

Table 5 Performance and main characteristics of entrained-bed IGCC
cycles. “Syngas fraction” is the ratio of thermal power obtainable by
syngas combustion and the coal thermal input (both LHV), ““Steam frac-
tion” is the ratio between the steam flow produced in syngas coolers
and the total steam flowing in the HP turbine.

IGCC plant HGCU CGCU
Net LHV efficiency % | 46.68 45.58
Gas turbine power MW 167.1 164.3
Steam turbine power MW 136.5 133.6
Compressor air flow kg/s| 448.9 434.7
Air flow to ASU kg/s 85.0 85.0

Clean syngas flow kg/s| 49.13 49.12
LHV clean syngas kl/kg 9427 9430

LHV syngas-+nitrogen kl/kg 4244 4245

Syngas fraction % 77.19 77.20
Steam fraction %| 61.26 73.02
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Fig. 6 Second-law losses of IGCC and PGFBC plants, at a gasifier car-
bon conversion ratio of 60 percent with superctitical steam cycle. The
group “Syngas processes” includes the fourth to seventh rows of Table
6, while “Power cycle” includes the eighth to twelfth rows of the same
table.

In a combustor, sulfur present in sorbent and char coming
from the gasifier (thus containing CaS and unconverted S (25
percent)) is fully oxidized to CaSQO,, by exothermic reactions,
producing a 1.05 percent of the HHV input by coal, under the
same assumptions. Since chemical equilibrium fully converts S
into SO, (producing 0.36 percent of input HHV') and since this
reaction does not occur in FBC (considering an ideal sorbent
activity), the heat balance can be corrected by introducing a
“‘virtual’’ heat addition, for each percent of S, of 1.05-0.36 =
0.69 percent of input HHV.

In practice, we will simply correct the heat losses of both
gasifier and FBC: Starting from an assumed ‘‘actual loss’’ of
0.5 percent, it becomes, with some approximations for our 0.85
percent S coal, 1 percent of input HHV for gasifier and zero
for FBC (see Table 3). In this way, we will not detect the real
sorbent cycle, but we will simulate a reasonably correct heat
balance by simply considering the sorbent as an inert in both
components.

As shown in Table 3, all calculations will refer to a coal
input of 600 MW, LHV. The coal and sorbent treatment plant
(handling, grinding, lock-hoppers) has not been considered in
detail, but a power consumption of 6 MW, (1 percent of input)
was introduced in all plants, to account for solid treatment and
all other auxiliaries, not shown in Figs. 1-3, of the gasifier
sections.

3.4.2 Gasifier and FBC. The main assumptions concern-
ing the cycle performance are listed in Table 3. For PGFBC, it
has to be noticed that the steam/coal ratio depends on gasifier
type and technology: Since our work does not refer to any
particular technology, the assumed value represents an average
among various possible processes.

For the reference IGCC, the slurry composition and the gas
temperature (imposing the oxidant flow) are taken from Mat-
chak et al. (1984). The ASU operating pressures are derived
from Rao et al. (1993). HGCU is supposed feasible at 550°C,
an average value among various possible processes described
by Newby and Bannister (1994); the heat loss of 67°C (120°F)
is also quoted by the same authors. For CGCU, it was supposed
that steam produced by the Claus furnace is sufficient for ab-

Journal of Engineering for Gas Turbines and Power

Plant configuration| IGCC- | IGCC- | PFBC | PFBC | AFBC | AFBC
CGCU | HGCU | air- | steam- | air- steam-
Second-law loss sources cooled | cooled | cooled | cooled
Gasification 13.590 | 13.721 | 8.957 | 8.957 | 8.846 | 8.846
Fluidized-bed combustion - - 11.345 | 13.511 | 11.341 ] 12.284
Gas turbine combustion 16.496 | 16,075 | 9.270 | 10.596 | 9.918 | 11.004
Air separation unit 2.521 § 2.261 - - - -
Syngas cooling 3.057 | 2.715 - - - -
Syngas clean-up 2,590 | 1.885 | 0.490 | 0.490 | 0.483 | 0.483
Other, gasification plant 2,055 | 2.047 | 1782 | 1.782 | 1.893 | 1.877
GT compression 2.096 | 2.166 | 2.694 § 1.919 | 2.015 | 1.674
GT expansion 3.626 { 3.651 | 4.338 | 3.269 | 3.412 | 2.934
|l Steam cycle and HRSG 6.250 | 6.792 | 6,953 | 7.017 | 9.782 | 9.706
Exhaust gas 1.280 | 1.152 | 1.302 | 1.109 | 1.420 | 1.300
Other, power cycle 1.917 1.937 | 1.953 | 1.831 | 1.962 | 1.883
Second-law efficiency 44,522 | 45.598 | 50.916 | 49.519 | 48.868 | 48.009

sorber regeneration and for SCOT process: This is quite realis-
tic, even if a modest quantity of LP steam is generally supplied
from the steam cycle.

All calculations were performed by assuming that chemical
equilibrium well represents the outlet condition from gasifiers
(see Section 2.2.2). The schematization used for reproducing
gasifiers and FBCs within our calculation method is shown in
Fig. 4. For the entrained bed gasifier used in the reference IGCC,
the actual gasification is simulated by the reactive mixer C; the
heat exchanger B simply lowers the temperature of discharged
ashes, split by D, since in real plants ashes leave the gasifier at
a lower temperature than raw syngas; the radiant and convective
syngas coolers have been incorporated in a single heat ex-
changer E. The fluidized bed gasifier in PGFBC plants should
have the capability of considering the partial gasification: There-
fore, an imposed amount of carbon (here considered the only
component of char) must be split before the reacting air—coal
stream enters the mixer E, where the reactions producing syngas
take place (otherwise the entire carbon content would be con-
verted). Together with carbon, the splitter B separates ash and
sorbent (which is an inert, as previously discussed): These
streams are then heated by the heat exchanger D to the bed
temperature. This arrangement does not reproduce the real se-
quence of operations, but provides the correct heat balances: In
fact, considering all components A—E, they convert the entering
flows into two exit flows at the bed temperature (syngas and
char + ash + sorbent) as in the real plant. For a given coal
input, the air flow entering the system is calculated to obtain
the imposed outlet temperature of 870°C. The fluidized bed
combustor is represented by a mixer, collecting char and air (or
gas turbine exhausts, Fig. 3), and by a reactive heat exchanger,
producing steam or hot air. Ash and spent sorbent are then
separated (splitter C), as in cyclone and filter of the real plant.
Heat released to coolant is calculated by imposing a bed temper-
ature of 870°C.

3.4.3 Power Cycle. Inthis paper we will consider a heavy-
duty gas turbine with main cycle parameters, £ and TIT, repre-
sentative of 200 MW, class last generation units. The selected
values of § = 15 and TIT = 1280°C have been kept constant
in the analysis, since the possibility of using the same machines
of gas-fired combined cycles (with some combustor modifica-
tions) is one of the key points of coal-fueled plants using gasifi-
cation processes. An extended analysis, considering various
pressure ratios, would be an interesting exercise, but would
probably remain rather academic. On the contrary, the air flow
will be changed according to the cycle requirements: In fact, a
fixed coal input has been stipulated (Table 3) in order to avoid

Table 6 Second-law losses of IGCC and PGFBC considered in the pa-
per. All PGFBC have GCCR = 60 percent and supercritical steam cycle.
The group “other, gasification plant” includes thermal losses and auxilia-
ries consumptions (coal treatment, booster compressor, etc.). The group
‘‘other, power cycle’” includes thermal, mechanical, electric losses and
auxiliaries consumptions (as condenser cooling circuit pumps, etc.).
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Table 7(a) Performance and main characteristics of partial-gasification cycles with pressurized FBC. *'Syn-
gas fraction” is the ratio of thermal power obtainable by syngas combustion and the coal thermal input
(both LHV). “Steam fraction” is the ratio between the steam flow produced in FBHE and the total steam
flowing in the HP turbine,

GCCR, % 30 40 50 60 70
Steam pressure, bar 110 260 110 260 110 260 110 260 110 260
Results common to all PFBC schemes

Gasifier air flow, kg/s 34.2 - 40.0 39.4 45.7 45,0 | 51.45 50.57 | 57.20 56.20
Syngas flow, kg/s 47.96 - 56.48 55.89 | 65.00 64.26 | 73.52 72.63 | 82.07 81.02
LHV syngas, k/kg 3479 - 3783 3861 | 4006 4094 | 4179 4273 | 4315 4416
Syngas fraction % 27.81 - 35.61 3596 | 43.40 43.84 | 51.21 51.72 | 59.02 59.63
Air cooled PFBC

Net LHV efficiency, % - - - - 51.69 52.09 | 51.57 51.97
GT gross power, MW - - - - Air exiting 200.3 201.2 | 200.7 202.1
ST gross power, MW - - - - FBHE exceeds | 119.6 122.7 | 118.6 121.6
Compressor air flow, kg/s - - - - the bed temper- | 555.8 558.7 | 553.6 556.9
Air flow to PFBC, kg/s - - - - ature of 870°C | 104.4 1044 } 78.9 789
Air flow to FBHE, kg/s - - - - 319.7 323 3359 3398
'I’,l exiting FBHE, °C - - - - 827 823 709 705
Steam cooled PFBC with full air feed to PFBC (PFBC-A)

Net LHV efficiency, % 47.92 49.70 50.72 | 50.99 51.70 | Steam produc- - -
GT gross power, MW 113.9 HRSG | 146.5 148.1 | 179.0 180.7 | tion in FBHE - -
ST gross power, MW 184,2 cannot | 1620 169.2 | 136.9 1415 | becomes zero. - -
Compressor air flow, kg/s | 305.5 providef 400.1 404.7 | 494.8 500.2 | Bed temperature - -
Air flow to PFBC, kg/s 2231 BFW | 3001 304.8 | 377.0 3825 | 6f870°C cannot - -

% O, PFBC exit 875 AndRH| 1305 13.16 | 1560 1570 | pe sustained, - -
Steam fraction % 85.8 655 74.6 335 365 due to large - -
% O2 in exhausts 6.14 940 9.52 | 11.44 11.53 excess air - -
Steam cooled PFBC with 6% Q,, at PFBC exit (PFBC-B)

Net LHV efficiency, % 47.56 48.11 49.66 | 48.75 50.16 | 49.40 50.66 | 49.92 50.88
GT gross power, MW 106.2 HRSG | 1197 1203 | 133.2 134.0 | 146.8 147.7 | 160.4 161.5
ST gross power, MW 189.4 ~cannot | 179.6 191.7 | 169.9 180.7 | 160.2 169.7 | 149.8 156.9
Compressor air flow, kg/s | 282.1 provide| 320.2 321.6 | 357.9 359.6 | 395.5 397.5 | 432.8 435.7
Air flow to PFBC, kg/s 181,1 BFW | 1555 1555 | 130.0 130.0 | 104.4 1044 | 789 789
Air to GT combustor,kg/s | 21.3 #ndRH| 7301 753 | 1246 127.4 | 176.2 179.5 | 227.8 231.8
Steam fraction % 89.6 82.7 88,6 74.7 808 65.4 715 540 602
% O, in exhausts 5.01 6.74 6.80 8.09 8.15 9.19 9.24 10.09 10.15

Table 7(b) Performance and main characteristics of partial gasification cycles with atmospheric FBC.

Syngas and steam fractions were defined in the previous table.

[GCCR, % 30 40 50 60 70

[lsteam pressure, bar 110 260 | 110 260 | 110 260 | 110 260 | 110 260

Results common to all AFBC schemes

Gasifier air flow, kg/s - - - - 45.4 44.6 51.1 50.1 56.8 55.7

Syngas flow, kg/s - - - - 64.67 63.91| 73,14 72,22 | 81.62 80.54
HV syngas, ki/kg - - - - 4041 4131 | 4214 4312 | 4352 4457
yngas fraction % - - - - 43.55 44.00 ) 5137 51.90 | 59.20 59.83

[lair cooted aFBC

[Net LHV efficiency, % - - 49.10 50.10 | 49.03 50.00 | 48.87 49.89
T gross power, MW - - Air exiting FBHE| 159.6 160.2 | 160.6 161.0{ 161.0 161.8
T gross power, MW - - exceeds the bed | 1533 161.3 | 152.1 160.2 ] 151.2 159.1
ompressor air flow, kg/s - - temperature of | 417.2 419.0 | 414.5 417.1 | 412.6 415.6

lAir flow to FBHE, kg/s - - 870°C 308.1 3105 299.1 301.1| 2885 291.7

[T exiting FBHE, °C - - 745 741 609 603 454 451

ISteam cooled AFBC

Net LHV efficiency, % 43.43 4534 | 45.00 46.79 | 46.57 48.26 1 47.72 49.11 | 48.60 49.76
T gross power, MW 71.6 7.7 97.1 97.2 116.6 116.7 | 135.1 136.1 | 1455 155.7

ST gross power, MW 200.1 2153 | 190.1 204.4| 180.2 193.6 | 169.1 179.6 | 155.8 164.3

Compressor air flow, kg/s 190.8  191.1] 242.5 2427} 293.8 2942 342.8 34571 394.0 3974

Air to GT combustor, kg/s 122.9 123.2 | 161.2 161.5| 1993 199.7 | 234.4 2379 | 273.1 276.1

Steam fraction % 579 652 | 541 614 | 498 564 | 356 38.4 103 109

% 02 in exhausts 6 6 6 6 [ 6 - 1.53 7.63 9.10 9.19

Air added in FBC, kg/s 111.6 1114 612 60.9 | 1090 10.77 0 0 0 0

the same hypotheses used by Macchi et al. (1994 ) for heavy-
duty machines.

The steam cycle will assume different configurations, de-
pending on the plant scheme and on the carbon conversion ratio.
For instance, in the air-cooled scheme of Fig. 2, it is essentially

significant differences in plant size (otherwise yielding different
performance of components with size-related efficiency).

The thermodynamic calculation of the gas turbine is based
on the main assumptions reported in Table 4. Blade cooling is
calculated by the method described by Consonni (1992), with
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Fig. 7 Main operating parameters of the IGCC scheme with hot-gas-
clean-up

a heat recovery cycle, not different from the one of gas-fired
combined cycles (multipressure). As the direct heat input from
coal to steam increases (i.e., steam-cooled plants at low
GCCR), the cycle much more resembles a conventional fired-
boiler cycle (single pressure with feedwater heaters ). However,
a general strategy has been stipulated: In FBC high-pressure
steam is generated and superheated from saturated feedwater
provided by the HRSG. In the HRSG, another fraction of super-
heated HP steam is generated, depending on the exhaust gas
heat capacity, and feedwater heating and reheating is provided
to the entire steam flowing in the turbine; if the exhaust heat
capacity exceeds feedwater heating requirements, IP and LP
steam is generated (as in muitipressure schemes), otherwise
BFW heating, for the part that cannot be supplied by exhaust
heat recovery, is accomplished by regenerative bleedings from
the steam turbine, as in fired plants. The general method of
calculation of the steam section is exhaustively treated in Lozza
(1993). The main assumptions are listed in Table 4. Two steam
conditions were assumed in this paper:

(A) a subcritical single-reheat cycle (110/18 bar, 538/
538°C), representing the most common conditions of
advanced combined cycles,

a supercritical single-reheat cycle (260/35 bar, 565/
565°C), representing an advanced but widely diffused
technology of conventional steam power stations.

(B)

The use of double-RH, high-supercritical, high-temperature
{600-650°C) cycles, undoubtedly heneficial to efficiency
(Lozza, 1993), was not considered here, to avoid solutions
including further technological risks.

4 Discussion of Results

The predicted performances of IGCC and PGFBC plants de-
scribed in Section 3 are shown in Fig. 5. As a first general
consideration, one can say that all partial gasification schemes,
even if including a conservative steam cycle or a poor GCCR,
can surpass the predicted efficiency of IGCCs (in the range of
46 percent, Table 5), in some cases by several percentage
points, and can reach values up to 52 percent. Efficiency losses
can be seen in Fig. 6, showing the second-law analysis of IGCCs
and PGFBCs at a GCCR of 60 percent, with supercritical steam
cycle. On a general basis, Fig. 6 demonstrates that the main
reason for the superiority of PGFBCs schemes is the abatement
of losses grouped as ‘‘Syngas processes,”’ i.e., (i) cooling of
syngas, directly used by PGFBCs in the power cycle without

Journal of Engineering for Gas Turbines and Power

highly irreversible heat transfer processes, (ii) low-temperature
treatment and acid gas separation, (iif) air separation (responsi-
ble for more than 2 points loss). On the contrary, the combus-
tion-gasification processes, even if taking place within different
devices with different modes provide similar second-law losses;
these losses are somewhat higher in steam-cooled FBC where
combustion heat is transferred to low temperature steam.

Let us now discuss with detail the results for each cycle, by
referring to Fig. 6 (showing the second-law loss breakdown),
Table 6 (including the same information with higher detail)
and Table 7 (reporting the main cycles characteristics, outlining
the main variations due to different GCCR):

* IGCC: The efficiency of the HGCU scheme is 46.64
percent LHV (44.67 percent HHV ). One percentage point
in efficiency is gained compared to the more conventional
CGCU (Table 5), because of (i) lower syngas cooler
losses, due to its smaller duty (raw syngas exits coolers
at 550°C instead of 368°C), (ii) elimination of all low
temperature heat exchangers with related irreversibilities.
However, a 1.9 percent efficiency loss is attributed to
HGCU, due to thermal losses and to the loss of the heating
value of removed acid gas. For both schemes, the chemi-
cal conversion of coal into syngas accomplishes about
13.6 points of efficiency loss; the gas turbine combustor
is responsible for a loss of more than 16 points, mainly
due to the low oxidizer temperature. It is worth noting
that the sum of these two losses is very similar to the
one taking place in the combustor of a natural gas-fired
combined cycle (about 28 points). Figure 7 shows mass
flow, pressure, and temperature of most relevant points
of the HGCU cycle. From Table 5, one can notice that
syngas flow and LHV are unexpectedly the same in the
two cases: Water reintroduced in the saturator is almost
equal to that originally enclosed in the raw syngas, not
removed by hot-gas-clean-up.

e Air-Cooled PFBC: This is the most efficient configura-
tion. As all other PGFBC schemes, it accomplishes a
reduction of gasification losses (about 9 points versus the
13.6 of IGCC, due to the partial chemical conversion and
to the lower operating temperatures) and of gas cleaning
losses (only related to the discharge of hot ashes and
spent sorbent), in addition to the elimination of ASU and
syngas cooler losses. However, the second-law loss in the
PFBC combustion is as large as 11.3 points, even if high-
temperature air is raised in the process; on the other end,

lecor=50%

nuw=52.08

GT power = 201.2
ST power = 122.7
Auxiliaries = 11.8
Net power =312.1

Syngas composition:
Ar =051
CHe=0.39

CO = 16.35
CO2=8.01
H2=20.08

H20 = 11.46
NH3=0.02
Nz=43.18

Fig. 8 Main operating parameters of the partial-gasification scheme
with air-cooled pressurized FBC, at 60 percent gasifier carbon conver-
sion ratio and supercritical steam cycle
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¢ Steam-Cooled PBFC With 6 percent O, at PFBC Exit:

(A5 [pccR=60% . . .
— Thls configuration presents a lower efficiency tha}n t}}e
‘ GT power = 147.7 air-cooled one because of a larger entropy production in
Hllowdelbiied the PFBC, due to generation of low-temperature steam
Net power = 303.3 rather than air, and in the GT combustor, due to low-
Syngas composiion temperature oxidizer. At the same GCCR (50 percent of
Table 6) this yields a larger loss of 3.6 percent, partly

compensated by lower losses in the gas turbine, having a
lower power output. It is important to notice that the
adoption of a more efficient steam cycle yields efficiency
improvements much larger than in previous cases: In fact,
steam generation from the high-temperature environment
of the PFBC, producing large irreversibilities, concerns a
large part of the heat input, especially at low GCCR. The
plant operating parameters at GCCR = 60 percent are
given in Fig. 9. For this plant configuration, the second-
law analysis was performed at different carbon conversion
ratios (Fig. 10 and Table 8): By decreasing GCCR, the
reduction of GT combustion and gasification losses (due

Fig. 9 Main operating parameters of the partial-gasification scheme to the decreasing duty of these Components) is more than

with steam-cooled pressurized FBC (with 8 percent O, at FBC exit), at Coun'terbalanc-e(! by a larg.e imPYOVf'jment of combustion
60 percent carbon conversion ratio and supercritical steam cycle loss in the fluidized-bed, since heat is transferred at low-

high-temperature oxidizer (835°C) contributes to a dra-
matic reduction of the combustion loss to 9.3 points.
Looking at Table 7(a), it can be noticed that GCCR
lower than 60 percent are not viable, since air flow can
no longer moderate the bed temperature, unless a reduc-
tion of the TIT (not considered here) is accepted: In this
case, with a given syngas flow, with a larger air flow it
becomes possible to cool the bed, but efficiency drops
rapidly. A GCCR of 70 percent or higher is recommended
to keep the air temperature within reasonable limits: Effi-
ciency slightly decreases, only .due to the larger steam
flow required by the gasifier (from assumption of Table
3). The use of supercritical steam cycle improves effi-
ciency by 0.4 percentage point only. The switching be-
tween the two considered steam cycles also modifies the
gas turbine power output by a very small amount (Table
7a). This is simply due to the fact that steam ducted to
the gasifier is at different temperatures, since it is bled at
18 bar before being reheated in subcritical cycle, and after
reheat (and therefore at higher temperature) in the other
one: This modifies the gasifier energy balance and the
resulting syngas composition. A more detailed picture of
the plant operating parameters at GCCR = 60 percent is
given in Fig. 8.

Steam-Cooled PFBC With Full Air Feed to PFBC: In
this plant scheme, combustion air is fully ducted to the
PFBC and heated up to 870°C. The excess heat is used
for steam production. By increasing the GCCR, the air
flow increases to make use of the available syngas; there-
fore the oxygen content of the PFBC increases, while
steam production decreases, until it becomes zero at about
67 percent carbon conversion: In this condition the plant
is conceptually similar to the air-cooled one, obtaining
the same high efficiency. On the contrary, at low GCCR
it becomes a steam-cooled one, having a large steam pro-
duction and a decreasing efficiency. At 30 percent GCCR
the supercritical steam cycle is not possible, since the gas
turbine exhaust heat content is not sufficient for reheating
(the cycle would be feasible by performing RH in the
PFBC): This does not happen for the subcritical cycle,
requiring a larger vaporization heat. In general, this plant
arrangement, if adopted at GCCR of 50-60 percent, in-
volves a very large air flow at the PFBC, increasing its
size and cost: This drawback is removed in the following
configuration, with a slight loss of efficiency.
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temperature steam; the power cycle losses remains ap-
proximately the same, in spite of the different gas/steam
turbine output (Table 7a).

¢ Air-Cooled AFBC: The use of an atmospheric bed yields
a loss breakdown very similar to the one with pressurized
bed. The only significant difference, providing an effi-
ciency loss of 2 points, is an higher heat transfer loss in
the HRSG, in which gas enters at 870°C (bed exhausts)
rather than at about 600°C (gas turbine exhausts). Despite
this similarity, the plant operating parameters (Table 7b)
are different from the ones of PFBC: The gas turbine
power is lower, because the high-temperature exhausts
from the fluidized-bed do not enter the gas turbine ex-
pander, but are devoted to steam production, enhancing
the steam turbine output. A somewhat higher efficiency
(at high GCCR) can be obtained by using the high-tem-
perature AFBC exhausts to preheat combustion air fur-
ther, rather than raising steam, but this would require a
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Fig. 10 Second-law losses of partial-gasification plants with steam-
cooled PFBC at various carbon conversion ratios. The group “Syngas
processes” represents the fourth and fifth rows of Table 8, while “Power
cycle” includes the sixth to tenth rows of the same table.
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Table 8 Second-law losses of PGFBC cycles with steam-cooled pres-
surized FBC and supercritical steam cycle, at various carbon conversion
ratios. Losses are grouped as in Table 6.

Steam-cooled PFBC Gasifier carbon conversion ratio
2™ law loss sources 40% 50% | 60% 70%

Gasification 7.526 | 8.243 | 8.957 | 9.673
FB combustion 20.174 | 16.844 | 13.511} 10.175
GT combustion 7.011 | 8.804 | 10.596| 12.389
Syngas clean-up 0.490 | 0.490 | 0.490 | 0.490
Other, gasification 1.772 | 1,776 | 1.782 1.789
GT compression 1.559 | 1.739 | 1.919] 2.100
GT expansion 2.660 | 2.964 | 3.269 3.575
Steam cycle, HRSG | 7.646 | 7.334 | 7.017 | 6.980
Exhaust gas 0.939 | 1.024 | 1.109 | 1.195
Other, power cycle | 1.681 | 1.756 § 1.831 | 1.901
2 Jaw efficiency 48,542 149.026|49.519| 49.733

high-temperature air-to-air heat exchanger. As in the
PFBC case, the lower limit of GCCR is set by the tempera-
ture of air exiting the FBHE, approaching the bed temper-
ature.

+ Steam-Cooled AFBC: This is the less efficient configu-
ration, including the drawbacks of the atmospheric solu-
tion and of a large steam production (see Table 7b),
yielding a lower contribution of the gas turbine to the
power output. However, an efficiency as high as 49 per-
cent can be obtained at GCCR = 60 percent (Fig. 11),
using technical solutions less innovative than previous
schemes. Gas turbine exhausts can provide the full oxygen
content required by char combustion in EBC only for
GCCR exceeding 53 percent; for lower values, an addition
of external air (Table 7b) is necessary to maintain the
minimum oxygen content of 6 percent in exhausts: This
rapidly decreases cycle efficiency and the gas turbine pro-
vides a very limited fraction of the total output, as in
conventional PFBC cycles without gasification. In this
situation, the thermodynamic convenience of using a su-
percritical steam cycle is enhanced.

5 Technology and Emission Problems

With the exception of steam-cooled AFBC at low GCCR, all
PGFBC cycles present an efficiency consistently higher than
the one of IGCC. As stated in the introduction, the plant config-
uration is simpler and the potential exists for capital cost reduc-
tion, compared to IGCC. However, it should be clear that these
plants are at present subject to several technological hazards,
while IGCC with cold-gas-clean-up is now ‘‘proven technol-
ogy’’ (for instance, the 250 MW, Buggenum plant in the Neth-
erlands is in commercial operation) and HGCU is close to the
demonstration phase in utility-size plants. The most challenging
issue is the filtration of syngas and PFBC exhausts (including
dust and alkali removal) at the bed temperature of about 870°C,
by means of ceramic filters. In addition, the gas turbine combus-
tor should be completely redesigned, as well as a fuel control
system able to withstand extremely high temperatures and large
mass flows. Many of the filtering problems have been encoun-
tered (and certainly solved) by ABB Carbon, which now pro-
poses, as a commercial package, a PFBC plant (first generation,
i.e., without gasification) of 800 MW,: However, this plant
makes use of a low-temperature uncooled gas turbine, rather
than an advanced unit. On another side, the realization of a
PFBC remains a sensitive issue, especially if air-cooled; how-
ever, commercial steam-cooled units are available (ABB Car-
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bon, Alhstrom). The AFBC solution is simpler, because gas
filtration can be operated at low temperature (i.e., before dis-
charge to the atmosphere). The fact that important manufactur-
ers and engineering companies (like Foster Wheeler) are devot-
ing relevant R&D resources to PGFBC plants is probably the
best evidence that quoted technological problems can be solved
within a near-medium term.

As far as emissions are concerned, a 90 percent sulfur capture
is a realistic figure obtainable by sorbent addition within a fluid-
ized bed: By considering the limit on sulfur dioxide emission
imposed by EEC for solid fuel plants (400 mg/Nm?, 6 percent
O, dry, for thermal power exceeding 500 MW), and the fact
that our 0.85 percent S coal (Table 2) would produce as much
as 1720 mg/Nm® of SO, without any sulfur removal, an abate-
ment of 90 percent would enable to employ a coal with about
2 percent S content. The use of largely diffused coals with 3—
4 percent sulfur content calls for sulfur retention close to 95
percent, a figure hardly obtainable by fluidized-bed combustors
in real operating conditions, but largely within the capabilities
of IGCC with low-temperature adsorption of H,S. Considering
also that the sorbent needs (and therefore the solid transports
to and from the plant) are proportional to the coal sulfur content,
it is the authors’ opinion that PGFBC are a very attractive
option, due to their efficiency and potential cost reduction, for
low-sulfur coals (as the one considered in this paper), but
IGCCs can provide unsurpassed environmental performance
with high-sulfur coal (see also Moore, 1993).

The situation is of course reversed as far as CO, emissions are
concerned, due to the higher efficiency of PGFBCs, therefore
providing less CO, per kWh.

NO, emissions cannot be predicted within thermodynamic
analyses like the present one. However, an important parameter
is the adiabatic flame temperature, resulting from stoichiometric
fuel combustion, which can be correlated to the NO, production
in a diffusion burner. Limiting the analysis to PFBC schemes
(where, contrarily to AFBC, NO, production can be reasonably
concentrated in the gas turbine combustor), Table 9 shows the
flame temperature of some schemes proposed in the paper, as
calculated by the computer model for the gas turbine described
in Fig. 3, in the hypothesis of full oxidation.

The flame temperature of a IGCC without any NO, suppres-
sion system is consistently higher than the one achieved with
natural gas, but the massive addition of nitrogen and water
saturation, shown in Fig. 1, strongly reduces the flame tempera-
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Fig. 11 Main operating parameters of the partial gasification scheme
with steam-cooled atmospheric FBC: 60 percent gasifier carbon conver-
sion ratio and supercritical steam cycle
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Table 9 Flame temperature of plant configuration considered in the
paper

Plant configuration Flame tem-
perature, K
Natural gas fired gas turbine 2526
IGCC (without water and N 5 addition) 2725
IGCC HGCU (with N ) addition) 2185
IGCC CGCU (with water and N, addition) 2129
Air-cooled PFBC (GCCR=60%) 2373
Steam-cooled PFBC (free 02, GCCR=40%) 2163
Steam-cooled PFBC (6% 02, GCCR=40%) 1972
Steam-cooled PFBC (6% O,, GCCR=60%) 2178

ture and thermal NO,. For different reasons (mainly related to
air-blown gasification), the PFBC plants here considered have
a flame temperature consistently lower (150—400 K, depending
on configuration ) than natural-gas-fired gas turbines. The differ-
ence among various PFBC schemes of Table 9 is due to the
oxidizer temperature (higher for the air-cooled scheme) and to
the syngas heating value (Table 7a). The values quoted in
Table 9 make feasible the realization of burners with acceptable
NO, emissions, without syngas dilution as necessary in IGCC
plants. :

6 Conclusions

Partial coal gasification, together with fluidized bed combus-
tion, can achieve conversion efficiency significantly higher (up
to 5~6 percentage points) than IGCC, which in turn are more
efficient than systems involving low-temperature cycles, like
pulverized coal steam stations and PFBC plants without gasifi-
cation. Reasons for this superiority are the reduction or elimina-
tion of loss sources typical of IGCCs (air separation, syngas
cooler heat transfer). Several plant configurations'are possible;
in the most efficient schemes, the heat of combustion (via gas-
ification or directly in fluidized-bed combustion) must remain,
as much as possible, inside the gas turbine cycle. This can be
obtained by relatively high-carbon conversion ratio or by air-
cooled fluidized bed.

Together with plant simplification, with respect to IGCC, and
potential capital cost reduction, PGFBC plants can be consid-
ered as a very interesting solution for coal utilization, justifying
considerable efforts in R&D activities on those components
which are not commercially available today. This option is par-
ticularly attractive for low-sulfur coals (like the ones imported
in Ttaly), due to acceptable emissions and sorbent consumption;
however, IGCC will remain one of the most attractive tech-
nologies for very low-grade fuels, also due to superior sulfur
retention capabilities.
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Feasibility Study on Oil Droplet
Flow Investigations Inside Aero
Engine Bearing Chambers—
PDPA Techniques in
a.ean | Gombination With Numerical
w. kurreck § Approaches

M. Willmann The present paper deals with oil droplet flow phenomena in aero engine bearing
chambers. An experimental investigation of droplet sizes and velocities utilizing a

Phase Doppler Particle Analyzer (PDPA) has been performed for the first time in

S. Wittig bearing chamber atmospheres under real engine conditions. Influences of high rota-
tional speeds are discussed for individual droplet size classes. Although this is an

Lehrstuhl und Institut fir Thermische important contribution to a better understanding of the droplet flow impact on second-

Strémungsmaschinen, ary air/oil system performance, an analysis of the droplet flow behavior requires an

“Universitat Karlsruhe (T.H.), incorporation of numerical methods because detailed measurements as performed

76128 Karlsruhe, Federai Republic of here suffer from both strong spatial limitations with respect to the optical accessibility
Germany in real engine applications and constraints due to the extremely time-consuming

nature of an experimental flow field analysis. Therefore, further analysis is based on
numerical methods. Droplets characterized within the experiments are exposed to
the flow field of the gaseous phase predicted by use of our well-known CFD code
EPOS. The droplet trajectories and velocities are calculated within a Lagrangian
[frame of reference by forward numerical integration of the particle momentum equa-
tion. This paper has been initiated rather to show a successful method of bearing

: chamber droplet flow analysis by a combination of droplet sizing techniques and
numerical approaches than to present field values as a function of all operating
parameters. However, a first insight into the complex droplet flow phenomena is
given and specific problems in bearing chamber heat transfer are related to the
droplet flow.

Introduction ’ separating the lubricant from the hot zones of the engine in
order to prevent oil fires. Bearing chamber seals (e.g., labyrinth
or brush seals) have to be pressurized by air, which is supplied
by the secondary air system described above. Entering the
chambers, the air mixes with the lubrication oil generating ex-
tremely complex two-phase flow conditions. Finally, the air is
discharged through vent lines, carrying a certain amount of oil
with it.

Designing the flow elements upstream and downstream of
bearing chambers is a highly iterative procedure due to several

design process. In contrast to satisfying results that have been two-phase flow phenomena involved in this process. Problems

) ) . 4 . hi . arise due to uncertainties in the theoretical dgsgription as well
%Z(éﬁzde{o;flﬁ%glp hf;g;;r g?wiiggogt:;g T9a9cs-lr}z€<);§);get as due to a lack of data on these flow conditions. Besides a

al., 1994), little knowledge is available on the flow phenomena consideration of interactions between the oil film at the housing
at the interface between the secondary air and the lubrication  Walls and the turbulent gas phase in the core of bearing cham-
oil system, namely the bearing chamber. bers (Glahn and Wittig, 1995), special emphasis has to be

Based on the fact that rolling element bearings cannot be directed to a better insight into effects of droplet flow. Evidently,
substituted in acro engines within the near future, special effort droplet flow can cause a significant enhancement of local heat
has to be directed to the problem of heat generation due to transfer in bearing chqmbers as rgported by Wittig et al. (1994)
bearing friction and, therefore, these bearings have to be lubri- and, therefore, a detailed analysis of heat transfer phenomena

cated by oil. As a consequence, chambers have to be built has to include investigations of droplet size, velocity, and flow
rate. In addition, these quantities are necessities for the calcula-

tion of equivalent two-phase densities and separation mecha-
Contributed by the International Gas Turbine Institute and presented at the 40th  nisms required for the proper matching of all air and oil flows

International Gas Turbine and Aeroengine Congress and Exhibition, Houston,  [inked to bearing chambers (Zimmermann et al., 1991).
Texas, June 5-8, 1995. Manuscript received by the International Gas Turbine ’

Secondary air and lubrication oil systems have a decisive
influence on performance characteristics and capabilities of
modern jet engines. Therefore, to reduce performance losses,
air has to be taken as early as possible from the compressor
and has to be expelled back into the mainstream at the highest
possible pressure. To meet this requirement, sufficient knowl-
edge on discharge characteristics and heat transfer phenomena
of all secondary air system components, i.e., rotating orifices,
labyrinth seals, and annular gaps, are necessities within the

Institute February 16, 1995. Paper No. 95-GT-100. Associate Technical Editor: Unformn.atel'y’ .obs.tacles tq improvements are gﬁven by the
C. I. Russo. ' severe spatial limitations, which make any application of mea-
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Fig. 1 Modes of reflection (P = 0) and refraction (P = 1~4)

suring techniques for a determination of the above-mentioned
guantities nearly impossible.

In the present study, considerable experience of opto-elec-
tronic diagnostic has been used to develop a new PDPA setup,
which allows for the first time investigations of droplet size and
velocity in bearing chamber atmospheres. Measurements have
been performed for real engine conditions simulated at our test
rig up to high rotational speeds of ny = 16,000 rpm. Although
this is an important contribution to a better understanding of
the flow phenomena described above, a complete flow field
analysis cannot be performed by this approach due to restric-
tions with respect to the accessibility to the bearing chamber.
However, measured data can be used as initial conditions for
a computational investigation of droplet/gas interactions. The
present paper has been initiated as a feasibility study on such
an approach. Therefore, the gaseous phase of the two-phase
flow has been predicted by our Finite-Volume code EPOS (Kur-
reck and Wittig, 1994). In addition, droplet trajectories calcu-
lated within a Lagrangian frame of reference are visualized in
order to intensify the knowledge of the physical phenomena in
bearing chambers.

Experimental Setup and Measuring Techniques

PDPA Setup. Simultaneous measurements of droplet size
and velocity have been performed using a Phase Doppler Parti-
cle Analyzer (PDPA) as one of the few measuring devices
capable of this task. This technique, described in detail by Bach-
alo and Houser (1984) and Saffmann (1989) and discussed
with respect to its resolution and accuracy by Bachalo and
Sankar (1994), measures the distance of scattered fringe pat-
terns, which are generated by single droplets passing the mea-
suring volume in the intersection of two laser beams. By use
of two or more photomultipliers separated by fixed spacings, the
fringe patterns of droplets moving through the beam intersection
region are analyzed by use of the phase shift between the signals
of the detectors. This phase shift shows for each scattering mode
(i.e., reflection, first and higher orders of refraction) a linear
relationship to the droplet diameter. However, for successful
adaptation it has to be checked whether one of the modes is
dominant at the scattering angle chosen for the measurements.
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Fig. 2 Scattered light intensities for two diameters

Otherwise, the relationship between phase shift and the droplet
diameter cannot be used for the sizing of particles due to super-
imposition effects. Therefore, scattered light intensities of a
droplet due to reflection and four orders of refraction have
been calculated as a function of the scattering or off-axis angle,
respectively, using geometric optics (van der Hulst, 1981). Re-
sults are presented in Fig. | in terms of normalized values,
which have been based on the intensities of an isotropical scat-
tering particle of the same size. For the selected scattering angle,
only the refractive index » for the liquid has to be taken into
account. It can be concluded that two regions are suitable for
the measurements. In the forward scatter region of 30 deg = 6
= 80 deg first-order refraction (p = 1) is the dominant mode.
The intensity of reflected light (p = 0) is two to three orders
of magnitude lower. This is well known and nearly independent
of the refractive index. Unfortunately, due to the geometric
constraints given by the rig, this scatter configuration cannot be
used here. However, a second region in the backscatter range
of 120 deg = # = 140 deg showing a dominant mode of
reflection seems to be suitable too. This observation is con-
firmed by additional calculations of the scattered light intensity
considering the superimposition of all modes described above.
Additional scattering modes have been included by a compari-
son with calculations using Mie theory (van der Hulst, 1981).-
Examples are given in Fig. 2 for two droplet diameters. Without
going into all details, some points should be highlighted. It
can be seen that the backscatter region identified above is not
significantly affected by other modes than reflection. A proper
off-axis angle suitable for the bearing chamber rig adaption is
given where geometric optics and Mie theory show the best fit.
Therefore, an angle of § = 130 deg should be selected. How-
ever, due to the constraints given by the rig, this angle has to
be slightly shifted to an off-axis angle of § = 125 deg. It can
also be concluded that measurements in the backscatter region
suffer from low intensities three oraers of magnitude lower than
in the forward scatter region, which has to be considered in the
discussion of measured diameters with respect to the lower limit
of the distributions.

Bearing Chamber Rig Adaptation. As mentioned above,
the test rig developed at our institute for the investigation of
air/oil flow and heat transfer phenomena in bearing chambers

Il

d = diameter, m
nic = mass flow, air, kg/s
n = refractive index
nw = rotational speed, min”~

deg, m

1
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p = mode of reflection/refraction
r, ¢, z = cylindrical coordinates, m,

R, = housing inner radius, m 0
T = temperature, K

U = circumferential velocity, m/s
U, = shaft surface velocity, m/s
V. = volume flow oil, L/h
off-axis angle, deg
®* = backscatter angle, deg

I
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Fig. 3 High-speed bearing chamber test rig

has been adapted to the present investigation. Design considera-
tions and a description of all test facility components are given
by Wittig et al. (1994). However, for a better understanding
of air and oil flows inside the bearing chamber rig, a short
description of the general arrangement is presented below. A
sectional view of the test rig is shown in Fig. 3 for a co-axial
plane located at a circumferential position of ¢ = 45 deg relative
to the vertical.

At each side of the squeeze-film-damped roller bearing (1,
diameter d; = 124 mm), separate chambers (I, II) are formed.
The axial location of the rotor (2} is realized by use of a conven-
tional groove-ball bearing (3). The chambers are bounded by
a thick-walled housing (4), the roller bearing support (5), the
rotor, a flange (6) realizing the sealing air supply of chamber
T and the support of the housing, and a transparent cover (7)
for chamber II representing the optical access for a qualitative
flow analysis. Although the bearing chamber geometries of our
test rig have been abstracted, air and oil flows have been ar-
ranged in the same way as in the real engine. An under-race
lubrication jet (8) supplies the roller bearing with preheated
oil. To prevent oil leakage, the chambers are sealed using three-
fin labyrinth seals (94, b). Both labyrinth seals are pressurized
by air, which is preheated to the same temperature level as the
lubrication oil. Air/oil mixtures are discharged through the vent
lines at the top of each chamber, while the oil collected at the
bottom is dropped out via radial scavenges utilizing the pressure
difference from the bearing chamber atmosphere to the environ-
ment. Thus, another simplification is given to a real engine
application, where scavenge pumps are used. However, droplet
flow investigations have been performed in the upper part of
the chamber at a position close to the bearing and, therefore,
the results gained with the setup will be independent of specific
scavenge port arrangements and transferable to other applica-
tions using the same bearing. The adaptation of the measuring
technique is refiected by the optical access for the transmitting
and the receiving beams, respectively, mounted at an angle of
0* = 55 deg (referring to an off-axis angle of § = 125 deg) to
each other. The setup is provided to chamber II at a circamferen-
tial position of 8 = 45 deg (see Fig. 9) and the measurements
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described in the next section have been conducted at a radial
position of r = 65.25 mm and at an axial distance of Az = 4.1
mm from the bearing support.

Experimental Results

Measurements have been performed for real engine condi-
tions as described by sealing air flows and lubrication oil flows
of wigy = 10 g/s and V. = 100 L/h, respectively, and rota-
tional speeds up to ny = 16,000 min~'. An advanced data
reduction software developed at our institute for the correlation
of a discrete droplet class with its individual velocities has been
used to extract specific data from the measured distributions.
As a result, mean values for the droplet velocity components
in the radial and tangential directions according to the PDPA
setup described in the section above are shown for three discrete
droplet diameter classes in Figs. 4 and 5 as a function of rota-
tional speeds. It can be readily seen from the figures that the
droplet flow is strongly influenced by the circumferential veloc-
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Fig. 4 Mean radial velocity versus rotational speed
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ity of the rotor. In general, the radial velocity of the droplet is
decreasing, whereas the tangential velocity component strongly

increases with an enhancement of the shaft speed. Thus, it can’

be concluded that the droplet flow angle is changing from a
radial to a tangential direction, reflecting a dominant effect of
air flows to the vent at low speed and dominant influences of
rotating core flows inside the chamber at high speed conditions,
respectively. With the exception of the highest speed of ny =
16,000 min " this is more significant for small droplets. Larger
droplets are accelerated by the rotation, but keep a radial veloc-
ity component even for high-speed conditions due to their
inertia.

An analysis of droplet flow phenomena in combination with
numerical methods requires information on each individual
droplet characterized by its diameter and velocities. In the pres-
ent paper we have investigated in detail the operating condition
shown in Fig. 6 where the droplét diameter histogram for #ig
= 10 g/s and V,;; = 100 L/h at nyy = 12,000 min ' is given.
It represents a total number of 3000 valid samples and ranges
from approximately 14 ym to 500 um in diameter. The number
distribution shows a maximum at diameters from 70 um to 80
um. However, it can also be seen that larger droplets, i.e., =
200 pm, must not be neglected. From the measured diameter
distribution, droplet classes referring to those discussed above
(dark bins) have been separated and the velocity distributions
for both, the radial (Fig. 7) and the tangential (Fig. 8) compo-
nents, have been extracted from the raw data. Although the data
are presented in two-dimensional histograms for the sake of
clarity, it has to be pointed out that the initially given correlation
of diameter and two velocity components is still available for
each individual droplet.

N V.L.II = 100 l/h
iy ghil mu = 10 g/s
] n = 12000 min~!

300
Diameter [um}

200

Fig. 6 Diameter histogram at ny = 12,000 rpm
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Fig. 7 Radial velocity distribution for 50 um, 100 um, and 200 um drop-
lets

By use of these figures, it can be concluded that the mean
values discussed above result from a comparatively broad distri-
bution and, therefore, the necessity of a detailed analysis is
pointed out again. In addition, the problem of statistical ap-
proaches to complex two-phase flow patterns is demonstrated
in the light of low number densities for large droplets. Individual
data for the 200 pm droplets given in the upper part of Fig. 7
and Fig. 8, respectively, show clearly that mean values can only
be used for a first impression of the flow behavior. As an exam-
ple, the radial velocity component in Fig. 7 is similarly distrib-
uted for all droplet sizes, but the mean value for the 200 ym
droplets is shifted to a higher value due to a few droplets with
high speeds and the low number of samples in this size class.

It will be demonstrated in the next section that any further
analysis has to be based on the detailed characterization of each
individual droplet because mean values would not represent the
flow conditions correctly. Thus, numerical methods have to be
included into an investigation of specific bearing chamber drop-
let flow phenomena.

Numerical Investigation

Since the experimental investigation of bearing chamber
flows requires tremendous efforts, the numerical prediction of
the flow pattern and its visualization offers the opportunity to
gain a better understanding of the fundamental physical phe-
nomena taking place. The aim of this numerical study is rather
the qualitative visualization of the flow regime than the predic-
tion of quantitative results. The gaseous phase of the two-phase
flow in the bearing chamber is described by an Eulerian ap-
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— n = 12000 min™
=
L e Bl =
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L ]
L
[ =S
850 um
~
J
< 10
0
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Fig. 8 Tangential velocity distribution for 50 um, 100 um, and 200 um
droplets
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Fig. 10 Cross section of the computational grid (¢ = 0 deg)

proach, whereas the dispersed phase is calculated within a La-
grangian frame of reference. The repercussion on the gaseous
phase caused by the liquid phase is neglected. The same holds
for the distortion of droplets, i.e., the droplets are considered
as spherical nonevaporating particles and wall films are not
taken into account. Because of these assumptions, this numeri-
cal study represents a first step for the detailed theoretical de-
scription of the two-phase flow in bearing chambers.

Gaseous Phase. The gascous phase is predicted by
applying the CFD code EPOS developed at the Institut fiir
Thermische Strdmungsmaschinen. The governing equations de-
scribing conservation of mass, momentum, and enthalpy are
discretized by a Finite-Volume method on nonstaggered grids
in Cartesian, cylindrical, or body-fitted coordinates. The SIM-
PLEC algorithm for the calculation of the pressure field in
combination with the k— ¢ turbulence model and wall functions
is applied. A high spatial accuracy and boundedness of the
solution is ensured by the discretization of the convective fluxes
with the MLU scheme developed by Noll (1992). All the calcu-
lations have been performed with the highly vectorized version
of the code using the implicit iterative ILU-CG algorithm pro-
posed by Noll and Wittig (1991).

The three-dimensional grid representing a model of the bear-
ing chamber is shown in Fig. 9. The problem is described in
cylindrical coordinates (31 X 44 X 23 (r/¢/z) grid points),
which is a compromise in terms of effort for the grid generation
and accuracy for this first study of the flow. Due to cyclic
boundary conditions at the planes ¢ = ~90 deg and ¢ = 90
deg only the upper half of the chamber is discretized. The
assumption of cyclic boundaries is feasible since wall films are
neglected and therefore no oil collection will be found in the
lower half of the chamber. Figure 10 gives an insight into the
chamber representing a cross section of the computational grid
at ¢ = 0 deg. The air enters the chamber through a slot with a
radial velocity of 7.74 /s at an inlet pressure of 2 bar. A pipe
at the top of the chamber (¢ = 0 deg) ensures parabolic outflow
conditions. The bearing is replaced by a fixed wall, neglecting
any influence on the flow.

The velocity field of the gaseous phase within the chamber
predicted for three different rotational speeds (ny = 7000,
12,000, 16,000 rpm) is shown in Fig. 11 at the plane ¢ = 45
deg. Due to the momentum transfer from the rotating shaft to
the flow, a secondary motion is established within the chamber.
The strength of the secondary flow increases as the rotational
speed is increased and caused by the complex shape of the
chamber several vortices are induced. At ny = 7000 rpm neither
the inlet air nor the secondary flow is dominant and two vortices
of comparable size and strength are generated, As the rotation
is increased to nw = 12,000 rpm the vortex due to the secondary
motion is enlarged and occupies a large portion of the chamber’s
cross-sectional area. Merely a small vortex can be found near
the air intake. This small recirculation zone is reduced as the
shaft speed is further enhanced. At ny = 16,000 rpm the second-
ary flow within the chamber is intensified again.

In Fig. 12, nondimensional profiles of the circumferential
velocity U versus the chamber radius at z = 10 mm and ¢ =
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Fig. 11 Velocity distributions (¢ = 45 deg)
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45 deg are depicted. The dimensionless circumferential velocity
is based on the shaft surface velocity U,, whereas the coordinate
is divided by the outer radius R, = 110 mm of the chamber.
The profiles are quite similar for the different rotational speeds
and the circumferential velocity within the chamber varies in
the range of 8 to 16 percent of the shaft’s surface velocity.

Liquid Phase. The liquid phase is predicted within a La-
grangian frame of reference based on the predescribed turbulent
flow of the gaseous phase. A detailed description of the numeri-
cal procedure is given by Hallmann et al. (1995) and Hallmann
(1994). The droplet trajectories and velocities are calculated
by forward numerical integration of the particle momentum
equation. Turbulence is taken into account by a stochastic ap-
proach (Gosman and Ioannides, 1983), splitting the instanta-
neous velocity into a mean and a fluctuating part. The fluctuating
velocities are chosen randomly from an isotropic Gaussian dis-
tribution of the gas phase velocity. Evaporation of the oil is
negligible for the temperatures considered in this study.

For the numerical simulation of the droplet motion a number
of trajectories given by the experimental data is calculated. Each
of the three drop-size classes (50, 100, and 200 um in diameter)
considered in this numerical study consists of a number of
velocity classes represented by a radial and a tangential velocity
component and a corresponding number of particles being mea-
sured (see Figs. 7 and 8). The Lagrangian calculations are
performed taking the experimental data into account. Therefore,
for the same initial condition such as velocity, location, and drop
size, different trajectories are predicted due to the stochastic
turbulence approach for the liquid phase. Since the axial veloc-
ity component has not been measured, this component is as-
sumed to be zero.

The radial and axial initial location of the droplets within the
chamber is shown in Fig. 10. The droplets start at a position
corresponding to the location of the PDPA measuring volume
described above. Predicted trajectories of the three classes of
droplets are given in Fig. 13. Due to the initial conditions and
the rotating flow within the chamber, the paths of the droplets
are directed toward the outer radial wall of the chamber. Since
droplets with diameters of 50, 100, and 200 pm are considered,
the influence of the turbulence of the gaseous phase is relatively
small as can be seen from the straight trajectories. The spreading
of the trajectories is mainly caused by the initial conditions of
the droplet velocities. Small droplets with 50 pm in diameter
are more influenced by the gaseous phase than the larger ones.
Therefore, the curvature of the trajectories increases as the drop-
let diameter decreases.

The volume fraction of the dispersed phase, represented by
the dark gray areas (see Fig. 13), is taken as an indicator for
the droplet distribution at the radial plane at » = 100 mm. Some
of the particles are reaching the radial plane (r = 100 mm),
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Fig. 12 Nondimensional profiles of the circumferential velocity compo-
nent U (¢ = 45 deg, z = 10 mm)
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Fig. 13 Trajectories and volume fraction of the liquid phase (planes r =
62.5 mm and r = 100 mm)

whereas especially the small droplets are driven toward the
vertical wall of the housing (z = 20 mm, Fig. 10). This leads
to a wall oil film, which strongly influences the heat flux through
the chamber walls. The process of transferring thermal energy
generated within the bearing with the droplets to the outer wall
of the chamber which has been reported by Wittig et al. (1994)
is visualized by our ‘‘numerical test rig.”’

Conclusion

An innovative method of bearing chamber droplet flow analy-
sis has been presented utilizing advanced optoelectronic tech-
niques in combination with numerical approaches on two-phase
flow phenomena. Results of the numerical simulation of two-
phase flow in aero engine bearing chambers are presented for
the first time. Although several simplifications have been made,
reasonable results have been obtained. Therefore, a first insight
into the complex two-phase flow can be given and the methods
presented here are thought to be a valuable contribution to
overcoming uncertainties in the design of bearing chamber and
vent pipe systems due to the impact of the droplet flow behavior.
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An Experimental Investigation of
the Conversion of NO to NO, at
High Pressure

Unexpectedly high concentrations of NO, have been noted in stack emissions from
industrial combustors. NO, formation has been reported to occur through the so-
called *‘HO, mechanism’’ in which NO combines with HO, to produce NO, and OH.
In this study, the formation of NO, was investigated at superatmospheric pressures
through experiments and computer modeling. Computer modeling utilized the
CHEMKIN chemical kinetics program and a subset of a previously published
C—-H-O-N system mechanism. Experimental work was conducted using a high-
pressure flow reactor designed and built in the course of the study. The effects of
pressure, temperature, and the presence of a NOy-promoting hydrocarbon, methane,
were investigated. It was discovered that as pressure increased from 1 atm to 8.5
atm, the rate and amount of NO converted to NO; also increased. The results also
show a temperature “‘window’’ between approximately 800 K and 1000 K in which
NO to NO, conversion readily occurred. The presence of methane was seen to enhance
NO conversion to NO,, and a ratio of | CH,]/[ NO] was found to be a useful parameter .
in predicting NO, formation. Significant NO conversion to NO; was noted for [ CH,}/
[NO] > 1 at the hydrocarbon injection point. Experimental results validated those
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trends obtained from modeling with a modified C—H-O-N mechanism.

Background and Motivation

Since the passage of the.Clean Air Act of 1970, the produc-
tion of major air-borne pollutants—NO,, SO,, CO, unburned
hydrocarbons (UHCs), and particulate matter—from combus-
tion sources has decreased significantly. However, the recent
Amendments to the Clean Air Act, enacted in 1990, stipulate
further reduction in combustion source emissions. The forma-
tion of oxides of nitrogen is of particular interest due to the
role it plays in the formation of photochemical smog and acid
rain. Of the two main constituents of NO, (NO + NQO,), NO,
is more toxic. It is also a gas that becomes visible (brown
color) at relatively low concentrations. NO is colorless. In many
practical combustion systems, NO, remains a small fraction of
NO,. However, it has been noticed in some systems that the
ratio of NQ,/NO, increases to a significant level, particularly
as total NO, emissions decrease. Since NO, becomes visible at
relatively low concentrations, a small increase can lead to visi-
ble concentrations.

In nearly all investigations of NO, formation, concentrations
of NO, have been determined through analyses of combustion
gas samples. Hot combustion gases are typically sampled via a
quartz or stainless steel probe. During the 70s, combustion gas
samples were generally obtained through water-cooled probes
at relatively high pressures. Hot gases were rapidly quenched
as they passed through the probe. The samples were usually
found to contain high levels of NO,. In 1975, J. D. Allen ques-
tioned the reliability of ‘‘conventional probe sampling tech-
niques.”’ He suggested that NO; is formed in the probe during
sampling, and, therefore, postsampling measurements would not
reflect actual combustion system concentrations. Johnson et al.
(1978) showed through laser-induced fluorescence that NO,
levels measured after probe sampling do not, in fact, represent
levels found in the actual combustion system. The samples
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International Gas Turbine and Aeroengine Congress and Exhibition, Houston,
Texas, June 5-8, 1995, Manuscript received by the International Gas Turbine
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contained a much higher level of NO,. These important research
findings make suspect much of the work done in the 70s in
which probe effects were neglected.

Probe effects remain an unavoidable obstacle in combustion
gas sampling, but they can be minimized. Conditions in the
probe that have been found conducive to NO, formation are
rapid quenching of the sample, high pressure, and the presence
of unburned fuel species (Amin, 1977; Johnson et al., 1978;
Kramlich and Malte, 1978; Chen et al., 1979; Hori, 1980). It~
is believed that much of the NO, is produced by the catalytic
conversion of NO at the probe walls where the temperature
gradient is greatest. Keeping these points in mind, probe effects
can be minimized by a slow sampling rate at low pressure in
an uncooled quartz probe.

Conditions conducive to NO, formation in the probe can also
be extended to the combustion system. It has been observed
that NO, is produced in areas of large temperature gradients in
the flame. Hargraves et al. (1981) found that little or no NO,
is formed in the main combustion region but that the NO,/NO,
ratio is greatest along the periphery of the flame where the hot
combustion gases mix with cool surrounding air. Sano (1984)
confirmed this through a numerical study of NO, production in
mixing regions. Temperature is therefore an important variable
in NO, formation. Bromly et al. (1992), Hori et al. (1992),
and Marinov et al. (1993) have all recently noted very distinct
temperature limits above and/or below which little NO is con-
verted to NO,. Nearly complete NO conversion only appears
to occur in the relatively low-temperature region below
1200 K.

The presence of unburned fuel and/or other oxidizable spe-
cies, similar to the probe case, also increases the amount of
NO; produced (Jaasma and Borman, 1980; Hargraves et al.,
1981; Sano, 1985; Hori, 1988; Bromly et al., 1992; Hori et al.,
1992; Marinov et al., 1993). In separate research projects, Hori
et al. (1992), Marinov et al. (1993), and Bromly et al. (1992)
have investigated the effect of the presence of hydrocarbons on
the promotion of NO-NQO, conversion. Hori et al. (1992) and
Marinov et al. (1993) observed that higher order hydrocarbons
are more effective in promoting NO-NO, conversion. They
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also noted that the type of hydrocarbon has an effect on the
temperature region in which NO-NO, conversion is nearly
complete. Bromly et al. (1992) observed that trace amounts of
n-butane greatly enhanced NO, formation in a similar tempera-
ture region.

1t is widely believed that the majority of NO, is produced
from the conversion of NO by the HO, radical:

NO + HO, = NO, + OH.

Increased concentrations of HO, would then result in increased
conversion of NO to NO,. One important pathway that has been
suggested for HO, formation (Chen et al., 1979; Hargraves et
al., 1981; Hori, 1986; Miller and Bowman, 1989) is

H-+0O,+M-HO, + M.

Because this is a three-body reaction, it would be particularly
sensitive to pressure. It is also a reaction that is favored at
relatively low temperatures. In turn, the formation of NO, would
then also be pressure and temperature sensitive. This has been
seen in probe and combustion system studies. In probes, it has
been observed that relatively high sampling pressures and rapid
quenching have a substantial effect on NO, formation. Although
research on combustion systems has shown that temperature
and the presence of unburned hydrocarbons has an important
effect on NO, formation, no studies prior to this one have inves-
tigated the effect of superatmospheric pressure on NO, forma-
tion.

The goal of this study was to determine under what conditions
NO may be converted to NO, in a high-pressure environment
similar to that of an industrial gas turbine combustor. In achiev-
ing this, the effect of pressure on the NO-NO, conversion
was of particular interest. The objective was achieved through
computer modeling and experimental work. The modeling of-
fered a basis of comparison for those results achieved through
experimental study. Modeling may also prove to be a useful
tool in the ‘‘field’” for predicting incidences of high NO-NO,
conversion.

Experimental Setup

Experimental testing took place in a high-pressure flow reac-
tor. A schematic of the reactor facility is shown in Fig. 1. Figure
2 shows a system schematic of the experimental facility. The
high-pressure flow reactor design can be divided into several
areas: (1) the pressure vessel, (2) the burner and related compo-
nents, and (3) instrumentation and control. These will each be
discussed below. Further details are given by Hunderup (1993).

The Pressure Vessel. The vessel is based on a similar de-
sign developed by Carter et al. (1989) at Purdue University. In
order to simulate the environment of a high-pressure combustor,
the pressure vessel was designed to withstand working pressures
up to 10 atm (1.013 MPa gage). Blind flanges were machined
for access to the interior of the vessel. The bottom flange con-
tains all inlet ports as well as a water trap assembly and electri-
cal/instrumentation feed-throughs. Inside the vessel, polypro-
pylene tubing conducts the air/fuel mixture to the burner. Tygon
tubing provides passage to the injector inlet. The injector does
not extend below the bottom flange. Extending off the water
trap tube are a relief valve and pressure transducer. The top
flange is of somewhat simpler design than the lower flange. It
houses the sampling probe feed-through and a Velmex transla-
tion stage, which provides for accurate positioning of the probe
tip within the sealed vessel. Offset slightly from center is the
exhaust port. The top flange also houses a Fike rupture disk
fitting. '

The pressure vessel, which was designed to ASME 300 psia
pressure standards, was hydrostatically tested to 18.3 atm (1.86
MPa). The vessel integrity remained intact. The vessel is very
similar to the design of Carter et al., which was successfully
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Fig. 1 High-pressure flow reactor schematic

tested hydrostatically to 60 atm. (6.08 MPa) (Carter et al.,

- 1989). Although this vessel was only tested to 18.3 atm (1.86

MPa), it is believed that it could withstand much greater pres-
sures without compromising integrity of the welds and seals.

The Burner and Related Components, The phenomenon
of NO~NQ, conversion appears to be a postflame event due to
the relatively low temperatures required for it to occur. For the
scope of this study, the burner was solely a source of postflame
gases. The burner used for this purpose was a McKenna sintered
bronze, flat flame burner that had been specially modified to
allow injection of a hydrocarbon promoter into the post flame
gases. A 6.35 mm hole had been bored through the center of
the burner. This allowed passage of a quartz injector. Flame
ignition was initiated by throwing an arc between a nichrome
wire electrode and the burner head.

The injector and liner, both constructed of quartz, were de-
signed to enhance mixing. Modeling suggested that NO-NO,
conversion is an extremely fast process. It was therefore desir-
able that mixing occur as thoroughly and quickly as possible.
This was achieved with the injector-liner design by converging
the liner and creating a throat between the liner and the injector.
Convergence of the liner past the burner promoted shear layer
mixing of the flame products and bypass air by accelerating the
flow through a 94 percent reduction in flow area. Methane was
injected into the flow at the throat created between the bulb of
the injector and the wall of the liner. Injection occurred through
six, 0.508 mm orifices. The injection jets were spaced 60 deg
apart and flowed normal to the main flow.

The liner created an annulus between its outside wall and the
inside wall of the pressure vessel. Nitrogen was passed through
this annulus in order to cool the walls of the pressure vessel.
After some experimental testing, it was found that significant
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Fig. 2 Experimental system schematic

cooling nitrogen was being entrained into the main flow through
the slots in the liner. This caused a significant temperature gradi-
ent in the direction of the flow and made it impossible to deter-
mine mass flow inside the liner. To eliminate entrainment, the
slots were filled with Sauereisen (Electrotemp Cement) No. 8.
A small opening was left in one of the top slots for thermocouple
access. Any entrainment through this small space was neglected.

Instrumentation and Control. Pressure inside the vessel
was controlled with a Whitey stainless steel forged body regulat-
ing valve located downstream from the exhaust port. The pres-
sure inside the vessel was monitored via an Ashcroft Model K1
pressure transmitter attached to the bottom flange water trap.
To prevent overpressurization, a Nupro relief valve was in-
stalled off the water trap. This valve was backed up with a Fike
rupture disk mounted on the top flange.

Temperature inside the vessel was monitored with Type S
Pt/Pt-10%Rh thermocouples. A double thermocouple probe fed
through an NPT port in the bottom flange. One thermocouple
sat in the flame front. The other was positioned approximately
2.5 cm above the flame. They were used to monitor flame
extinction. The third thermocouple fed through a port in a top
side flange. This thermocouple probe extended through an open-
ing in the liner to the postflame gas flow. It was used to monitor
bulk temperature of the postflame gases. It was assumed that
temperature of the postflame gases was relatively isothermal as
it passed through the upper section of the liner at steady state.
Experimental testing showed this to be a valid assumption. Tem-
perature of the postflame gases was controlled by the amount
of air allowed to bypass the burner. Thermocouple junctions
were kept at room temperature. The thermocouple readings were
then corrected for the junction temperature. Thermocouple radi-
ation effects were neglected.

Flow into the facility was metered with various Matheson
rotameters. Working pressure for the rotameters was 1.38 MPa
gage (200 psig). Figure 2 contains a schematic of the flow
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system. Methane was used both as the burner fuel and as the
injected hydrocarbon. Methane was selected as a fuel because
it is the major constituent of natural gas, a common industrial
gas turbine fuel. Methane was mixed upstream of the burner
with both air and a NO/N, mixture. A mixture of 0.99 percent
NO in a balance of nitrogen was used to seed the flame.

All NO, concentrations were determined using a Thermo
Environmental Corporation Model 10 chemiluminescent ana-
lyzer (CLA). As past research has shown, probe conditions are
extremely important in avoiding the formation of NO; in the
probe. In order to minimize probe-formed NO,, gases were
sampled at low pressure in an uncooled quartz probe. Probe
sampling pressures varied from 49 to 117 torr. In order to sam-
ple at such low pressures, the CLA was modified in a manner
similar to the modifications made by Kimball-Linne (1984) in
his NH; /NO reaction kinetics research.

The CLA was calibrated using 240 ppm NO in nitrogen and
room air as a zero gas. NO, concentrations were determined
by recording NO and NO, concentrations at a point and then
calculating the NO; present. NO and NO, levels were recorded
using a strip chart recorder. No corrections for quenching effec-
tiveness were made for other gases besides nitrogen in the NO,
samples.

Experimental Procedure. From the results of computer
modeling and past research, it was seen that several variables
are very important in the formation of NO,. It was decided that
experimental work should focus on these variables and their
effect on the rate and extent of NO conversion to NO,. Those
variables examined experimentally were temperature, pressure,
and the presence of unburned hydrocarbons. Twenty-six sets of
data were collected using the high-pressure flow reactor. These
runs encompassed data taken at temperatures in the following
ranges: below 8§00 K, 800 K-1000 K, 1000 K-1200 K, and
above 1200 K. Pressure was varied between atmospheric and
0.85 atm. Various data sets were taken both with and without
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methane and nitric oxide injection. All flames were run fuel
lean at or around an equivalence ratio of 0.75.

For a typical experimental run, the burner was ignited then
sealed. The facility was allowed to come to a quasi-steady state.
Data acquisition was begun at the zero point, defined as the
point at which the sample probe met the injection bulb. Species
concentrations at this point will be denoted with a subscripted
““0.”’ NO and NO, measurements were obtained from the center
of the flow at 5 mm to 20 mm intervals beginning at the zero
point. The values of NO and NO, concentrations were recorded
at each spatial point in the flow by determining a time average
of the analyzer output. Reactor flow conditions were also moni-
tored during the time of data acquisition. There was usually
some slight change in pressure and bulk flow temperature during
the period of data acquisition. Again, a time average was esti-
mated for these properties.

Computer Modeling. As a preliminary step to experimen-
tal work, computer modeling of the system was undertaken.
This modeling served various purposes. It offered insight into
the problem of NO-NQ, conversion. It showed which parame-
ters appeared to be important in NO, formation and gave a
general idea of the kinetics involved in the process. This af-
fected the design of the high-pressure flow reactor used in exper-
imental work. It also offered support for much previous research
as well as indicating which areas should be explored in experi-
mental work.

Modeling was conducted using the CHEMKIN chemical ki-
netics code (Kee et al., 1989) and a plug flow reactor model
of the combustor. The combustor was divided into two sections:
a flame zone and a postflame zone. The flame zone was consid-
ered to be a constant-temperature reaction zone at the adiabatic
flame temperature. The reactants entering the flame zone were
methane, air, and nitric oxide. The significant species (those
with a concentration greater than or equal to 0.1 ppm) at the
end of the flame zone were then used as reactants (input) for
the post flame zone. At this point, relatively cool air (580 K)
was added to simulate the dilution air in an actual combustor.
Thermodynamically, this was modeled as an instantaneous bulk
quench of the postflame gases. At the end of the flame zone,
CH, concentration was boosted to simulate a hydrocarbon pro-
moter. The beginning of the postflame zone is analogous to the
injection point of the experimental flow reactor. Although the
injection point is not physically the same as the zero point, they
shall be assumed to be the same in evaluating the data. The
postflame gases were allowed to react isothermally, and the
production of NO, was studied as a function of time.

The reaction mechanism that was used in the computer model
is a subset of the Miller and Bowman (1989) mechanism. The
mechanism includes 46 different species and 219 reactions (re-
actions involving HCCOH, H,CN, HCNO, and HOCN species
were omitted). The rate constants for the reactions are of the
form: AT"e "% where A is the pre-exponential factor, T is
temperature in K, n is a constant between 2 and —2, Ea is the
activation energy, and R is the universal gas costant.

The reactions thought to be the most important in the NO—
NO, conversion mechanism are:

NO + HO; —» NO, + OH
H+0,+ M—->HO, + M

(1)
(2)

The Miller and Bowman mechanism showed that the conversion
through these reactions is an extremely fast process. Under
some conditions their mechanism predicted nearly complete
NO, conversion within a millisecond. Based on the conditions
under which the reaction constants were determined and the
extraordinarily fast process they seemed to indicate, it was hy-
pothesized that one or both were in reality too high. To investi-
gate this, a good portion of the modeling was run with the ““A”’
constant for reaction ( 1) lowered an order of magnitude. Resuits
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presented are those arrived at with the Miller and Bowman
mechanism unless otherwise noted. The mechanism containing
the reduced ‘“A’’ constant for reaction (1) will be referred to
as the modified Miller and Bowman mechanism.

Experimental Results

This section will examine the effects of varying temperature,
pressure, and concentration of. injected methane on conversion
of NO to NO,. All NO, concentrations are reported on a volu-
metric basis, wet.

Experimental data were collected at temperatures between
664 K and 1272 K. The results show that temperature does
indeed have a profound effect on NO, formation. There was a
definite temperature range in which significant NO, production
occurred. For a given pressure, peak levels of NO, were noted
around 1000 K. However, above 1000 K, NO, formation dimin-
ished, as shown in Fig. 3. This figure shows NO,/NO; plotted
as a function of temperature at given residence times for pres-
sures of approximately one and five atmospheres. It should be
noted that as temperature decreases below 1000 K, NO, forma-
tion is seen to fall off. Slight differences in pressure were ne-
glected in comparing results. Although more NO is converted
to NO, at higher pressure, it can be seen that there is a similar
temperature range which is conducive to the conversion process.
A temperature ‘‘window’’ becomes apparent.

The majority of experimental data was taken at near-atmo-
spheric conditions and at five atmospheres. All near-atmo-
spheric data were taken at pressures between 0.94 and 1.41
atm. Pressure differences in the near-atmospheric tests were
neglected. In general, increasing pressure resulted in increased
NO,/NO,. Without hydrocarbon injection, NO,/NO, profiles
are seen to be relatively constant, and there is an increase in
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Fig. 4 The effect of pressure on NO,/NO,: no methane injection cases

NO,/NO, as pressure increases (Fig. 4). Between 1.2 and 5.0
atm, NO, formation approximately doubles. Figure 5 shows
NQ,/NO., profiles as a function of pressure in the temperature
range 847 K — 891 K with hydrocarbon injection. The greatest
NO-NQO, conversion occurred at 8.54 atm. In this case, NO,/
NO, approached 0.90 within the 150 ms residence time. It
should be kept in mind that these data points were collected
from various runs, which had slightly different mixing charac-
teristics and temperatures. This may explain some of the data
spread.

Experimental results support claims of past research that un-
burned hydrocarbons have a significant promotional effect on
the conversion of NO to NO,. Since initial NO concentration
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Fig. 5 The effect of pressure on NO, formation: T = 847-891 K, [CH,],
= 1000 ppm
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Fig. 6 The effect of hydrocarbon promotion on the conversion of NO to
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also appears to affect NO, formation, an important ratio may
in fact be [CH,],/[NO],. This is similar to a ratio of [NO] to
[n-butane] defined by Bromly et al. (1992) in his research.
Figure 6 shows a comparison of varying levels of [CH,], and
[NO], at 5 atm in a temperature range of 862 K — 872 K. It
was difficult to measure [NO], at the injection point because
of the mixing characteristics of the system. To offer a more
consistent basis of comparison, at a given pressure [NO], is
assumed to be equal to the value of (1 — NO,/NO,) with no
CH, injection multiplied by [NO,] at the end of the sample
range. As [CH,],/[NO], increases, NO, formation also appears
to increase. The increase is very dramatic with relatively small
additions of hydrocarbon. However, continuing to increase the
amount of injected hydrocarbon with [NO], held constant has
little further effect on NO, formation. Although results are only
presented at 5 atm, the same trend is seen at other pressures.

Discussion

In evaluating experimental results and comparing them to
computer modeling results, an area of importance is the mixing
characteristics of the flow reactor facility. Since NO-~NO, con-
version appears to be a relatively rapid process, mixing in the
flow reactor is an important issue. A result of past studies and
computer modeling not readily seen in the experimental work
is a conservation of total NO,. For near-atmospheric tests, NO,
concentration was at a maximum at ¢ = 0 (i.e., that point where
the probe meets the injector bulb). It then decreases relatively
quickly to a minimum, at which point it begins to increase again
slowly or remains relatively constant. This could be the result
of mixing characteristics or a chemical effect of the methane
injection. It was concluded that this was not a chemical effect
because identical NO, profiles were obtained under the same
flow conditions both with and without methane injection. It
follows that the inflated NO, concentration around the injection
point is a mixing effect. The fact that NO, profiles level off
shortly after the injection point suggest that NO, is actually
conserved in the NO-NQO, conversion process.
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In comparing NO, formation for cases in which CH, is in-
jected and cases in which it is not, it becomes apparent that
there was NO, being formed at the injection point (Fig. 7).
NO,/NO, then decreased as the flow mixed. In the region past
the NO,/NO, minimum, there is an increase in NO,/NO,. This
behavior of the system can be explained by mixing effects. The
region between t = 0 and the NO,/NO, minimum shall be
referred to as region 1. The region past the NO,/NO, minimum
shall be called region II. At the injection point, there were
regions of locally high methane concentration. NO was quickly
converted to NO, here. As the gases flowed downstream and
mixed in region I, both CH, and NO, concentrations decreased
as the flow became diluted with regard to these species at the
center. At the minimum in NO,/NQ,, mixing catches up with
kinetics, and NO is converted to NO, at a slower rate. Thus, it
appears that in region I, NO, formation is mixing controlled,
and in region II it is kinetics controlled. 1.0
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- It has been shown that mixing is an important factor in as- 08 _ E
sessing the experimental data of this study. Keeping this consid- - F 3
eration in mind, the effects of several important variables— Q osf 3
temperature, pressure, and unburned hydrocarbons-—on the = E ]
conversion of NO to NO, can be examined more closely. Q 04 3
Temperature. Modeling, experimental data, and past re- 02 -
search indicate that the formation of NO, from NO is an ex- E 3
tremely temperature sensitive process. Bromly et al. (1992) 0 800 1000 1200 ;

reported in their recent study that ‘‘at a given residence time, the
system goes from being inert (no NO conversion) to completely
reacted (100, ’P ercent. NO = NO;) over !ust a few degrees of Fig. 8 Temperature effect on NO, formation: © Miller and Bowman
temperat}lre. Experimental data from this study support these mechanism, © modified Miller and Bowman mechanism, A experimental
observations. data

Temperature (K)
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Fig. 9 Comparison of NO,/NO, temperature profile for modeling and
experimental results; experimental points taken at 28 ms; modeling
points taken at 10 ms; P = 5 atm, [CH,], = 1000 ppm

As a better basis of comparison, the maximum value of the
experimental data curve at 5 atm was matched with the modified
Miller and Bowman model. Points were then taken at this resi-
dence time from the model. The resulting curves are shown in
Fig. 9. In comparing the modified mechanism curve with that
obtained experimentally, the curves are similar. The modified
mechanism, however, predicts a slightly higher upper tempera-
ture limit that does not drop off as quickly as experimental data
indicates.

In examining these temperature curves, it should be noted
that the lower boundary observed in experimental testing and
predicted by the modified Miller and Bowman mechanism is
of a different nature than the upper boundary. Above approxi-
mately 1000 K, the formation of NO, quickly decreases as
temperature increases. Some NO, formed in this temperature
region is destroyed relatively quickly. This is because at higher
temperatures, the formation of HO, via the three-body reaction

H+ 0O, +M—HO,+ M (2)
is limited by competition with the reaction
H+ O0,—~OH + 0.

This results in less HO, formed and more OH and O formed,
which, in turn, attack HO, and NO,. Destruction of NO, and
HO, then becomes significant and NO is favored. In the area
of the lower ‘‘boundary,”” NO continues to be converted to
NO,, but at a much slower rate. The very rapid conversion
seen in the ideal temperature range does not occur at lower
* temperatures. The ‘‘window”’ then is a temperature range in
which NO conversion to NO, not only is favored, but occurs
rapidly.

Pressure. Pressure does appear to be another variable that
is important in the conversion of NO to NO,. If the reaction H +
O, + M = HO; + M is indeed an important reaction, increasing
pressure would increase the probability of a three-body reaction
occurring as the mean free path of the molecules decreases. If
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HO, production is increased, NO, production should also in-
crease due to the reaction of HO, with NO (reaction (1)).

At first glance, the experimental results with regard to pres-
sure appear somewhat ambiguous. Different residence times
and mixing conditions make it difficult to compare various runs.
In general, both experimental data and modeling show an in-
crease in NO, production as pressure increases. If NO,/NO, is
plotted at a given residence time for various pressures (with
hydrocarbon promotion), an increase in NO, production is seen
at higher pressures (Fig. 5). The spread of the data is most
likely affected by the varying mixing conditions of different
runs. By eliminating hydrocarbon promotion, the effect of pres-
sure is isolated, and it is clearly seen that increased pressure
leads to increased NO,/NO, levels (Fig. 4).

Data indicate that the temperature region favoring rapid and
significant NO conversion changes as pressure changes. The
upper temperature limit of NO conversion increases as pressure
increases (Fig. 8). The lower limit appears to decrease with a
pressure increase. In short, as pressure increases results suggest
that the NO, temperature window grows larger with the greatest
change occurring between 1 and 5 atm.

Unburned Hydrocarbons. It has been well documented in
past research that the presence of unburned hydrocarbons
greatly increases NO-NO, conversion. Recent studies have
confirmed reports from previous studies that trace amounts of
hydrocarbons greatly promote NO conversion to NO,. These
studies have investigated the effectiveness of various hydrocar-
bons in the promotion of the conversion of NO to NO, (Bromly
et al,, 1992; Hori et al., 1992; Marinov et al., 1993).

In this study, CH, was selected to be injected into the post-
flame gas flow. The current results agree with past research in
that the presence of UHCs is indeed an important factor in NO—
NQO, conversion. When no CH, was injected, the conversion
was dramatically reduced. However, when a small amount of
CH, was injected, NO, production significantly increased. As
a baseline injection for computer modeling, approximately 1000
ppm was injected. Doubling this had little effect on NO, forma-
tion. Similarly, halving it also had little effect. However, when
the injection concentration was decreased an order of magni-
tude, a significant reduction in NO, formation was noted. The
question naturally arises as to how much injected hydrocarbon
is required for optimum NO, formation.

The results indicated that [NO], is also a variable in NO,
production. In general, as [NO], decreases with injected CH,
held constant, NO,/NO, increases. Taking this into account, as
well as the relationship with [CH,], described above, a ratio
[CH,],/[NO],, similar to that of Bromly et al. (1992), can be
defined. This ratio is sensitive to changes in both injected CH,
and NO, and, therefore, may be a useful quantity in predicting
those conditions conducive to NO~NO, conversion. Computer
modeling showed that the value of this ratio is indeed useful;
however, the individual values of [CH;], and [NO], must also
be taken into account in predicting the extent of NO, formation.
This is because the two variables appear to have a slightly
disproportionate effect on NO, production. Bromly et al. (1992)
report that [NO]/[n-butane] = 1 is an important quantity. Simi-
larly, results of this study found [CH,],/[NO], = 1 to be im-
portant. At [CH,],/[NO], ratios greater than one, there is an
increase in NO,/NO,. For [CH,],/[NO], > 10, the maximum
effect of the hydrocarbon has apparently already been reached
and there is little further increase in NO,/NO, as [CH,],/[NO],
is further increased. As [CH,],/[NO], approaches zero, there
is significantly less NO-NO, conversion (Fig. 10). This was
noted in both experimental and modeling results. Similar experi-
mental results at both 1 and 5 atm indicate that pressure proba-
bly does not significantly affect the [CH,],/[NQ], ratio neces-
sary to enhance NO-NQO, conversion.
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Fig. 10 The effect of hydrocarbon promotion on the conversion of NO
to NO,

Comparison of Promoting Factors. In assessing the rela-
tive importance of the three promoting factors on NO-NQO,
conversion, it would appear that the order of decreasing impor-
tance is the presence of unburned hydrocarbons, temperature,
and pressure.

This study as well as past studies indicate that hydrocarbons
play an essential role in NO—~NO, conversion. It has been shown
that in their absence, NO is not converted to NO, even if the
system is within the ideal temperature range. This study only
examined the effects of one hydrocarbon—methane—on NO—
NO, conversion. Recent studies have compared the promotional
effects of different hydrocarbons on NO~NO, conversion and
have shown methane to be the poorest of the hydrocarbon pro-
moters (Bromley et al., 1992; Hori et al., 1992; Marinov et al.,
1993). Even if methane is the least effective NO, promoting
hydrocarbon agent, its effect on the conversion of NO to NO,
is still significant.

Hydrocarbons must be considered in terms of their ratio with
[NO] to be of use in explaining possible sources of high NO,
formation. For a given system, NO may be decreased; however,
if UHCs remain constant or increase, the decrease in NO may
push the system into an NO-NO, conversion regime ([CH,]/
[NO] > 1). In this regime, the majority of NO may be con-
verted to NO,. If NO, levels increase enough, visible emissions
may result. Therefore, although total NO, is decreased, the re-
sulting increase in NO,/NO, may result in visible emissions.

The conversion mechanism has been shown to be extremely
temperature sensitive. Experimental data as well as some of the
modeling indicate that there is a temperature region or window,
outside of which NO conversion does not occur or occurs at a
much slower rate. Research by Hori et al. (1992) also supports
this idea of a temperature window.

Journal of Engineering for Gas Turbines and Power

A hydrocarbon promoter and the temperature are two essen-
tial factors in NO-NO, conversion. Outside of parameters in-
volved with these variables, NO, formation does not occur or
is drastically decreased. Pressure is not as essential as hydrocar-
bons and temperature, but as pressure increases, NO, is seen to
increase. The results indicate that pressure may affect the peak
values of NO,/NO, as well as the temperature range of optimal
conversion. Pressure, however, is not as important as the first
two factors because NO—NO, formation cannot be eliminated
by changing the pressure above 1 atm. Although NO, formation
may not be as fast or great at 1 atm as it is at 10 atm, this study
as well as past studies have shown that NO conversion still
does occur to significant levels, even at 1 atm.

Summary and Conclusion

The conversion of NO to NO, continues to be a problem in
industry. In order to address the issue, a study of this conversion
process was undertaken. Computer modeling of the system was
undertaken. Based on the modeling results and past research, a
high-pressure flow reactor was designed and built. This facility
was used to collect experimental data on NO~NO, conversion.
Results point to three variables that are of particular importance
to the conversion process. These are temperature, the presence
of unburned hydrocarbons, and pressure.

It was found that rapid, significant conversion only took place
over a temperature range of several hundred degrees. Experi-
mentally this temperature window was determined to be be-
tween approximately 800 K and 1000 K. The upper limit of
this temperature window appears to be quite abrupt. At 70 ms
and under similar conditions, NO,/NO, increases from approxi-
mately 0.07 to 0.70 as temperature changes from 981 K to 1071
K. Within less than 100 K, the system becomes ‘‘inert’’ with
respect to NO—NO, conversion (i.e., no conversion of NO to
NO,). The lower limit is the result of a relatively gradual de-
crease in the rate at which NO is converted to NO,. These
temperature constraints on the mechanism limit NO, production
to occurring in the relatively cool postflame region of a combus-
tion system.

A conversion promoter appears to be another essential ele-
ment in significant NO conversion, Hydrocarbons have been
shown to be excellent species for promoting NO to NO, conver-
sion. The relative concentration of methane with respect to NO
concentration has been shown to be an important consideration.
For [CH,1/[NO] > 1, significant conversion was seen to occur.
It was seen experimentally that at 5 atm and approximately 870
K, NO,/NO, was approximately 0.25 for the no-injection case,
0.70 for [CH,],/[NO], = 11.5, and 0.80 for [CH,],/[NO], =
230. Above the upper limit of the temperature window (approxi-
mately 1000 K), the presence of hydrocarbons had little effect
on NO-NO, conversion.

Although pressure does not seem to have as dramatic an
impact on NO-NO; conversion as temperature and hydrocarbon
promotion, it is a contributing factor in the process. At higher
pressure, increased levels of NO,/NO, were noted, both with
and without hydrocarbon promotion. In exploring the effect of
pressure alone (no hydrocarbon injection), as pressure of the
reactor was increased from 1.20 to 4.95 atm, NO,/NO, was
seen to increase from 0.12 to 0.25. Pressure, therefore, is an
important variable in consideration of pressurized combustion
systems.

The model does indeed appear to be a good tool in predicting
incidences of significant NO to NO, conversion. Experimental
data suggested that the rate of NO, formation is not as rapid as
the model indicated. The important consideration, however, is
that the model, particularly when incorporating the modified
Miller and Bowman mechanism, predicted those trends seen in
the experimental tests,
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The results of this study yield more evidence that the major
pathway for NO, formation is, in fact, the HO, mechanism,

NO + HO, = NO, + OH.

The existence of an upper temperature limit to NO, formation
and the increase in NO to NO, conversion noted at superatmo-
spheric conditions suggest that the three-body reaction,

H+ 0, +M-HO, + M,

which forms HO,, is indeed important in the mechanism,

It has been shown that hydrocarbon promotion, temperature,
and, to a lessor extent, pressure are important variables in the
conversion of NO to NO,. In a practical sense, as NO, emissions
are decreased past a certain point, they must be accompanied
by a decrease in UHCs. This may help to explain why NO, has
not been much of a concern until recently. NO, reductions have
finally reached the point where they have surpassed a limit with
respect to UHC emissions. It is likely that further reductions in
UHCs will be necessary before further NO, reductions can be
achieved while avoiding significant NO, production.
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A NO, Prediction Scheme for
Lean-Premixed Gas Turbine
Combustion Based on Detailed
Chemical Kinetics

The lean-premixed technique has proven very efficient in reducing the emissions of
oxides of nitrogen (NO,) from gas turbine combustors. The numerical prediction of
NO, levels in such combustors with multidimensional CFD codes has only met with
limited success so far. This is to some extent due to the complexity of the NO,
Sformation chemistry in lean-premixed combustion, i.e., all three known NO, forma-

W. Polifke
K. Ddébbeling

T. Sattelmayer

ABB Research Center,

Badsexitlggrtlt;vr::j. tion routes (Zeldovich, nitrous, and prompt) can contribute significantly. Further-
more, NO, formation occurs almost exclusively in the flame zone, where radical
concentrations significantly above equilibrium values are observed. A relatively large

D. G. Nicol chemical mechanism is therefore required to predict radical concentrations and
NO, formation rates under such conditions. These difficulties have prompted the
development of a NO, postprocessing scheme, where rate and concentration informa-

P. C. Malte tion necessary to predict NO, formation is taken from one-dimensional combustion

models with detailed chemistry and provided—via look-up tables—to the multidimen-
sional CFD code. The look-up tables are prepared beforehand in accordance with
the operating conditions and are based on CO concentrations, which are indicative
of free radical chemistry. Once the reacting flow field has been computed with the
main CFD code, the chemical source terms of the NO transport equation, i.e., local
NO formation rates, are determined from the reacting flow field and the tabulated
chemical data. Then the main code is turned on again to compute the NO concentra-
tion field. This NO, submodel has no adjustable parameters and converges very
quickly. Good agreement with experiment has been observed and interesting conclu-
sions concerning superequilibrium O-atom concentrations and fluctuations of temper-
ature could be drawn.

Dept. of Mechanical Engineering,
University of Washington,
Seattle, WA 98195

Introduction

For the combustion of fuels without fuel-bound nitrogen at
gas turbine conditions, the lean premixed technique has already
proven to be an enormously successful primary measure to
significantly reduce émissions of oxides of nitrogen (NO,) (Sat-
telmayer et al., 1992). Further reductions in NO, from gas
turbine combustors should be possible with the lean-premixed
technique, and there is great interest in the development of such
combustors. A numerical NO, prediction scheme adapted to
these conditions would obviously be a tool of great practical
value for the designer. The concept, development, and imple-
mentation of such a model are presented here.

Experimental Setup and Operating Conditions

As a test case for the model of NO, formation in lean-pre-
mixed combustion, experiments were conducted with an ABB
Double Cone Burner with 0.1 m nominal diameter mounted in
an atmospheric test rig. A Double Cone Burner comprises two
halves of a cone that are shifted with respect to each other in
the radial direction such that two inlet slits of constant width
are formed. A strong tangential component is imparted to the
gas entering the burner through these slits. The degree of swirl
is chosen such that near the burner outlet the flow undergoes a
vortex breakdown, resulting in a zone of recirculation, which

Contributed by the International Gas Turbine Institute and presented at the 40th
International Gas Turbine and Aeroengine Congress and Exhibition, Houston,
Texas, June 5-8, 1995. Manuscript received by the International Gas Turbine
Institute February 10, 1995, Paper No. 95-GT-108. Associate Technical Editor:
C. J. Russo.
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acts as an aerodynamic flame holder. This type of flame stabili-
zation in free space is the characteristic property of the double
cone burner. More details have been given by Sattelmayer et
al. (1992).

The burner used in the experiments is mounted in a movable
tube and fires into a SiC-ceramic combustion chamber of square
cross section with 0.14 m side length, which in turn is enclosed
by a water-cooled steel liner; see Fig. 1. With an electrical
heater, the inlet temperature of the combustible mixture can be
increased up to 670 K. Typical operating conditions for the
atmospheric test rig are inlet temperature 7, ~ 630 K, and
combustible mixture volume flow V = 200 m3/h.

In these experiments, fuel is injected far upstream of the
burner in order to achieve perfect premixing of fuel and air. As
a drawback, flashback occurs for excess air ratios A below 1.9
(lean blow-out occurs at A ~ 2.2). This is different from gas
turbine applications, where gaseous fuel is injected along the
Double Cone Burner’s inlet slits to eliminate the risk of flash-
back into the premixing section, and consequently save opera-
tion at richer conditions is possible.

Sample gas is taken from the combustor with a movable
water-cooled stainless steel probe. The concentrations of O,,
CO, CO,, and NO, are determined with the paramagnetic, the
NDIR, and the chemiluminiscence principle, respectively. An
uncoated Pt—PtRh thermocouple, mounted on an uncooled ce-
ramic suction probe, is used to measure temperature. No correc-
tions for radiation loss are made. In addition to the temperature
and species measurements in the reacting flow, LDA measure-
ments of velacity were conducted in a water model of the burner
and combustion chamber in order to determine appropriate inlet
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Steel Liner

SiC combustion chamber

Fig. 1 Sketch of the test rig with Double Cone Burner (not to scale)

conditions for the two-dimensional numerical model, and to
assess the quality of the turbulent flow modeling; this is dis-
cussed in more detail by Polifke et al. (1995).

Turbulent Flow and Heat Release Modeling

A commercial CFD code—finite volume based with ‘‘stan-
dard’” SIMPLE(C) pressure correction algorithm (Patankar,
1980) —was used as the basis for the implementation of the
turbulent combustion model and the NO, postprocessor. The
geometry of the burner and the combustion chamber were
mapped to a two-dimensional cylindrically symmetric Cartesian
grid with 6000 cells. Although both the burner and the combus-
tion chamber are not exactly cylindrically symmetric, this sim-
plification seems appropriate to keep memory and CPU time
demands at an acceptable level.

Flow conditions at the inlet section of the two-dimensional
model are not uniform and must be based on experimental
measurements or three-dimensional numerical predictions of the
flow in the double cone burner’s inlet slits. Experiments were
conducted in a water model of the burner at the appropriate
Reynolds number, Axial, tangential, and radial velocity and
turbulent intensity along the inlet slits and downstream of the
burner were measured with standard LDA equipment. Addition-
ally, a three-dimensional, boundary-fitted grid of the double
cone burner was generated, which includes also the test rig
section upstream of the burner. It has been found that the numer-
ical predictions of the flow through the burner’s inlet slits are
rather insensitive to the details of the boundary conditions pre-
scribed at the inlet of the three-dimensional model and are in
good agreement with experiment.

Inlet flow conditions for the two-dimensional geometry were
then set to reproduce along the burner’s inlet the fluxes of
mass, and axial and azimuthal momentum observed in the three-
dimensional flows. The boundary values for turbulent kinetic
energy k and dissipation ¢ were determined similarly from the
three-dimensional data by appropriate averages. The inflow dis-

Nomenclature

Table 1 Reaction rate constants in Sl units (m/s/K/J/kmol)

Reaction A n a b - By
®) 456 x10'T 0 02 1.3 2.03x10°
(2) 3.16 x10'2 0 15 025 1.67x10°

tributions resulting from this prescription appear entirely rea-
sonable, and characteristic features of the flow inside the com-
bustor—e.g., the size and location of the recirculation bubble—
obtained with these boundary conditions are in good agreement
with experiment and three-dimensional computation.

It is well known, see, e.g., Sloan et al. (1986), that the
standard k— ¢ model is not well suited for modeling swirling
flows, and use of a full differential Reynolds stress model
(RSM) is usually recommended for such cases. However, the
use of an RSM turbulence model entails significantly longer
compute times and often severe convergence difficulties. The
swirl number of the Double Cone Burner, defined as the ratio of
azimuthal to axial momentum fluxes divided by a characteristic
radial length scale is less than unity. Such a level of swirl would
commonly be classified as ‘‘moderate’” swirl. For moderately
swirling flows, a k— ¢ model with a gradient Richardson number
correction (see Sloan et al., 1986, or Phillip et al., 1991) seems
to be an acceptable compromise between accuracy and compu-
tational requirements.

As discussed below, CO concentrations are required to pre-
dict NO, formation rates with our model. This requires at least
the use of a two-step global reaction mechanism with CO as
an intermediate:

CH, + 0, » CO + 2H,0, (1)

(2)
Rate expressions for the forward reactions are of a generalized

Arrhenius form, based on reactant concentrations [R; ] and tem-
perature T

CO + 30, © CO,.

Wy = AT"[R,](R,]? exp(— 5) , 3)

RT

with pre-exponential factor A, temperature and species expo-
nents », a, b, and activation energy E, based on the work of
Westbrook and Dryer (1980). Heeding the warning given by
Coffee (1985), negative species concentration exponents have
not been used in this study, as they may adversely affect both
the convergence behavior and the accuracy of a computation.
Table 1 lists the reaction rate constants used in this study.’

! Westbrook and Dryer (1980) do provide a set of rate constants for a one-step
global mechanism that uses only positive exponents (**Set 3'* in Table II of their
paper). Note that the exponential prefactor A, of this set differs significantly from
the one for ‘‘Set 2,”" i.e., the set with a fuel concentration exponent a = ~0.3.
Unfortunately, for the two-step mechanism Westbrook and Dryer provide only a
set of rate constants with a = —0.3. The product of this prefactor with A3/A, is
used in the set of rate constants for reaction (1) in this study; see Table 1.

A = Arrhenius pre-expo-
nential factor
CO, 0,, NO, ... = chemical species
Da, Ka = Damkéhler, Karlo-

T = temperature

V = volumetric flow rate

Y = species mass fraction
a, b, n = species, temperature

p = pressure
t. = chemical heat release time
w = reaction rate

e = turbulent dissipation

vitz numbers exponents 7 = unmixedness factor
E, = activation energy k = turbulent kinetic en- \ = excess air ratio
Re = turbulent Reynolds ergy v = dynamic viscosity

number
S., 6, = laminar flame speed
and thickness

kfa kra klv k’Za .
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= reaction rate constants
Ir, tr = turbulent macro length
and time

T = reactor residence time
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Rate constants for the reverse of reaction (2) have also been
provided by Westbrook and Dryer (1980), ie., k, = 5 X
10® exp(—1.67 X 10*/RT). However, the value of the activa-
tion energy E, given for the reverse reaction is equal to that of
the forward reaction. The ratio of [CO] to [CO,] at equilibrium
resulting from such a prescription will obviously be independent
of temperature, which is not plausible. Indeed, at lean condi-
tions, totally unrealistic equilibrium levels of [CO] are obtained
with the rate constants suggested by Westbrook and Dryer
(1980). Therefore, the reverse rate of reaction (2) was deter-
mined from the equilibrium condition k;/k, = K. for the rate
constants.?

Admittedly, the rate constants have been manipulated in a
very ad hoc manner to suit our needs. The justification for doing
so is, first, that this work deals with the description of the
concept and implementation of a NO, postprocessor, and not
with the development or detailed testing of a turbulent combus-
tion model. The results obtained with the set of rate constants
listed in Table 1 are qualitatively correct, and this shall suffice
to test the validity of our NO, postprocessor concept. Second,
the reaction progress limitations imposed by chemical kinetics
are only one aspect of turbulent combustion. The limitations
imposed by turbulent mixing must—depending on the relative
magnitudes of relevant chemical and turbulent time scales—
also be considered.

Indeed, it is generally recognized that different types or *‘re-
gimes’’ of turbulent combustion can be distinguished (Borghi,
1988; see also Libby and Williams, 1994, and references
therein). The regimes are usually characterized by three dimen-
sionless numbers: the turbulent Reynolds number Re = u'l;/v,
the turbulent Damkohler number Da = t,/¢,, and the Karlovitz
number Ka = u'6,/1,S;. Here l; is the turbulent macro scale,
while [, denotes the Taylor micro scale, #; ~ I/u’ a mixing
time typical of the macro scale turbulent eddies. The laminar
flame is characterized by its flame speed S, and thickness 6;;
a typical chemical heat release time 7, may be expressed as f,
~ 6,/8,. For the Double Cone Burner atmospheric test stand
at typical operating conditions, we estimate Re ~ 250, while
the turbulent Damk&hler number is of order unity, i.e., turbulent
mixing time scales #; are of the same order of magnitude as
chemical time scales ¢.. Estimates for the Karlovitz number
yield Ka > 2, which indicates that thin laminar reaction layers
can be quenched by the smallest turbulent eddies. Following
Borghi (1988), the turbulent flame front in the Double Cone
Burner should be categorized as a (wrinkled) thickened flame.
See also Hoffmann et al. (1994) for a more detailed discussion
and experimental results concerning the structure of highly tur-
bulent lean-premixed flames.

This suggests that eddy break-up, eddy dissipation, and flame-
let models (see, e.g., Libby and Williams, 1994, and references
therein), all of which assume that the Damkohler number is
large and the Karlovitz number not much greater than one,
are not appropriate for modeling this type of flame. Instead, a
turbulent combustion model has been used in this study that
incorporates both turbulent mixing and chemical kinetic rate
limitations. The overall reaction rate R is expressed as:

1
w Whix

1 —
Win
See Philip et al. (1991) for a similar formulation. Here we
introduce an ‘‘unmixedness factor’’ 7, based on a nondimen-
sionalized and normalized gradient of temperature:

2 Note that for reasons of numerical convenience and robustness, the [H,O]
dependence of the CO oxidation given by Westbrook and Dryer (1980) has been
lumped into the prefactor for reaction (2) by assuming that {H;O] =~ 2[CO],
which holds as long as CO, concentrations are small. Note that this procedure
does not affect the equilibrium concentrations of CO and CO; if the reverse rate
is computed from k/k, = K,.
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T=1600K

Fig. 2 Contours of streamfunction and temperature

n = tanh (CU|VT| %—f) . (5)

The tanh function has been chosen for mere convenience to
normalize the gradient to the interval [0, 1]; other formulations
should be possible. C, is an adjustable constant of order 10.
It has been observed that computed species and temperature
distributions are rather insensitive to the exact value of C, as
long as the resulting unmixedness # is near unity in the vicinity
of the flame front and small elsewhere.

What is the rationale behind this formulation? In homoge-
neous regions of the computational domain, where |VT| is
small, n = 0, and w ~ wy,, i.e., chemical kinetics is rate
limiting—as it should be, because mixing processes cannot
impede the reaction progress if the temperature and species
distributions are already uniform. Furthermore, it is often as-
sumed in turbulence models that temporal or statistical fluctua-
tions are small in regions where spatial gradients are smail.
From this assumption it follows that in regions where tempera-
ture gradients are small, the mean values of temperature (and
species concentrations) may be used to determine the mean
chemical rates. By the same token fluctuations will be large
near the flame zone, where hot products are in proximity with
the fresh fuel/air mixture. Due to the strong nonlinearity of the
exponential term in Eq. (3), rates based on mean values will
then underpredict the mean reaction progress. Therefore, turbu-
lent mixing is set to be rate determining in these regions. In
intermediate regions, both turbulent mixing and kinetics can
influence the overall rate. Again, see Philip et al. (1991) for a
similar approach.

Figure 2 shows distributions of temperature and stream func-
tion from a computation with a total mass flux of 0.089 kg/s,
mixture inlet temperature 7; = 630 K, methane fuel at an air
excess ratio A =~ 2, and zero heat flux boundary conditions.
Presented are contour plots of stream function ¢ (top half) and
temperature 7' (bottom half) in an axial cross section of the
burner and combustion chamber. Near the burner exit, the cen-
tral recirculation bubble (¢ = 0) is visible. The two contour
lines of temperature at 7 = 700 K and T = 1600 K show the
location of the flame front.

A detailed comparison (see Polifke et al., 1995) of numerical
and experimental temperature and CO distributions reveals that
although the overall flow and temperature distributions agree
well with burner design expectations and experimental observa-
tions, there is significant disagreement in the vicinity of the
flame front. In particular, it seems that the turbulent combustion
model employed underpredicts the turbulent intensity and flame
speed and overpredicts the equilibration or burn-out rate.

In this work, however, we are mainly concerned with the
implementation of the NO, postprocessing model. Considering
that overall flow and temperature patterns are qualitatively cor-
rect, and that the predicted peak and equilibrium CO levels are
of the correct order of magnitude, one may expect that at least
the feasibility of our NO, prediction concept can be tested on
the basis of the employed heat release model.
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NO, Chemistry in Lean-Premixed Combustion

The formation of NO in lean (A = 1.5 to 2.5), premixed
combustors fired on methane or natural gas occurs by the nitrous
oxide, the Zeldovich, and—to a lesser extent—the prompt
mechanisms. This is quite different from the situation in diffu-
sion flames, where the Zeldovich and prompt mechanisms are
dominant, and most certainly the reason why the application of
a NO, prediction model (Missaghi et al., 1990; Dupont et al.,
1993) suitable for richer conditions and/or diffusion flames to
the Double Cone Burner gave totally unacceptable results.

The rate of NO production by the Zeldovich mechanism un-
der such conditions is given with good accuracy by

d[NO}l/dt = 2k [N,1{O], (6)

where the rate constant k; in the Eq. (6) is that of the initial
Zeldovich reaction:

N, + O > NO + N. (7

A value of k£, = 1.8 X 10" exp(—38370/T) m*® kmol ™' s~
has been used, as suggested by Hanson and Salimian (1984).

As \ and p increase and the inlet air temperature decreases,
the ratio of NO formed by the nitrous oxide mechanism to that
by the Zeldovich mechanism increases. Indeed, under the lean-
est conditions and at high pressures, the nitrous oxide mecha-
nism is predominant and can account for essentially all of the
NO formed (Nicol et al., 1993), The nitrous oxide is formed
by the following reaction:

N, +O0O+MeNO + M (8)

For high-pressure combustion, the N,O is destroyed mainly by
the reverse reaction. Destruction of the N,O by free radical
attack plays a secondary role. This is different from the situation
at atmospheric pressure, in which case destruction by H-atom
attack (i.e., N,O + H — N, + OH) is important.

Nitric oxide is formed from N,O and O or H:

N,O + O = NO + NO,
N,O + H— NO + NH.

(9
(10)

For high-pressure, lean-premixed combustion, reaction (9) is
predominant, whereas for 1 atm combustion, reaction (10) also
is important.

Under lean conditions, the NH formed by reaction (10) is
converted to NO. This occurs mainly through reaction of the
NH to N and HNO, followed by reaction of these intermediates
to NO. If the steady-state assumption is valid for the NH, N,
and HNO, the rate of NO production by the nitrous oxide mech-
anism is:

d[NO]/dt = 2k;[N,O][O] + 2K[NO1[H], (11)

where k, and k; are the rate constants of reactions (9) and (10).
The third mechanism of interest is the so-called prompt? or
Fenimore mechanism, i.e., fixation of N, by hydrocarbon attack
leading to NO. This mechanism, based on available rate data,
exerts a negligible-to-weak effect in high-pressure, lean, pre-
mixed combustion. However, for the flame zone of 1 atm, lean,
premixed combustors, the mechanism can be significant and
should be considered. The initiating reaction is taken to be:

N, + CH— HCN + N (12)

The HCN forms in the flame zone, followed rapidly by complete
conversion to NO under lean conditions. A second effect is the
reduction of NO by hydrocarbon attack, leading to additional
HCN and other cyano species (e.g., HCNO). These molecules

* Obviously, in lean-premixed combustion a substantial portion of the NO,
stemming from the nitrous oxide and Zeldovich mechanisms is also produced
“‘promptly’’ in the flame zone.
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form in the flame zone and then are reconverted to NO. With
respect to NO production, the net effect of the attack of hydro-
carbons on the nitrogen system is the formation of NO in the
flame zone at a rate less than two times the rate of reaction
(12), because some of the nitrogen is tied up as cyano mole-
cules, followed by a yield of NO as the cyano molecules are
converted to NO.

By comparing PSR/PFR models of turbulent combustion of
methane for A = 2 (Nicol et al., 1994}, it is possible to deter-
mine the contributions of the three NO, mechanisms for a range
of pressure levels. For lean premixed combustion at 1 atm, it
is found that all of the mechanisms contribute in the flame zone
(which is represented by the PSR). Due to the influence of the
radicals, the nitrogen oxides are formed mainly in the flame
zone (and immediate post-flame zone), rather than in the burn-
out zone. In particular, the maximum rate of NO, production
occurs throughout the PSR and initial part of the PFR, until a
time of about 37 is reached, where 7 is the PSR residence time.
This is a relatively long time period, which arises because of
the slow relaxation of the O atom toward its equilibrium level.
Thus, the nitrous oxide mechanism (which is sensitive to O
atom) persists into the PFR, and has a contribution of NO,
competitive with that of the Zeldovich mechanism until a time
of about 157 is reached. Downstream, in the burnout zone, the
Zeldovich mechanism is predominant, though by this point the
rate of production of the NOy is very low compared to that in
the flame zone and immediate post-flame zone. Since the CH
radical is very short-lived, the prompt NO, mechanism only
contributes in the flame zone.

For high-pressure combustion (e.g., 14.3 atm from Nicol et
al., 1995) the NO, behavior is markedly different. The nitrous
oxide mechanism is the predominant source of the NO,—again
the NO, forms mainly in the flame zone. The prompt NO,
mechanism contributes weakly, and the Zeldovich mechanism
does not become significant (relative to the nitrous oxide mech-~
anism) until well into the burnout zone. Because of the fast
relaxation of the O atom toward equilibrium in high-pressure
combustion, the period of maximum NO, production is very
short. This behavior may explain the lack of a positive pressure
dependency of the NOy, as observed in some experiments (e.g.,
see Joshi et al., 1994; Steele et al., 1995). For 1 atm combustion,
because of the persistence of the maximum NO, production
rate, the radical dominated NO, formation is spread over a
significant range of eddy sizes, up to times of several millisec-
onds. However, at high pressure the region of super-equilibrium
O atoms can be very small, although the maximum rate of NO,
production is very high (e.g., about 10-fold higher at 14.3 atm
than at 1 atm; Nicol et al., 1995). The result of these competing
effects is that the NO, emission does not increase with pressure,
and in some situations actually falls off moderately with increas-
ing pressure (Joshi et al., 1994; Steele et al., 1995).

The Postprocessor Concept

The total amount of nitrogen oxides formed in lean, premixed
combustion is typically (much) less than 100 ppmv, so that the
influence of NO, formation on the heat release process and the
concentrations of stable species and the more important radicals
may safely be neglected. It is therefore possible to decouple the
prediction of nitrogen oxide concentrations from the ‘‘main’’
heat release computation. This approach is only feasible, if the
chemical source terms for NO, may be derived from the main
solution field with sufficient accuracy. If this is the case, the
CFD solver can be used in a ‘‘postprocessing’’ step to solve
the transport equations of the nitrogen oxides and compute their
two- or three-dimensional concentration fields, while keeping
the values of the ‘‘main’’ variables frozen.

However, the discussion in the previous section has shown
that a sizable chemical mechanism is required to compute the
contributions of the three NO, formation routes to the source
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term, especially at atmospheric pressures. It is not always possi-
ble to reduce the number of reactions to -a value that can be
comfortably handled by a CFD code not designed for stiff prob-
lems. Empirically fitted global reaction mechanisms have there-
fore been introduced to predict, e.g., the formation of prompt
NO,, see Missaghi et al. (1990) and Dupont et al. (1993).

Furthermore, Eqs. (6)—(12) show that NO, formation rates
depend directly on the concentrations of a number of radicals,
which are typically not predicted by the turbulent combustion
models that are currently in use for practical applications. It is
often suggested to approximate radical concentrations by their
respective (partial) equilibrium values, see e.g., Warnatz and
Maas (1993) and Missaghi et al. (1990). However, the temper-
ature levels achieved in lean-premixed low-NO, combustion
systems are too low to allow the use of this approximation. For
example, Zeldovich NO, formation depends linearly on the O
atom concentration, while at p = 1 bar the O/H/OH radical
pool is in general not in partial equilibrium at temperatures of
interest here. :

In order to circumvent these difficulties, the postprocessor
developed in this study extracts radical concentrations from
numerically evaluated dependencies, i.e., look-up tables that are
based on local CO concentration. Among the variables predicted
by the CFD code, CO has been chosen as the basis of the
tables as it is most indicative of free radical chemistry and less
sensitive to numerical inaccuracies than temperature. The look-
up table is generated (before the postprocessor’s run) by adia-
batic one-dimensional laminar flame or reactor modeling with
detailed chemistry. Note that the operating conditions (equiva-
lence ratio, inlet temperature, pressure) for the laminar flame
or reactor models with detailed chemistry are always set in
accordance with the main simulation. We emphasize that it is
not assumed that there is a ‘‘universal’’ correlation between
CO and radical concentration and NO, formation that is valid
over a wide range of operating conditions. It has nevertheless
been found that the CO correlations are surprisingly universal
inasmuch as they do not depend on the details of the reactor
modeling, provided that the combustion process is (nearly ) adi-
abatic and that the CO oxidation process is not quenched (see
below and Nicol et al., 1994).

With the O atom mass fraction Y, taken from the appropriate
look-up table, the prediction of Zeldovich NO, formation rate
from Eq. (6) is straightforward. How are the other formation
paths treated? In the high-pressure case, Fenimore prompt NO;
may safely be neglected (Nicol et al., 1995), and the nitrous-
oxide route is well described by Eq. (11) with the H atom
contribution dropped. Providing CO correlations for Yy, and
Y, from the detailed chemical model allows then a prediction
of the NO, formation rate via the nitrous oxide route. At atmo-
spheric pressure, which is considered in this study, the situation
is more complicated: Fenimore NO, should not be neglected,
and the destruction of N,O by hydrogen atom attack is im-
portant. It has therefore been decided to provide the formation
rate of NO via the nitrous and prompt route directly to the
postprocessor.

The NO, postprocessor operates then in two steps: (1) The
one-dimensional adiabatic laminar flame or chemical reactor
model is used as a preprocessor to generate a look-up table of
Yo and d[Yno1/dt by the nitrous oxide and prompt mechanisms
versus Yqo for the given A, p, and inlet temperature. The chemi-
cal mechanism used is that of Miller and Bowman (1989) with
Zeldovich NO, deactivated. (2) Calls to the look-up table pro-
vide the CFD code with local values for the O atom concentra-
tion and the rates of NO production by the nitrous oxide and
prompt mechanisms. Zeldovich NO formation is then computed
according to Eq. (6), using also the CFD generated local tem-
perature.

Adopting this special treatment for Zeldovich NO, it appears
principally feasible to consider the effect of heat losses and/or

Journal of Engineering for Gas Turbines and Power

el
L 4

Yo

>
3
.

.

/S

.

.

’/’ PS

*e "’00“0}

ERNRET|

10° 4
|
10" 3 ¢ 1-D Pmx
3 |— Equilib. Code
h --- Partial Equilib.
-8 _|
10 l T T II“”l T rllllll‘ T IIT!HI] T 1
10° 10* 10" 10°
Y co

Fig. 3 O atom mass fraction plotted versus CO mass fraction. Shown
are one-dimensional premix flame results (7; = 630 K, A = 2.1), equilib-
rium computations based on the local one-dimensional premix flame
concentrations, and the partial equilibrium expression by Warnatz.

temperature fluctuations at least on Zeldovich NO, formation—
which shows the strongest temperature dependence of all NO,
formation paths considered due to the high activation energies
involved.* Of course, this would require that the [O] ~ [CO]
correlation be fairly insensitive to heat losses. However, since
this has not yet been investigated, the present work deals only
with adiabatic cases and the effects of temperature fluctuations
are not included. See below for a further discussion of the latter
aspect.

As an important prerequisite for the NO, prediction it is
useful to investigate how strongly the preprocessor results, i.e.,
the CO correlations, depend on the type of chemical model
(one-dimensional laminar premix flame or PSR/PFR).

Kinetic Modeling Results

As discussed above, our NO, postprocessor does not perform
detailed chemical kinetic calculations, it merely links—via
look-up tables—reaction kinetic data derived from one-dimen-
sional premix flame or PSR/PFR computations into the two-
dimensional or three-dimensional solution field obtained from
the turbulent combustion modeling. Specifically, O atom con-
centrations and prompt/nitrous NO, formation rates for a given
value of CO mass fraction and temperature are extracted from
the detailed chemical kinetics computations. Throughout this
paper, the detailed mechanism used for combustion of CH, is
that of Miller and Bowman (1989).

This is illustrated in Fig. 3, which shows O atom versus
CO mass fraction taken from a one-dimensional premix flame
computation at atmospheric pressure with inlet temperature T;
= 630 K, air excess ratio A = 2.1, and methane fuel. Also
plotted are equilibrium O atom mass fractions obtained with
the Chemkin equilibrium code (Kee et al., 1985, 1989) and
with the partial equilibrium expression [O] = k,[0,]"?, where
k, = 34.6T% exp{ —27123/T} as suggested by Warnatz and
Maas. (1993). Please note that traversing the flame front from

* The effects of heat losses on nitrous/prompt NO, are less important because
the relevant activation energies are generally lower and because heat losses in
the flame zone, where the nitrous and prompt routes dominate, may be expected
to be small as radiative heat transfer may be neglected in lean-premixed flames
and cooling air (if any) is usually not injected into the flame zone.
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Fig. 4 NO production rates (in mass fraction per second) from one-
dimensional premix flame computations and PSR/PFR models with resi-
dence times 7 ~ 0.2 ms (lean biow out) and 7 ~ 0.4 ms

the unburned to the burned side corresponds to traversing the
curves in the diagram in the counterclockwise direction. Equi-
librium conditions are near the upper left end of the curves.
The portion of the curves with O atom mass fractions below
10~*—corresponding to the cold part of the preheat zone—
have been omitted from the graph.

It is found that in the flame zone, i.e., near the CO peak, O
atom mass fractions are up to two orders of magnitude above
(partial) equilibrium values, i.e., superequilibrium radical over-
shoot is enormous at the rather moderate temperatures that are
found in this lean premixed flame. Only with CO nearing its
equilibrium value are the O atom concentrations reasonably
well approximated by the partial equilibrium assumption. Obvi-
ously, at the prevailing conditions NO, models based upon par-
tial equilibrium O atom concentrations would severely un-
derpredict the production of Zeldovich NO, in the flame front.
The NO, prediction scheme introduced in this study should be
significantly more precise than any such model, even if predic-
tions of CO concentrations are with the available combustion
model only qualitatively correct.

Production rates of prompt/nitrous NO,—which are also in-
put to the NO, postprocessor in the form of look-up tables—
are plotted versus CO mass fraction in Fig. 4. Please note that
all concentrations are on a wet, actual O, basis, except where
noted otherwise. The prompt/unitrous NO, production rate of
the one-dimensional premix flame (filled diamonds) behaves
essentially® as expected, i.e., there is a strong production rate
peak in the flame zone (upper right corner of the diagram),
the production diminishes rapidly in the burn-out zone, and is
negligibly small near equilibrium conditions (left side of the
diagram).

The production of Zeldovich NO, (open diamonds) also
peaks in the CO-rich flame zone with a value of about one
fifth of the maximum prompt/nitrous NO rate. Zeldovich NO,
production diminishes less rapidly in the burn-out zone and—in
this particular case— forms near equilibrium at approximately 1
ppm/s, which is more than five times faster than prompt/nitrous
production.

* The sudden dip near the maximum CO concentration in the lower branch of
the nitrous/prompt curve, which corresponds to the beginning of the reaction
zone of the flame, is due to a combination of strong molecular diffusion and NO
+ NO, conversion.
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Also shown in Fig. 4 are production rates from PSR/PFR
reactor models at lean blowout (PSR residence time 7 =~ 0.2
ms), which provides correlations over the greatest range of CO
space, and with a larger PSR with 7 ~ 0.4 ms. The larger
reactor’s volume was set in such a way that the Double Cone
Burner’s lean blowout equivalence ratio ¢ ~ 0.4 was repro-
duced by the reactor model. It can be seen that the production
rates taken from the two chemical reactor models are quite close
to each other and the one-dimensional premix flame values,
except near the CO peak, where differences up to a factor of
two are observed. The CO-O correlations produced by PSR/
PFR models differ even less from their one-dimensional premix
counterparts (not shown). This is a remarkable observation,
considering that the PSR/PFR and laminar flame models corre-
spond to turbulent Damkohler numbers equal to zero and infin-
ity, respectively. ,

This apparent universality has been further examined using
several chemical reactor zone arrangements, including cases
with multiple PSRs and PFRs, and cases with recycle zones
included. These results, which are described by Nicol et al.
(1994), show (for given \, p, and inlet temperature) that the
dependence on the CO concentration of the O atom and N,O
concentrations, and the rate of NO production, is essentially
independent of the chemical reactor zone arrangement selected.
The provisions are that the combustion process is adiabatic
(or nearly adiabatic), and that the combustion process is not
quenched.

Postprocessor Results

Two-dimensional contour plots of total NOy production rate
and concentration obtained with the postprocessor are shown
in Fig. 5. (Operating conditions are air excess ratio A = 2.1,
inlet temperature 7; = 630 K, pressure p = 1 bar.) The produc-
tion rate rises very steeply on the cold side of the flame front,
and a finer grid would be required to resolve this region ade-
quately. Peak production rates in the flame are about 1000 ppm/
s; in the burn-out zone the production rate decreases rapidly
to very small values around 20 ppm/s. Figure 5 confirms our
expectations that the formation of oxides of nitrogen is essen-
tially restricted to the flame zone, where significant concentra-
tions of radicals are found in lean premixed combustion. Only
near the burner axis, where residence times in the vortex break-
down and its wake are longer than elsewhere, is postflame NO,
formation noticeable.

A comparison of measured and predicted NO, concentrations
(dry, 15 percent O,) at the centerline, 400 mm downstream of
the burner exit, is presented in Fig. 6. Mixture inlet temperature
was 630 K for both experiment and computation with natural
gas and methane used as fuels, respectively. Maximum experi-
mental flame temperatures are near 1750 K due to the risk
of flashback at richer conditions (see above). The agreement
between experiment and postprocessor predictions is remark-
able, especially if one considers that the postprocessor has no
adjustable parameters. The disagreement at higher temperatures
can be attributed to heat losses, which increase with temperature
in the experiment, while they are not considered in the (adia-
batic) computations. However, recalling the shortcomings of

250 ppm/s
1000 ppm/s

NQ, concentration
O ppm 1.8 ppm

NO, production rate

1.2 ppm

Fig. 5 Contour lines of NO, production rates {top) and NO, concentra-
tion (bottom, contour line spacing equals 0.4 ppm)
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Fig. 6 Measured (®) and computed (- ~) NO, concentrations versus
adiabatic flame temperature

the heat release and CO modeling discussed in Section 3, and
the neglect of turbulent fluctuations in the present implementa-
tion of the postprocessor, we must concede that the level of
agreement shown in Fig. 6 is most likely at least to some extent
coincidental. Nevertheless, the postprocessor is conceptually
sound, and reproduces qualitative aspects of NO, formation
in lean premixed flames correctly. A more reliable turbulent
combustion model would certainly increase our confidence in
the NO, model’s quantitative predictions.

A few comments concerning the influence of temperature
fluctuations on NO, formation in lean premixed combustion
shall conclude this section. The formation of Zeldovich NO, is
extremely sensitive to temperature, due to the high activation
energy of the rate limiting reaction (7). A Zeldovich NO, for-
mation rate based on mean temperature can therefore be very
different from the actual mean formation rate. This is particu-
larly so in diffusion flames, where significant NO, production
occurs only in near stoichiometric regions where high peak
temperatures and strong fluctuations are realized. For such
flames, the turbulent fluctuations of temperature must be taken
into account in a meaningful way. In the context of a NO,
postprocessor, this has been attempted—see, e.g., Missaghi et
al. (1990) and Dupont et al. (1993)—by introducing a pre-
sumed probability distribution function (pdf) for temperature,
which is based on the first two moments, i.e., the mean and the
variance. If the variance is not provided by the main combustion
model, it may be determined approximately from the mean
gradient. Species concentrations enter the rate expressions lin-
early or with small exponents, therefore their mean values may
be used under certain circumstances. It is also possible to use
a presumed pdf for species, with species and temperature fluc-
tuating independently from each other. This methodology has
been applied by Missaghi et al. (1990) and Dupont et al. (1993)
to turbulent diffusion and (partially ) premixed flames with some
success.

The situation is quite different in (perfectly) premixed com-
bustion. First, the nitrous and prompt NO, formation paths are
significantly less sensitive to temperature than the Zeldovich
path. Second, the momentary temperature is always restricted
to values below the adiabatic flame temperature: less than 1800
K at conditions of interest. Finally, the highest radical concen-
trations and the highest NO, formation rates are found at inter-
mediate temperatures (compare Fig. 4). These observations
suggest that the error incurred by neglecting temperature fluc-
tuations altogether is insignificant. This supposition is supported
by Fig. 7, which shows the computed NO, formation rate and
the temperature gradient sampled from about 500 computational
cells in the vicinity of the flame front. The temperature gradient
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VT has been nondimensionalized by the turbulent length scale
Iy and the temperature T and then normalized to the interval [0,
1]. It is remarkable that the NO, formation predicted by the
postprocessor is considerable only in regions where gradients
of temperature, and thereby also the fluctuations of temperature,
are relatively small. This behavior is consistent with our conjec-
ture.

Summary

A NO, prediction scheme suitable for lean-premixed combus-
tion of methane or natural gas at atmospheric and gas turbine
conditions has been developed. The model is implemented as
a postprocessor, i.e., the NO transport equation is solved after
the “‘main’’ turbulent combustion simulation has been com-
pleted. Source terms for NO are derived from the ‘‘main’’ solu-
tion via correlations based on mean CO concentration and tem-
perature. These correlations are computed with one-dimensional
laminar flame or PSR/PFR models with detailed chemistry and
provided to the NO, module in the form of a look-up table. The
correlations are not universal; for every operating condition
(inlet temperature, pressure, air excess, etc.) of interest an ap-
propriate look-up table must be prepared. However, the correla-
tions are remarkably universal inasmuch as unstrained laminar
flame or PSR/PFR models, corresponding in some sense to
infinite and zero turbulent Damkd&hler number, produce very
similar correlations.

At atmospheric conditions, which this study is restricted to,
correlations for nitrous/prompt NO, formation rate and O atom
mass fraction, necessary to predict Zeldovich NO,, are supplied.
At high pressures, prompt NO, may be neglected, and a global
expression for the nitrous NO, rate may be used, which is based
on N,O and O. The effect of turbulent fluctuations on NO,
formation rates is not considered in the present implementation.
It has been argued, however, that these effects are possibly quite
small in lean-premixed combustion.

As a test case, combustion in a swirl-stabilized gas turbine
burner at atmospheric pressure has been simulated. Dimensional
estimates suggest that this burner operates in a regime where
both turbulent mixing and kinetic rate limitations must be con-
sidered (Da ~ 1, Ka > 1). An extended eddy break-up turbulent
combustion model has been developed and implemented, which
allows one to consider kinetic limitations in a physically reason-
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Fig. 7 Computed NO, production rate and normalized temperature gra-
dient versus temperature T from the vicinity of the flame front. The sud-
den jump in production rate corresponds to the transition from the low-
T to the high-T branch of Fig. 4 and occurs because the CO concentration
reached in the CFD model is lower than the maximum CO concentration
from the detailed model.
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able manner. Qualitatively correct distributions of flow, temper-
ature and CO mass fraction have been obtained.

For the leanest conditions considered, where effects of non-
adiabaticity are smallest, the NO, postprocessor predicts con-
centrations of oxides of nitrogen with excellent quantitative
agreement with experiment. Also, the production of NO, occurs
mainly in the flame zone, which is in agreement with our present
understanding of NO, formation in lean-premixed combustion.
The model shall be applied to high-pressure test cases in the
near future; the possibility of including effects of turbulent fluc-
tuations and imperfect premixing is being studied.
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Introduction

A propane-fueled research combustor, Fig. 1, has been de-
signed (Sturgess et al., 1992) and developed (Heneghan et al.,
1990) to investigate lean blowouts in simulated primary zones
of the combustors for aircraft gas turbine engines. The funda-
mental flow features of a gas turbine combustor primary zone,
within which the flame is held, are generated by the geometri-
cally simple design of the research combustor.

The research combustor consists of co-axial jets with a 29.7
mm ID central fuel jet surrounded by a 40 mm diameter annular
air jet. The fuel is gaseous propane. The jets are located centrally
in a 150 mm nominal diameter duct. A backward-facing step at
the jet discharge plane completes the sudden expansion, giving a
step height of 55 mm. The step provides a recirculation region
that can stabilize the flame. The combustor test section incorpo-
rates flat quartz windows to provide optical access. Curved
metal fillets, located in the corners of the test section, reduce
and distribute the vorticity generation due to wall secondary
flows, and so eliminate their impact on the bulk flowfield in the
combustor. An orifice plate with a 45 percent blockage ratio
forms the exit from the combustor.

When operated in a fuel-rich mode, the flame in the combus-
tor is very stable and is anchored in the jet shear layers by a
pilot flame attached to the step near the outer edge of the air
supply tube. Fuel for this flame is recirculated from downstream
by the step recirculation zone; ignition is by hot gases also
recirculated. As the bulk equivalence ratio is reduced, the flame
becomes less stable, and eventually reaches a point where the

pilot flame becomes detached from the base region (lifts), and

the entire flame structure becomes stabilized downstream, Fig.
2. Thus, there are two distinct operating modes for the combus-
tor: a fully anchored flame, and a lifted flame.

As a consequence of the flame-lift, a significant degree of
partial premixing of the reactants takes place upstream of the

lifted flame position. When the equivalence ratio is further re-

duced, the flame becomes progressively less stable (Heneghan
et al., 1990) in its lifted condition, and eventually flows out.
This lean blowout limit at atmospheric pressure has been found
to correspond to a fuel equivalence ratio (around 0.5) that is
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correlated experimental lean blowout results are compared with well-stirred reactor
calculations for the research combustor to confirm the efficacy of the calibration.

very close to the lean flammability limit of propane in air (Lewis
and von Elbe, 1987). Due to the partial premixing, the combus-
tor lean blowout performance characteristic has been observed
to be consistent with that of well-stirred reactor data (Sturgess
et al., 1992).

Lean blowout is strongly affected by chemical reaction rates.
Application of chemical reaction rate theory to well-stirred reac-
tors has resulted in the formulation of the gas loading parameter
m/(V P"F), where n is the effective order of the reaction, F'is
a temperature correction factor, V is the reactor volume, #i is
the oxidant mass flow rate, and P the operating pressure, against
which the equivalence ratio at blowout is frequently plotted.
The concept of the well-stirred reactor can provide a simplified
description of practical combustors. Bragg (1953) originated
the view that any reasonably efficient practical combustor
should consist of an initially well-stirred reactor section for
ignition and flame holding, followed by a plug-flow reactor
section for burnout. Since the research combustor was designed
specifically to reproduce the major features of an aircraft gas
turbine combustor primary zone (Sturgess et al., 1992), it might
be expected to conform to well-stirred reactor behavior. The
lean blowout behavior supports this expectation. Therefore, the
loading parameter can be used to define lean blowout perfor-
mance.

The research combustor is being tested in a facility that oper-
ates at atmospheric pressure and that was limited to maximum
propane flow rates of about 20 kg/h. Under these circumstances,
sufficient loading to approach the maximum heat release condi-
tion of the research combustor cannot be achieved. However,
to investigate the lean blowout phenomenon thoroughly, it is
desirable to probe the flow fields for flames that are anchored
and lifted at both lightly strained and heavily strained flame
conditions. Heavily strained flames occur at high loadings, and
in practice, result from combustor operation at a given airflow
with low air inlet temperatures and low (subatmospheric) pres-
sures. Reducing air inlet temperatures alone to achieve high
loadings without choking the combustor requires very low tem-
peratures, and this demands drying of the air to avoid severe
icing problems. Given these difficulties, alternative methods of
achieving heavily strained flames were needed.

The quantities involved in the loading parameter are those
that influence the speed at which chemical activity converts
reactants to products. When the combustor inlet conditions can-
not be manipulated to achieve a desired loading, the chemical
reaction can be influenced by some other means to yield a
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similar rate of reactants conversion. If pressure is made the
variable of influence, then a suitably altered chemical reaction
would reflect the ‘‘simulated pressure.”’

Low pressures can be simulated by the introduction of an
inert diluent that slows down the chemical reaction in approxi-
mately the same way that low pressures do. The addition of the
diluent has two effects: first, it lowers the concentration of
reactants, and second, it lowers the reaction temperature by
virtue of its heat capacity. Thus, tests may be made at atmo-
spheric pressure and high loading still achieved.

Such a simulation technique for achieving high loadings
while operating at room temperature and atmospheric pressure
was developed for the research combustor.

Simulation Technique

A number of techniques for simulating low combustion pres-
sures are available, e.g., Lefebvre and Halls (1959), Lefebvre

(1961), and Greenhough and Lefebvre (1956), using water
as the diluent. However, water is inconvenient for the present
purposes. It requires preheating of the inlet air to ensure com-
plete vaporization of the droplets. Gaseous nitrogen has also
been used with success (Norster, 1968), and does not require
preheating. Although a direct calibration for nitrogen was not
available, nitrogen as a diluent is extremely convenient for the
present purposes, and was therefore selected.

Theoretical Background

Consider the combustion of the general hydrocarbon C,H, in
air, and let the equivalence ratio ¢ be such that there is an
excess of air, i.e., ¢ < 1.0. Also, let the combustion efficiency
be such that B is the fraction of fuel that is actually burned.
The unburned fuel will not pass through the combustor un-
changed, but will, in general, appear in the exhaust as carbon
monoxide, hydrogen, and lower hydrocarbons. In modern com-
bustors the lower hydrocarbons are always small in quantity
under normal circumstances; further, the fast reaction rate of
hydrogen suggests that it too, will not be a significant product.
Therefore, a simple bimolecular global reaction can be pro-
posed,

¢CH, + (x + y/4)0, + 79/21(x + y/4)N,
= aCO + CO, + y/2¢H,0 + 79/21(x + y/4)N,
+ (1 — ¢B)(x + y/4)0, (1)

where all of the hydrogen in the fuel is burned to water vapor,
and the inefficiency is reflected solely in the CO/CQ, balance.
This is reasonable because of the relatively slow conversion of
CO to CO,. Nitrogen is assumed inert. The molar fractions «
and g are found from C/O balances.

For propane this reaction becomes,

$C;H; + 50, + 18.8095N,
= 10¢(1 — B)CO + ¢(10B = 7)CO, + 44H,0
+ 18.8095N, + 5(1 ~ ¢B)O, (2)

Note that with this simple reaction mechanism CO, disappears
from the products for a fractional conversion less than or equal
to 0.7.

Let K be the mass ratio of diluent nitrogen to fuel. The
reaction expression becomes

¢CsHg + 50, + 18.8095yN,
= 10¢(1 — B)CO + ¢(10B — 7)CO, + 4¢H,0
+ 18.8095yN, + 5(1 — ¢B)O, (3)

so that the additional mass of N, is 18.8095 X 28 (y — 1).

————— Nomenclature

A = pre-exponential rate constant (may
also include convenient unit con-
version factors)

B = combustion efficiency

C= E/R

E = activation energy

F = temperature correction factor

K = mass ratio of excess nitrogen to
fuel

m = volumetric fractional concentration

m = mass flow rate

m" = volumetric rate of oxidant mass
consumption’

reaction
P = pressure

reaction

reaction
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n = effective order of global chemical

R = global reaction rate expression

® = universal gas constant

T = reaction temperature

V = volume associated with combustion
a = molar fraction of CO in products of

[ = molar fraction of CO, in products of

¢ = fuel/air equivalence ratio

Subscripts
air = air
f = carbon monoxide in products of
reaction, fuel
LBO = lean blowout
N, = excess nitrogen as diluent
o = oxygen in products of reaction
Tot = inlet sum of air, propane, and
excess nitrogen

v = defined by Eq. (4)
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Fig. 2 Photographs of anchored and lifted flame operation

Hence,
v = (¢pK/11.9697 + 1) (4)

Equations (3) and (4) together provide the volumetric frac-
tional concentrations of oxidant and fuel present in the exhaust,
ie.,

_10¢(1 - B)

G ()

my

where
G = 10¢(1 — B) + ¢(10B — 7)
+ 4¢ + 18.8095y + 5(1 — ¢B)
and
m, = 30— 8B)
G

From the kinetic theory of gases a reaction rate expression

in Arrhenius form can be derived for bimolecular, single-step

reactions. Longwell et al. (1953) have proposed that for lean
mixtures this takes the form,

(6)

GBm" = AmmP?T > exp(— E/'RT) (7D
’ p

where m" is the volumetric rate of oxidant mass consumption.

Although Longwell and others have proposed fractional indi-
ces in Eq. (7) to accord with the results of various experiments,
for the present purposes a pure second-order reaction in pressure
and first order in concentrations is taken. In Eq. (7), E is a
reaction rate constant (activation energy), and A can incorpo-

Journal of Engineering for Gas Turbines and Power

rate a pre-exponential rate constant as well as various unit con-
version factors and other constant terms as may be convenient.
T is the reaction temperature, and R the universal gas constant.

Rearranging Eq. (7) into a form incorporating the loading
parameter yields,

Hige _ Aminy 1 (8)
VP* @B T exp(E/RT)
Combining Eqs. (5), (6), and (8) gives,
Mae _ A(L — B)
VP? B
2(1 — ¢B) - |
2 (9)

X
(¢p(1.4 — B) + 79/21y + 1)* 772 exp(E/RT)

Equation (9) represents the appropriate global kinetic expres-
sion for the reaction rate of propane in air with additional nitro-
gen. With K equal to zero, it also represents a similar expression
for propane in pure air.

A reaction rate simulation can be obtained if

mair > _ mair
VPZR simulation VPZR desired

where R is the appropriate reaction rate expression from the
right-hand side of Eq. (9), i.e., with K > 0 and P = | atm for
simulation and K = 0 and P < 1.0 atm for desired reaction
rate. If it is taken that the presence of the diluent has no effect

(10)
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on the rate constants, the identity represented by Eq. (10) can

be WIltteI’l,
< PzR) ulatio; < P‘:;R>
simulation desired

Thus, A does not have to be described explicitly. A typical
value for E is 26,613 g-cal/g-mole, for near-stoichiometric
mixtures (Clarke et al., 1960).

Figures 3 and 4 may be used to compare the left- and right-
hand sides of the identity for an equivalence ratio of 0.9 and
inlet temperature of 300 K. Figure 3 shows the effect of pressure
on propane/air combustion, while Fig. 4 shows the effect of
nitrogen addition on the combustion at one atmosphere pressure.
The similarities of the two curves are obvious.
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Need for Calibration

The simplified reaction mechanism and rate expression used
to derive the simulation are only a convenient representation of
reality. A given rate expression cannot be expected to represent
all the actual reactions taking place adequately so that the ex-
pression is appropriate over wide ranges of operating conditions.
Therefore, if the simulation technique is to be used for other
than merely comparative purposes, some form of calibration is
required.

Various global Arrhenius rate expressions have been pub-
lished in the literature to represent propane/air combustion at
different conditions, e.g., Greenhough and Lefebvre (1956),
Clarke et al. (1960), and Herbert (1960). One that is more
appropriate for low equivalence ratios (around 0.5) is given by

m"” = Am>*m?* PT™°° exp(—56,600/RT) (12)

This has the form of Eq. (7), but different fractional indices
and rate constants. When the simulation is based on Eq. (12)
rather than Eq. (7), considerable differences result.

As is to be described, comparison of curves like Figs. 3 and
4 can be used to obtain the relationships between nitrogen to
fuel mass ratio and the equivalent reaction pressure. This has
been done in Figs. 5 and 6 for an equivalence ratio of 0.9 and
a mixture initial temperature of 300 K, using simulations based
on Egs. (7) and (12), respectively. For given combustion effi-
ciency and nitrogen/fuel mass ratio, the differences in equiva-
lent pressure from the two curves are marked. This illustrates
vividly the need for calibration of the technique.

Calibration

An ideal calibration would be based on a comparison of the
simulated pressure technique against true low-pressure tests in
the same reactor. Unfortunately, such a direct approach was not
immediately available for the research combustor. Therefore,
an indirect approach is used. This maintains the bimolecular
reaction mechanism Eq. (3), unchanged, but calibrates the Arr-
henius reaction rate expression that goes with it.

Fortunately, a calibration of the Arrhenius rate expression for
propane/air/excess nitrogen systems has already been carried
out by Kretschmer and Odgers (1972), and their work has been
utilized here.
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Kretschmer and Odgers used for their calibration experimen-
tal results from spherical stirred reactors and gas turbine com-
bustors, burning fuels from propane to aviation kerosene over
a wide range of operating conditions including pressures from
0.1 to 5.4 atm and inlet temperatures from 200 K to 900 K;
equivalence ratios equal to and less than unity were included.
Analysis of these data resulted in a rate expression giving the
calibrated form for Eq. (8) as

Myie . A(momf)¢ 1
VP dB T % exp(C/T)

where C is E/'R. For an equivalence ratio of unity, Eq. (13) is
identical to Eq. (8); while for an equivalence ratio of one-half,
it is identical with the form of Eq. (12). Now, however, the
exponential rate constant contained in C is a complex function
of equivalence ratio and reactant inlet temperature. This varia-
tion arises because of the empirical character given to the rate
equation.

Figure 7 gives the dependency on ¢ of B at blowout for 300
K inlet temperature as produced by Kretschmer and Odgers.
This dependency is compared with earlier recommendations
also given by Kretschmer and Odgers (1972).

Unfortunately, Kretschmer and Odgers assumed a reaction
mechanism that was different from that given in Eq. (2). Hence,
their expression for m, was different from that given in Eq. (5).
Therefore, it was necessary to derive a variation of C, con-
taining the exponential rate constant, with ¢ that was appro-
priate to the present reaction mechanism.

The derivation of an appropriate C was done through Eq.
(13) so that,

C = T [ln (mf,new/mf,](retschmer) exp ( C/T )Kre!schmer] ( 14)

A comparison between the variations of two C’s with equiva-
lence ratio for an inlet temperature of 300 K is shown in Fig.
8. Although the differences are small, it should be remembered
that C is eventually to be used in an exponential relationship.
The variation of C for the present reaction mechanism is conve-
niently represented by the polynomial

C = 14,926.5 + 73,774.7¢ — 109,826¢* + 35,933.3¢° (15)

which has a correlation coefficient of 0.99998 and a maximum
error of ~54.3K in the range 0.4 < ¢ < = 1.0.

(13)
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Equations (13) and (15) establish the form of the global
reaction rate, and relate it to the selected reaction mechanism.

The calibration of simulated pressure may now be constructed
for a range of equivalence ratios. The appropriate reaction rate
expressions, one with variation in pressure and the other with
variation in diluent mass flow rate, can be compared as functions
of pressure and nitrogen/fuel mass ratio, respectively. The inter-
section of these expressions represents a common value of reac-
tion rate expression indicating equivalency of pressure and ni-
trogen/fuel mass ratio. This enables the relationship between
diluent mass flow rate and simulated pressure to be established.
Figure 9 gives an example of this technique for a ¢ of 0.8; Fig.
10 shows the resulting calibration curves for an inlet tempera-
ture of 300 K.

Figure 10 can be considered valid for well-stirred and par-
tially stirred reactors. Although the empirical adjustment of the
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Fig.8 Comparison of dependencies of activation energy on equivalence

ratio for Kretschmer and Odgers reaction mechanism and present reac-
tion mechanism
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global Arrhenius reaction rate expression may be considered as
being valid for a wide variety of hydrocarbons burning in air,
the simulation calibration is for propane only. Further, it is
limited to fuel-lean mixtures, as the figure indicates. The calibra-
tion shown is for 300 K inlet temperatures; Swithenbank (1974)
contains sufficient information to construct curves for inlet tem-
peratures from 200 K to 900 K.

Experimental Results

After the ignition sequence was completed and the desired
airflow established with the anchored flame condition (Sturgess
et al., 1992), gaseous nitrogen was introduced into the air sup-
ply line to the research combustor. This was done far upstream
so that the excess nitrogen was uniformly mixed with the air
entering via the annular air jet surrounding the fuel jet. The
nitrogen flow rate was set at a desired level, and a blowout
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Fig. 10 Nitrogen-simulation calibration curve at 30 K
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Fig. 11 Relationship between fuel flow at blowout and nitrogen flow at
several airflows in the research combustor

sequence obtained by reducing the fuel flow rate until the flame
was extinguished. Ignition was re-established, the airflow reset
at the previous value in conjunction with the fuel flow, a new
nitrogen flow rate was selected, and blowout was again ob-
tained.

This procedure was repeated until a maximum nitrogen flow
condition was reached. The combustor has been operated with
nitrogen mass flow rates up to 55 percent of the air mass flow
rate. No difficulties were encountered at this extreme condition.
Repeatability and hysteresis were checked through obtaining
blowouts by turning down the nitrogen flow rate range, and
also by holding nitrogen and fuel flow rates constant while the
airflow rate was increased. In addition, test points were repeated
on different days with a different observer.

Examples of the basic results are displayed in Fig. 11, and
show at a given airflow that increasing the nitrogen flow rate
linearly increases the fuel flow rate at which a blowout takes
place. In the figure, the multiple tests points shown at a given
nitrogen flow rate for the 0.653 lbm/sec (0.075 kg/s) airflow
represent the day-to-day repeatability of the blowout. Increasing
the combustor airflow increases the fuel flow at which blowout
occurs, but does not change its dependency on the nitrogen flow
rate.

Figure 12 gives an indication of the range of equivalent pres-
sures represented by the nitrogen simulation, for various air-
flows. It ranges from just less than one atmosphere down to
one-tenth of an atmosphere for these tests. The equivalent pres-
sures were obtained from Fig. 10 for the blowout conditions
given in Fig. 11. When the equivalent pressures are displayed
against the mass ratio of nitrogen to fuel at blowout in this
form, the data for the different airflows collapse onto a single
curve representing the blowout characteristic for the research
combustor. Note that for nitrogen to fuel mass ratios greater
than about 5, there is a loss of effectiveness of the technique.

When excess nitrogen is introduced into the air supply, the
visual appearance of the flame and its behavior does not change
from that observed for zero excess nitrogen (Sturgess et al.,
1992; Heneghan et al., 1990). Figure 13 gives a description of
the flame behavior at constant airflow as the nitrogen flow rate

" is increased. Visually, there is no change in the equivalence

ratio at which flame lift takes place. The equivalence ratio for
lean blowout does increase, in accord with the behavior of Fig.
11. Blowout with excess nitrogen follows the same sequence
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Fig. 12 Relationship between equivalent pressure and nitrogen to fuel
mass ratio at blowout in the research combustor

of events as was observed for zero excess nitrogen (Sturgess
et al., 1992; Heneghan et al., 1990).

Correlation of Experimental Data

As described above, the equivalence ratio at blowout, ¢;go,
of a well-stirred reactor can be related to the gas loading param-
eter, m/V P*F, for the combustor. Here, the mass flow rate is
interpreted as #iry, which is the sum of the air, excess nitrogen,
and fuel mass flow rates. The fuel is included in this sum since
its volume is not insignificant; the nitrogen flow rate is generally
several times that of the fuel. Thus, the residence time in the
reactor is materially affected by these flows.

For the present experiments the temperatures of the reactants
were not varied, and the values for air, excess nitrogen and

Airflow fixed at 1300 ipm

1.4 . | ] |
ANCHORED
12 o . |
A
0
g Fy
2 10 _
@ Flame Character
o LIFTED « ncnored fiams
Z2 08| —
a A Lifted flame
w
8 Blowout
06 | B
— [E——
S —
. —
ouT
0.4 L . . J
0 1 2 P . .

Nitrogen/Fuel Mass Ratio

Fig. 13 Flame behavior in the research combustor at fixed airflow as
nitrogen to fuel mass ratio is varied
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Fig. 14 Correlated blowout data for the research combustor, and com-
parison with the calculated well-stirred reactor blowout characteristic
for the research combustor

propane were sensibly equal. Therefore, the temperature correc-
tion factor F, is taken as unity as a matter of convenience.

The pressure is interpreted as the effective pressure, and de-
pends on the quantity of excess nitrogen flowing, as given by
Fig. 12.

The (constant) volume is taken as the total combustor volume
minus the volume of the combustor associated with flame lift.

The apparent order of the reaction, #, is taken as equal to ¢
for lean mixtares. However, this is for propane/air systems,
When a diluent is present, the order is reduced. The expression,

2¢i80

= CPL0 16
(1 + mN2/muir) ( )

is used to account for this. When no excess nitrogen is present,
Egq. (16) reverts to the pure air form.

In Fig. 14 the data in terms of ¢ g and mir,/V P* are plotted
in logarithmic form. The measured data define most of the lean
portion of the stability loop for the research combustor. The
data cover points at atmospheric pressure with zero excess nitro-
gen, as well as those at atmospheric pressure with excess nitro-
gen; a variety of airflows were used.

The figure shows that the loading parameter correlates the
blowout equivalence ratios very well. This can be appreciated
when considering the repeatability shown in Fig. 11. The blow-
out data extend over three orders of magnitude of loading pa-
rameter, and range from a blowout equivalence ratio of around
0.5 to around 0.8.

Verification of Calibration

Use of the simulation calibration curves for effective pressure
(Fig. 12) resulted in a very satisfactory correlation of experi-
mental lean blowout data obtained at constant true pressure for
wide ranges of air and excess nitrogen flows. Fortunately, since
the research combustor with zero excess nitrogen appeared to
behave like a well-stirred reactor (Sturgess et al., 1992; Hen-
eghan et al., 1990), an independent check of the calibration can
be made through the use of well-stirred reactor theory.

Swithenbank (1974) presented a dissipation gradient ap-
proach for defining perfectly stirred regions of combustors. This
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approach was applied to the research combustor, using a compu-
tational fluid dynamics (CFD) calculation to provide the turbu-
lence characteristics.

Based on the dissipation gradient analysis, the rapid-stirring
region of the research combustor was identified as the volume
enclosing the highly turbulent portion of the flow. It was found
that the surface contour enclosing 96 percent of the turbulence
kinetic energy and 99 percent of its rate of dissipation corre-
sponded to a surface over which the total dissipation gradient
had a value of 10.0, which is 100 times the value recommended
by Swithenbank. This well-stirred region extended over most
of the length of the combustor, with exceptions of portions of
the step recirculation zone and the stagnation region on the
upstream face of the orifice plate placed at the combustor exit.

While the turbulence characteristics of a flow can be used to
define a region of rapid mixing, this alone is not a sufficient
condition for a well-stirred reactor. For stable reaction to take
place within the rapid mixing region, the fuel and air mixture
must locally fall inside the flammability limits, a source of
continuous ignition (mixture at exit temperature ) must be pres-
ent, and local flow velocities must not exceed the local turbulent
burning velocity.

CFD analysis was again used to provide necessary informa-
tion to determine places within the defined rapid mixing region
where stable combustion could take place for conditions close
to blowout. On the basis of these calculations and the observa-
tions of the lifted flame position, which was found to remain
roughly constant as equivalence ratio was reduced, a suitable
well-stirred reactor volume was defined. This was 44 percent
of the total combustor volume, and corresponded to a lifted
flame mean position of about 40 cm (16 in.) from the central
portion of the step, assuming that the flame completely filled
the cross section. Visual observations of the flame indicated
that on the centerline of the combustor the closest position
to the step-plane of the lifted flame was about 16 cm (6 in.)
downstream. Of course, the real flame never completely filled
the cross section.

With a well-stirred reactor defined, the stirred reactor network
code MARK?2I by David Pratt and Brian Pratt was used to make
calculations for the research combustor. The MARK2I code
uses the CREK chemical kinetics code (Pratt and Wormeck,
1976) and a hydrocarbon reaction mechanism by Roberts et al.
(1972). The research combustor near blowout was modeled in
MARK?] as a single, perfectly stirred reactor with separate air
and fuel inlets, and a single discharge of products; there was
no recirculation of products. It was operated with gaseous pro-
pane as fuel and air as oxidant, with equal inlet temperature of
293 K. The volume was that defined above, although two other
volumes were used for spot checks to see the sensitivity to
volume. This was done because of the uncertainty associated
with the flame position. (The results for the range of volumes
were subsequently correlated successfully by the loading param-
eter, via the volume term incorporated in it.) The model was
operated at a number of air mass flow rates, with several pres-
sure levels of atmospheric and less, for each airflow. No cases
with excess nitrogen were run.

Shown on the stability plot of Fig. 14 is a line representing
the blowout characteristic calculated by the well-stirred reactor
code. The line runs through the correlated experimental blowout
data very nicely, thereby confirming that the research combustor
is behaving as a well-stirred reactor, Furthermore, since the
loading variation in the well-stirred reactor calculations was
achieved through variations in mass flow rate and true operating
pressure while the experimental data were correlated on the
basis of mass flow rate and equivalent pressure, the agreement
verifies the calibration (Fig. 12) of the nitrogen dilution tech-
nique.

Discussion
A technique has been presented whereby the lean reaction
of ‘gaseous propane in air at subatmospheric pressures can be
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simulated by approximating the subatmospheric pressure reac-
tion rate with a reaction rate at atmospheric pressure in the
presence of excess gaseous nitrogen as a diluent.

The technique has been calibrated through the assumption of
a one-step global reaction mechanism for propane/air/excess
nitrogen systems in which nitrogen remains inert, and where
combustion inefficiency is accounted for solely through the CO/
CO, balance in the products. A global reaction rate expression
in Arrhenius form for a bimolecular, single-step reaction was
calibrated using experimental data from the literature. Finally,
the relationship between excess nitrogen and the equivalent
pressure was established by comparing appropriate reaction rate
expressions with separate variation in pressure and diluent mass
flow rate. This relationship forms a calibration for the simulation
technique at blowout conditions. The calibration is valid for
well-stirred and partially stirred reactors using propane as a
fuel in a lean mixture with air. The specific calibration curve
presented is for 300 K inlet temperature of reactants, although
similar curves for other temperatures are readily constructed.

Lean blowout data in a research combustor, obtained using
the simulation technique, were successfully correlated using the
conventional loading parameter in which the pressure term was
taken as the equivalent pressure obtained from the calibration.
The range of equivalence ratios covered by the variation in
loading parameter was from near the flammability limit to near
the maximum heat release rate; the range of loading parameter
obtained extended over three orders of magnitude. These were
achieved at atmospheric pressure and with a limited range of
mass flow rates. The lean stability of the research combustor
was completely defined by these data.

The combustor was operated without difficulty with an excess
nitrogen mass flow rate up to 60 percent of the air mass flow
rate. At this condition the equivalent pressure corresponded
to 0.1 atmosphere. However, it is not recommended that the
maximum excess nitrogen flow rate be greater than about 45
percent of the air mass flow rate. This is because of inaccuracies
in. the calibration curve (lower right-hand corner of Fig. 10),
at operating conditions with very high levels of excess nitrogen.

The effective order of the reaction when excess nitrogen is
used becomes a function of the mass ratio of excess nitrogen
to air, as well as equivalence ratio at blowout. There was no
visual evidence that the excess nitrogen changed the flame char-
acteristics in any way from that observed without excess nitro-
gen.

A final check on the accuracy of the calibration was made
by comparing the correlated experimental results using the sim-
ulation against well-stirred reactor calculations based on pro-
pane/air systems for true subatmospheric pressures. This com-
parison was justified since it was known from the initial test
results (Sturgess et al., 1992; Heneghan et al., 1990) that the
research combustor had well-stirred reactor lean blowout perfor-
mance when operated at atmospheric pressure without any ex-
cess nitrogen. The subsequent agreement in the stirred reactor
calculation comparison confirmed the accuracy of the calibra-
tion.

The demonstration of the successful calibration for the nitro-
gen dilution simulation of low operating pressures opens an
important possibility for small-scale facility combustion experi-
ments. Their operating range may be extended for certain low
pressure effects in an easy, inexpensive, and safe fashion while
the convenience of operating at atmospheric pressure is main-
tained.

Experimental lean blowout data have been obtained in the
research combustor over a wide range of equivalence ratios.
These data will provide a good data base for lean blowout
modeling. The fact that the research combustor has been defini-
tively shown to behave as a well-stirred reactor when operated
in the lifted flame condition is an important help in understand-
ing, and hence modeling, the lean blowout process.
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Conclusions

1 The nitrogen dilution technique for simulating the effects
on chemical reaction rates of low pressures has been suc-
cessfully calibrated. The calibration removes the simula-
tion from being a qualitative technique, to being a quanti-
tative one. It permits certain low-pressure combustion
effects to be examined while maintaining the convenience
of operating at atmospheric pressure.

2 The lean blowout data obtained in a research combustor
via the low-pressure simulation technique were correlated
by the familiar loading parameter when the effective pres-
sure was used for actual pressure and the reaction order
was made a function of the excess nitrogen.

3 Nitrogen dilution enables the loading parameter for the
research combustor to be extended over three orders of
magnitude, and the blowout equivalence ratio to be in-
creased from near the flammability limit to close to the
maximum heat release condition. This enables the lean
stability of the combustor to be adequately defined.

4 The research combustor at blowout conditions behaves
like a classical well-stirred reactor.
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Exergy Analysis for a Gas
Turbine Cogeneration System

A general exergy balance equation that is applicable to any component of thermal
systems has been formulated in this study. One of distinct features of this formulation
is that the exergy involved in the component of any thermal system can be decomposed
into exergy flows, entropy production flows, and the appropriate exergy rate terms
such as fuel and available work. The exergy analysis based on this equation permits
one to predict the thermal efficiency of the system, the exergy destruction in each
component as well as the mass flow rate, the composition, and the temperature of
the exhaust gases. We have examined the performance of a 1000 kW gas turbine
cogeneration system when it is operated at part and full-load conditions through this
analysis. We have also tested the effect of the inlet air temperature and the relative
humidity of the inlet air on the performance of the system. The predicted values of
the performances for the system have been compared with the actual performance
data provided by the gas turbine manufacturer. It has been found that the measured
data of net power and the properties of exhaust gases are in good agreement with
calculation ones, differing by less than 3 percent. The exergy balance equation may
be utilized in the exergoeconomic analysis to estimate the production costs depending
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on various input costs in a gas turbine cogeneration system.

1 Introduction

Cogeneration may be defined as a thermal system that pro-
duces electrical and heat energy simultaneously from a single
source of fuel (Baughn and Kerwin, 1987; Baughn and Bagheri,
1987). For industrial and domestic applications where both
kinds of energy are demanded, this turns out to be a very effec-
tive energy-saving system (Lundberg, 1991). In this study, a
general exergy balance equation that is applicable to any compo-
nent of thermal systems has been formulated and the energy
and exergy analysis based on this equation permit one to predict
the thermodynamic performance of the system as well as to
provide appropriate design data for the auxiliary components
such as absorption refrigerators and cooling towers, which are
needed for gas turbine cogeneration plants (Kim, 1995). This
analysis also yields the thermal efficiency of the system, the
exergy destruction in each component, the mass flow rate, the
compositions and temperature of the exhaust gases at turbine
outlet, and NO concentration with appropriate input data. In
this analysis the mass, energy, and exergy balance in each com-
ponent are strictly applied, which has never been done before.
Previous exergy analysis (Dunbar et al., 1993; El-Masri, 1985)
is a rather ideal and simplified approach in this sense.

We have examined the performance of the gas turbine cogen-
eration system as well as the exergy destruction in each compo-
nent in the system when it is operated at part and full-load
conditions through this analysis. We have also tested the effect
of the inlet air temperature, the relative humidity of the inlet
air, and water or steam injection on the performance of the
system. The predicted values of the performances for a 1000
kW gas turbine system have been compared with the actual
performance data provided by the gas turbine manufacturer.

One distinct feature of the exergy balance equation is that
the exergy involved in the component of any thermal system
can be decomposed into exergy flows, entropy production flows,
and the appropriate exergy rate terms such as fuel and available
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work. The exergy balance equation may be utilized in the exer-
goeconomic analysis to estimate the production costs depending
on various input costs in a gas turbine cogeneration system
(Kim et al., 1995).

2 Governing Laws for Energy and Exergy

For steady flow processes, the law of thermodynamics, or
the energy conservation law for an open system that interacts
with two thermal reservoirs including atmosphere (Howell,
1987; Bejan, 1988) could be extended to the case where there
is heat exchange between streams in the system (Kim, 1995).
That is, including mass exchange:

(Qo+ O+ Op) + 2 my(hy + 503 + g2;)

inlet

= 3 m(h + %U.Z + 8z:) + W..,

outlet
+ Z ha,i (mi,in - mi,out) (1)

where 0, is the heat exchange rate between two material streams
in the system. The entropy generation rate of the system de-
scribed by Eq. (1) is given by '

e (2-2)-

T, T, % - 2 ns,

T

inlet
+ D s + 2 o (Mg — Migw) (2)
outlet

Eliminating the rate of heat transfer with atmosphere, Q,,, from
Egs. (1) and (2), one may obtain the rate of available work of
the system, E,,, or the exergy balance law. It is given by

EW = WC.U
E“Qf + E‘Qs + 2 Ex,i - 2 Ex,i - Ta(ggen)

inlet outlet

Il

(3)

The first term of the right-hand side in Eq. (3) is the rate of
maximum available energy to perform work for the thermal
reservoir at Ty, That is
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Eyr= (1 -E>Qf (4)

Similarly, the second term of the right-hand side in Eq. (3) is
the rate of exergy, which is related heat exchange between
material streams at 7. It is given by

. T,\ «

The rate of flow exergy, E,, in Eq. (3) can be expressed in
terms of the mass flow rate and the enthalpy and entropy at
given state and at restricted dead state:

E, = e, = m[(h + 3 v* + gz — h¥)

= T.(s = s¥) + (pd — p)] (6)

where the notation ( )* indicates properties associated with
the restricted dead state and u} — p, is the chemical exergy
term (Moran, 1982). The last term in Eq. (3) represents the
rate of lost exergy (work), which is always positive.

In addition to these governing equations for the energy and
exergy of the system, the following mass conservation equation
should be employed for thermal analysis of open system:

2oy = 2y (N

inlet outlet
In this analysis all noninteracting gases are assigned zero
enthalpy and entropy at 273.15 K and the kinetic and potential
energies in exergy flow are neglected. For entropy calculation,
mixing of different gaseous components and pressure elevation
effects is taken into account. Thus, the enthalpy and entropy of

Nomenclature

each nonreacting component can be calculated by using the
appropriate polynomials (Gordon and McBride, 1971) fitted
into thermophysical data in the JANAF Tables (1971). Careful
attention has been paid to the quantitative balance for the gov-
erning laws at each plant component in this analysis.

3 Thermodynamic Analysis for the Components of
the Gas Turbine System

3.1 System Description. A schematic diagram for the
typical 1000 kW class gas turbine cogeneration system, which
shows the main work and exergy flows and state points, is given
in Fig. 1. The mass flow rate of air at T, = 15°C is about 5.0
kg/s. The mass flow rate of air is adjusted-depending on the
inlet air temperature so that the air temperature does not affect
the isentropic efficiency of the compressor very much. The
compression ratios at the first and second stage of the compres-
sor for the gas turbine system concerned in this study are about
3.18 and 3.34, respectively. The air fuel ratio on mass basis at
design condition is about 59.5. The air temperature at the inlet
to the second stage of the compressor (75) is fixed to the prede-
termined value depending on the inlet air temperature (7,) by
controlling the mass flow rate (#i;5) and the temperature of
water (Ts) of one of heat exchangers in the intercooler.

The temperature (7s) and the pressure (P;) of the gaseous
fuel from the gas compressor are about 58°C and 1500 kPa,
respectively. The pressure (P,,) of the injected water or satu-
rated steam to the combustor is assumed to be 1500 kPa. The
temperature of the injected water is assumed to be 55°C. The
mass flow rate of the injected water or steam is almost same
amount as that of fuel. The pressure of the exhaust gases at
turbine outlet is about 102 kPa. The isentropic efficiencies of
these components are estimated by using a set of experimental

a, b, ¢, d = mole fraction of fuel species

a., = availability of exergy fuel
C, = constant pressure specific
heat
E,,. = exergy of fuel
E,; = available energy to perform
work at 7, with chemical ex-
ergy of fuel
= rate of thermomechanical
exergy
rate. of total exergy
e, = exergy per unit mass flow
rate
g, = average value of exergy of
mixture
E,, = rate of available work
h = average value of enthalpy of
mixture
h¢ = enthalpy of formation
hy, = latent heat
h; = enthalpy of i-species gas in
mixture
h, = pure substance enthalpy at
standard state
m = mass flow rate
n = number of moles of gas
n,, = total number of C atoms in
fuel
ng, = total number of H atoms in
fuel
P, = ambient pressure
P = pressure

51:;1.
|

o8
1l

QO = lower heating value of
fuel
O, = heat transfer rate to the
environment
O, = heat exchange rate be-
tween two material
streams
R = gas constant
¥ = average value of entropy
of mixture
s; = entropy of i-species gas
in mixture
s, = pure substance entropy at
standard. state
Syn = entropy generation rate
T = temperature
T; = temperature of high-tem-
perature thermal reser-
voir; adiabatic flame
temperature
T, = ambient temperature
T, = temperature in which
heat exchange between
streams occurs
v = velocity
V = flow rate
W = work transfer rate
z = elevation
o = number of carbon atoms
in fuel
[ = number of hydrogen
atoms in fuel
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n = efficiency
n. = exergy efficiency of the gas
turbine system
7s = thermal efficiency of gas
turbine system
@ = h — T,s-chemical potential
w = humidity ratio

Subscripts

a = air
¢ = compressor
¢b = combustor
ch = chemical exergy
co = correct oxygen
¢.v = control volume
e = exergetic

il

1l

da = dry air
€0 = excess oxygen
f = fuel

J» k, I, m = index of fuel species

p = products (exhaust gases)
rev = reversible

§ = isentropic

t = turbine

ta = total air
to = total oxygen
w = water or steam
1-8 = index of stations in gas
turbine system

2',4’, 8’ = index of stations achieved

by isentropic process
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Fig. 1 Work and exergy flow in gas turbine cogeneration system

data of inlet and outlet temperatures at full-load condition. The
values obtained are employed in the other cases. The isentropic
efficiencies for the compressor and turbine turn out to be 0.814
and 0.850, respectively. However, for part-load condition,
where the temperature of the product is sufficiently low, the
turbine isentropic efficiency 0.860 has been used in this analy-
sis. The part-load condition is accomplished by reducing the
fuel flow rate. Turbine blade cooling is achieved by compressed
air drawn from the second stage of the compressor outlet in
this system. '

3.2 Compressor. A simple version of the gas turbine cy-
cle neglecting the pressure losses in the intercooler and combus-
tor is shown in Fig. 2. The work needed in the first stage of the
compressor can be expressed in terms of the isentropic effi-

Entropy generation
in combustor

GGRICLIEEAS

$RRRRIAICRKKS
SRRRKRIHLRRIKS

RRERHRERRAIRRRRK

LI ; Lost exergy in compressor, stage 1 & 2
I : Lost exergy in combustor

Fig. 2 The process and internal irreversibilities of a gasv turbine system
in T-S diagram
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ciency of the compressor and the pressure ratio in that stage.
Or, on the basis of ideal gas behavior,

‘&—(Ez—i’zl)

i G Ty L E ~(R,C, ) @)
ma ncs Pa,l

where % is the average enthalpy per unit mass of the mixture
of air, which consists of N,, O,, Ar, and water vapor. The
temperature dependence on the specific heat is taken into ac-
count in this calculation:

- Zmyh;

7= 9

=z my )

The other average properties such as entropy, 5, and exergy,
., per unit mass flow rate are defined as in Eq. (9). Neglecting
the heat transfer to the environment, the air enthalpy change
experienced in the first stage of the compressor may be written

as
2
- T = (f Tds—) G — )
2’ P=P,,

Equation (10) provides the temperature of the air at the outlet
of the first stage of the compressor (7,) on the basis of ideal
gas behavior,

——(R]/Cp,])
enfie (o)1= (22) ) o
c.§ a,l

Temperature dependence on the heat capacity of gas was taken
into account to evaluate T,. Similarly, one may obtain the work
needed in the second stage of the compressor and the air temper-
ature at the compressor outlet. These are on the basis of ideal
gas behavior, .

’ ) —(R/C, )
__VY&ZZE4_E3=£1’_’3£|:1_<P“'4) 3] (12)

ma nc,s P a3

(10)

and

—(R/C,3)
cenfe (- ()] o
c.s a3

The constant-pressure specific heats, C, , and C, 5, which appear
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in Egs. (8), (11), (12), and (13), are the average taken be-
tween the values at states 1 and 2, and the values at states 3
and 4 respectively.

The exergy balance for the compressor can be obtained from
Eqgs. (3), (8), and (12). That is

E) 1 . ,
( . ) =" (Wc.l + WL‘,Z)
m, m,

To(ggan )c

@

= (€~ &) t (83— &a) — (14)

The lost work in the compressor, given in Eq. (14), can be
obtained from either Eq. (2) or Eq. (15):

To ( S gen )c
iy

= To[(5a = &) + (% — 5)] (15)

where § denotes § — . This lost exergy per unit mass flow
rate is represented by the shaded area in the lower-left corner
of Fig. 2. The isentropic (7.,) and the exergy (7. ) efficiency
of the compressor (Bejan, 1988), which are evaluation tools
for the component, are given by

(hy — ) + (hy — 1)
(hy — 1) + (hs — h3)

New = (16)

and
+ TO .( Sgen )c
( E w )c Jqev

3.3 Combustor. On a one kmole of fuel basis, the overall
combustion reaction for typical gas turbine operation may be
written as on the basis of complete combustion,

(aC‘,J-Hﬂ,- + bCakHﬂk + CCaIHm + dCamHﬂ,,,) + I’lmOz
+ 3.728 n,N, + 0.044n,Ar + (n,, + n,)H,0O —

New = 1 (17)

1,CO, + (0514 + 1y + n,)H0 + 1,0,
+ 3.728n,,N; + 0.044n,Ar (18)

The combustion process is assumed to be complete because
the flame temperature in the combustor is around 1000°C. The
gaseous fuel is known to be composed of various hydrocarbons
such as CH,, C,Hg, C;Hg, and C,H,o. The mole numbers in the
reaction given in Eq. (18) are given as follows:

Ry = ao; + boy + coy + da, (19-1)
ng = afl; + bBy + cf; + dB., (19-2)
fe = Ny + 0.25n (19-3)
Ry = XHgp (19-4)
ey = (X = Dng, (19-5)

1.608w
Ry = Hiq m (19-6)
Haa = 4.772x1,, (19-7)
Ny = Ny + G (19-8)

where

a+b+c+d=10 (19-9)

The lower heating value of the fuel can be obtained from the
chemical reaction given in Eq. (18) by assuming that the reac-
tion occurs at standard state, or
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O = a(ﬁ;)j + b(h-;)k + C(E;)I
+ d(Aw = ta(hf)co, — 0.5n5 (A oy  (20)

Also the temperature in the combustor, 7; (or T,) can be calcu-
lated from the following energy conservation equation by as-
suming that the heat transfer to the environment is negligible:

Or + [a(AR); + b(AR), + c(AR), + d(AR),lr,
= ui(Bg) g
+ 1ui(AR) g, + [1,(AR) o, + 3.728n,(AR)y,
+ 0.044n,(AR)ac + nw(AR)uoly,
= [ AR) co, + (0.505, + Ry + 1) (AR 0
+ 1, (AR)o, + 3.728n,(AR)y, + 0.044n,(AR) Az, (21)

The bisection method (Chapra and Canale, 1988) was employed
to calculate the adiabatic flame temperature, 7. Once the flame
temperature is known, one can calculate the equilibrium concen-
tration of NO from the following chemical reaction with the help
of the corresponding equilibrium constant and the equilibrium
composition of O, and N, which can be obtained from Eq.
(18) approximately:

30, + 3N, = NO (22)
With consideration of the resident time of products in a combus-
tor, one can calculate the transient NO concentration by using
the Zeldovich mechanism (Heywood 1988), which turns out
to be much less than that of the equilibrium concentration of
NO in the system considered.

The exergy balance for the combustor may be written as

E.7 — To(Sken)es = 0 (23)

The lost exergy in the combustor can be obtained from Eqgs.
(2) and (23). That is,

Eg + Epq + Eps + Evg —

To(géen)cb — ‘%(h ) _ QfTo
Hip mp f8 /) Tg mpr
+n@~ﬁn—ﬁz—ﬁa)&®
my m, m,

With the help of the energy conservation for combustor, the
equation above can be written as approximately, since m, =

Mg,
T(Sides _ Lo | oo ' '
(‘g )b=_fl:7'f(s7._s—4)—(f Tds) :l (24")
P=Paa

n, f 4

The lost exergy in the combustor per unit mass flow rate is
equal to the area (4-a-7) with a reduction factor of T,/7}, as
shown in Fig. 2, which shows that the lost exergy occurring in
the ‘combustor may be considered as external (Bejan, 1988).
However, the exergy balance equation for the combustor can
be rewritten with the net entropy flow rate for the component.
It is provided that exergy stream includes thermomechanical
exergy only.

Eche + E“?A + E“J’(”,S + E“)’cn.ﬁ - ,'Kn,-l - To(Sgen)cb =0 (23,)

where
T, (Sgen)es _ 1
N — =2 (Byg) s,
mp m,
+ To<s‘7 g - —ﬁs‘e) (25)
n, 1, "y,
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and

Eche = a(a-ch)j + b(a—ch)k + C(a_ch)l + d(a_ch)m (26)

With this net entropy flow rate term, the exergy balance equa-
tion for any component of thermal system can be written gener-
ally as '

B + EQ.\' + (Z EL": - Z E?:)

inlet outlet

+ Tu(z Si - 2 St) = Ew

inlet outlet

(27)

The fourth term in Eq. (27) represents the negentropy flow,
which is essentially the entropy production rate due to internal
irreversibilities. Equation (27) can be regarded as a general
exergy balance equation in the sense that the exergy of material
stream can be decomposed into exergy flows and entropy pro-
duction flows for any component in thermal system.

As can be seen in Egs. (24) and (25), quite a different
interpretation of the entropy generation in combustor is possible
by choosing the exergy input due to chemical reaction as E.,
rather than E,, (1 — T,/T;). The entropy generation given in
Eq. (25) could be regarded as the internal one, which can be
seen in Fig. 2. Equation (23') is more appropriate for the exergy
balance equation of the combustor, since the heat transfer to
the environment is negligible, so that all chemical exergy is
spent to raise the thermal and mechanical exergy of the material
stream in combustor. It should be noted that the water injection
to the combustor (#is) induces the lost work in the system due
to heat loss by evaporation of water, which is —#s(As,) 1, as
can be seen in Eq. (25).

The exergy efficiency of the combustor may be defined as

Tu S gen,ch

E che

Nebe = 1 = (28)

34 Turbine. Using the same procedure as done for the
analysis of the compressor, one could obtain the work done in
the turbine and the temperature at the turbine outlet (7). These
are on the basis of ideal gas behavior,

. ‘ R JC
E = ﬁ7 - ES = nl,stJTS'[ (;)074) " - ljl (29)

m[; a,l

and

RI/C
LB N
Pa,l
The exergy balance for the gas turbine is given by
K =& — &g —Tals.‘gen'l (31)
m[’ mp

which provides the lost exergy per unit mass flow rate in the
turbine such as

To(ggen)t (32)

my,

= To(S_S - 5-7)

This lost exergy is represented by the shaded area in the lower-
right corner of Fig. 2. The isentropic efficiency (7,,) and the
exergy efficiency (7,.) for the turbine may be defined as

Bg - E7
s = = 33
M, - (33)
and
(s
e = 1 — Tl (34)
(EW)t,rev
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Table 1 Specification of waste heat boiler and intercooler
Waster Heat Boiler
Evaporator Economizer
Type of tube Finned Finned
Type of tube arrangement staggered staggered
number of tube rows in flow 24 12
number of tubes normal to the 12 22
Transverse tube pitch ~ [m] 0.106 0.065
Parallel tube pitch [m] 0.09 0.055
Width of heat exchanger [m] 1325 1.4625
Height of heat exchanger [m] 1.8 1.08
Length of heat exchanger [m] 2.25 0.65
Total inside heat area  [m’] 73.29 17.56
Total outside heat area  [m?] 82.73 2275
Fouling factor | gas side 0.14394 0.12992
[m” KAW] water side 0.14394 0.12992
Overall heat transfer 0.262282 0.284782
Intercooler
Hot side Cold side

number of tubes . 120 120
Length of heat exchanger [m] 1.1 1.1
Total inside heat area  [m?] 107.8 107.8
Fouling factor [m*K/kW] 0.17697 0.17697
Overall heat transfer 0.0708 0.0741
coefficient [kW/mK]

3.5 Intercooler and Waste Heat Boiler. Detailed analy-
sis for the intercooler and waste heat boiler will not be discussed
here. Essentially the intercooler employed in this system is made
of two identical multipass and counterflow heat exchangers.
The waste heat boiler, on the other hand, consists of evaporator
and economizer section as shown in Fig. 1. Specification of the
waste heat boiler and intercooler utitized in this cogeneration
system is shown in Table 1. The equation suggested by IFC
(International Formulation Committee ) have been employed to
calculate the water and steam properties in the intercooler and
waste heat boiler (JSME Steam Tables, 1968).

Heat exchange between air and flue gas and water takes
place in the intercooler and economizer. In this case, the outlet
temperature of air or flue gas may be obtained by using the
following equation (Stoecker, 1989) provided that the overall
heat transfer U, the heat transfer area A for the heat exchangers,
and the properties at inlet streams are known:

- (1 —R)T,; + {1 — exp[NTU(R — 1)]}RT,;
e 1 — R exp[NTU(R — 1)]
where NTU is the number of heat transfer units and R is the

ratio of the fluid capacity rates for cold and hot streams, which
are defined as

(35)

NTU = vA (36)
CL‘
and
R =S MuCow (37)
Ch mgcpyg
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The outlet temperature of water in the exchanger can also be
obtained by
Too = To

]1w,n = Tw,i + £

R (38)

Equation (38) has been employed to calculate the outlet temper-
ature of air at the first and second stage of the intercooler as
well as the flue gas temperature at the exit of the waste heat
boiler. The overall heat transfer coefficient and the other infor-
mations on the intercooler and waste heat boiler are given in
Table 1 (Kwon et al., 1994).

The amount of heat recovered from the waste heat boiler as
steam may be obtained from

QHQ = My (b — h)

The corresponding exergy recovered from the boiler is given
by

(39)

(40)

Epp = My (13 — €,11)

The exergy balance equation for the intercooler can be obtained
with the help of Eq. (25):

EQ.c — To(85 — S, + Siy — S0 + Sis — Sis)

%3 Ex,2

(41)

where Eg, = E, 1o — Eyqi + Ey14 — E,s5 is the exergy gain by
water streams due to the heat exchange between gas and water
in the intercooler, which is given in Eq. (5).
The exergy balance for the waste heat boiler is given by
EX,8

- Ex,Q — To(Ss — S5 + Sis — Si) = EBQ (42)

where Ejyg is the rate of exergy recovered as steam in the waste
heat boiler.

3.5 Gas Compressor and Water Injection Equipment.
Gas compressor and water injection equipment are auxiliary
components to compress gas and water. The exergy balance for
these components altogether is given by

| Wl — To(Ss + Ss) = Ees + Evg (43)

where |W;| is the work needed to compress the gas and water
streams. Using the results for each component of the cogenera-
tion system, one can obtain the overall thermal (1) and exergy
(n.) efficiency of the system as

W, + W, + W5 + Osp
Oy

N = (44)

and

W+ W+ We + Eng

45
Eche ( )

e

4 Computer Program

A computer program for the energy and exergy analysis has
been written to simulate the thermodynamic performance of the
gas turbine cogeneration system. The computational procedure
is outlined in the flow chart of the program shown in Fig. 3.
To perform its simulation, the program uses the following input
data sets:

(a)
(b)
(c)

(d)

Standard pressure (P,) and temperature (7).

Fuel compositions.

Isentropic efficiency of the compressor (7. ,) and tur-
bine (7). :

Mass flow rate (#i,) and the relative humidity of the
inlet air to the first stage of compressor.

Journal of Engineering for Gas Turbines and Power

Inlet Conditions
o Fuel compositions

® Nas Nt 11,72

o ToT1 Ts Ts Tho
oP, Pf P,

o Mg ity i/f

*9

| Calculation of LHV I

|Compressor Analysis ]

v

Calculation of flame temperature
by bisection method

v

LCombustor Analy;is |

Turbine Analysis

| Waste heat boiler analysis l

Calculation of

Turbine and compressor work and net power
Mole fraction of exhaust gases
System and components’ efficiency
Lost work in each components and
the total lost work
Equilibrium concentration of NO

Cnd>

Fig. 3 Flow chart of the performance prediction program for the gas
turbine cogeneration system

{e) The compression ratio of the first and second stage of
COMpressor.

(f) The volume flow rate 4% 1), temperature (7's) and pres-
sure (Py) of the fuel to the combustor.

(g) The mass flow rate (m,), temperature (7), and pres-

sure (P,,) of the injection water or steam to the combus-

tor.

The overall heat transfer coefficient (U) and the heat

transfer area (A) of the intercooler and waste heat

boiler.

(i) The mass flow rate and the temperature of water to
intercooler.

(h)

Using these input data, and the thermodynamic analysis for
the components of the gas system as discussed in the previous
section, one can get the properties of exhaust gases such as
temperature (°C), entropy (kW/K), enthalpy (kW), and ex-
ergy (kW) at each station, as shown in Fig. 1. The efficiencies
of the components and of the system and the lost exergy in
each component are then calculated by using these properties
values.
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Table 2 Calculated system and components’ efficiency and lost work in
each component (case 2); *data provided from gas turbine manufacturer

Suction air pressure*@a) ' 103.32

Suction air temp.(°C) 15

Fuel*(mole fraction in %) CH,:89.35, C,H, 8.5
CH,:1.57, CH,:0.53

Fuel flow rate*(Nm’/h) 378

Air mass flow rate*(kg/s) 5.01

'Water injection rate*(kg/h) 0

Temperature(°C)/exergy(kW) at LPC outlet (T,) 153.5/602.7

 Temperature(°C)/exergy(kW) at HPC outlet (T,) 207.7/1202.4

Temperature(°C)/excrgy(kW) at turbine inlet (T;) 928/3951.7

Temperature(°C)/exergy(kW) at turbine outlet (T,) 484.4/1063 .4

Temperature(°C) of flue gas at stack (T,) 158.2
Thermal /e);etgy efficiency(%) of the system 68.40/41.2
Lost work(kW)/exergy efficiency(%) of comp oY 207.5/84 .44
Lost work(kW)/exergy efficiency(%) of combustor 657/66.83
Lost work(kW)/exergy efficiency(%) of turbine 180.4/93.8

The computer output includes:

(a) Temperature, enthalpy, entropy, and exergy of the gases
at each station.
(b) Mole fraction of the exhaust gases.

(c) Compressor and turbine work and net power.

(d) The lost work in each component and the total lost
work.

(¢) Equilibrium concentration of NO and the mass flow
rate of the e¢xhaust gases.

5 Calculation Results and Discussions

The computer program for the exergy analysis has been used
primarily to test the effect of the inlet air temperature (7,) on
the gas turbine performance. The operation cases tested are the
full-load case without water and steam injection, and with water
or steam injection, in which the input data and the corresponding
experimental results for the gas turbine performance are avail-
able. We have also examined the performance of the system
when it is operated at part-load conditions and the performance
depending on humidity of air. The calculation results have been
compared with the experimental results or correction curves
provided by gas turbine manufacturer. Calculation results for
the system and components’ efficiencies and the lost work in
each component for the case without water or steam injection
are shown in Table 2, which shows that the thermal efficiency
of the system is about 68.4 percent. As expected, the exergy
efficiency of the system, which is about 41.2 percent, is much
less than that obtained from the first law standpoint. This large
deviation is mainly due to the difference in the evaluation
method of the heat recovered from waste heat boiler.
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In Table 3, the measured values of the net power at the shaft
end of gas turbine and the temperature, mass flow rate and mole
fraction of exhaust gases at turbine outlet along with calculation
results are shown for full load case without water or steam
injection. The calculation and experimental results obtained
with different inlet air temperatures of 0°C, 15°C, and 30°C are
given in this table and correspond to cases 1, 2, and 3. As
mentioned before, the mass flow rate of air and correspondingly
the fuel flow rate are adjusted when the inlet air temperature
increases so that the air temperature does not affect the compres-
sor efficiency. As can be seen in this table, the agreement be-
tween experimental results and predicted ones is exceptionally
good for the net power and the temperature and mole fraction
of exhaust gases, differing by less than 3 percent. Certainly the
isentropic efficiency of either compressor or turbine varies as
the mass flow rate, if pressure and temperature of working gases
are changed (Phillips, 1986). One would be able to predict the
net power and the exhaust gas temperature at turbine outlet
more accurately if the efficiencies as function of the appropriate
parameters are provided.

In Figs. 4 and 5, the change of the thermal efficiency without
waste heat boiler and the net power at the shaft end of gas
turbine depending on the inlet air temperature are shown graphi-
cally. Calculation results show that the net power decreases
more rapidly than the thermal efficiency as the inlet air tempera-
ture increases, which shows the same behavior as one obtained
by experimental results. Note that the power output is the value
measured at the generator for the steam injection case.

In Tables 4 and 5, the measured data along with predicted
data for the gas turbine performance depending on inlet air
temperature are shown for the full-load case with steam and
water injection, respectively. The agreement between experi-

Table 3 Measured and predicted gas turbine performance and exhaust
gas data for the cases of different inlet air temperatures without water
injection (ISO 1155 kW basis, ISO condition; no duct losses but including
gear box loss at 1 atm and 15°C); *measured at the shaft end of gas
turbine; **measured NO, includes NO as well as NO,

‘Suc, air press, P kPa Case 1 10332 | Case2 103.32(Case3 103.32
lgc. air temp, T, oC ' 0 15 30
Suc. air humidity, ¢ %RH 60 60 60
HPC inlet air temp, T, °C 36.5 458 52.5

Fuel (mole fraction - CH,:89.3,CH,:54,CH,:35,CH,,: 18
in %)

Fuel flow rate, Nm*h 395 378 351
Air mass flow rate, kg/sec 5.37 5.01 4.63
(Water injection rate, kg/h 0 0 0
Cal. Exp. |Cal. Exp. |Cal Exp.
Power* kW 1200f 245 1117 { 1155{ 997 | 1017
Exhaust gas temp, T, °C 467 457 484.4| 481 489 495

Exhaust gas mass flow rate, kg/sec 5.46] 546 5.1 5.09 471 471

Constituent,exh, gas

CO, Vol.% 3.00 31 3.07 32 3.06 32
H,0 Vol.% 6.00 6 676 67| 822 8.2
IN, Vol.% 7561 756 7511 751} 7395 139
0, Vol.% 14.47) 14.4] 14.19| 14.1] 13.09 13.8
|Ar Vol.% 089 09 0.89] 09| 087 0.9
INOx emission** ppmv 127.3) 123 142.8{ 109/ 137.6 84
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Fig. 4 System thermal efficiency without waste heat boiler for the cases
without water injection, with water injection, and with steam injection
depending on inlet air temperatures (ISO 1155 kW basis)

mental results and predicted ones for these cases is also good.
The tendency of the thermal efficiency and the net power de-
pending on the inlet air temperature are the same as for the
cases without water or steam injection.

In Fig. 6, the fuel flow rate and the temperature and the mass
flow rate of exhaust gases at various part-load conditions are
shown. The load characteristic curves calculated behave as those
by experimental results provided by gas turbine manufacturer.

The system’s thermal efficiency and the net power, depending
on the humidity of inlet air, are shown in Fig. 7. Both the
thermal efficiency and the net power decrease slightly in the

1400 T T - T T r T
Predicted
¢ @ without water injection
A 1 with water injection
0 : with steam injection
=
A4 1200 ¢ i
S
-
3
o
-
3
(o]
)
5 - :
£ 1000 2
A Measured
+ : without water injection
A : with water injection
® : with steam injection
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|
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o
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Inlet air temperature (°C)

Fig.5 Predicted and measured system power output depending on inlet
air temperature for the cases without water injection, with water injec-
tion, and with steam injection (1SO 1155 kW basis); for the steam injec-
tion case, power output is measured at generator

Journal of Engineering for Gas Turbines and Power

Table 4 Measured and predicted gas turbine performance and exhaust
gas data for the cases of different inlet air temperatures with steam
injection (ISO 1090 kW basis); *measured at the shaft end of gas turbine;
**measured NO, includes NO as well as NO,

Case 4 Case$ Caseb

|Suc. air press. kPa 103.32 103.32 103.32
Suc. air temp. °C 0 15 30
Suc. air humidity %RH 60 60 60
HPC inlet air temp °C 38 48 58
Fuel (E%%ﬁ*acﬁon - CH,:893,CH,:54,CH,:3.5,CH,:18
Fuel flow rate Nm'/h 390 37 345
Air mass flow rate kg/sec 5.34 498 46
Steam injection rate kg/h 328 312 290

Cal. Exp. |Cal Exp. [Cal. |Exp.
Power* kW 1198| 1245 1110 1,145 991} 1010
Exhaust gas temp °C 451 441 466/ 462| 4714 476
[Exhaust gas mass ﬂo;av rate kg/sec 551 5.52| 514 515 4.75| 476
Constituent,exh. gas
CO, Vol.% 29 31 294 3 295 3.1
H,0 Vol.% 8.38 8.4 9.1 9.1| 10.56 105
IN, Vol.% 7371 73.6] 73.16] 73.1| 72.04 72
0, Vol.% 1415 14.1] 1391 13.8; 136 135
Ar Vol.% 0.87 091 086 09 0385 09
INOx emission** ppmy 972 511 106.7 46 104.6 36

same manner as the relative humidity increases. On the other
hand, the temperature of exhaust gases experiences 3°C changes
in full variation of the relative humidity. As can be seen in
this figure, the calculated values are close to the experimental
results.

The exergy study reveals that the majority of system irrevers-
ibility occurs within the combustor, wherein 14.8 percent of the
exergy of the fuel is destroyed, as shown in Fig. 8. The exergy
destroyed in the remainder of the system such as compressor
and turbine is about 8.8 percent of the fuel exergy. About 4.5
percent of the fuel exergy is destroyed by the processes of
energy conversion and heat transfer, which were provided by
gas turbine manufacturer. It should be noted that the exergy
escaping through the chimney is about 25 percent of the fuel
exergy. Consequently, a component to recover the exergy ex-
pelled from the system should be developed for more cost-
saving system.

The water injection to the combustor to control NO emission
increases the exergy destruction in combustor from 14.8 to 15.8
percent of the fuel exergy because of heat absorption due to
evaporation of injected water in combustor, which suggests that
steam injection to the combustor is a better method to control
NO. NO concentrations calculated with equilibrium assumption
at oxygen 15 percent dry basis were considerably larger than
those obtained by experiments as shown in Tables 3, 4, and 5.
Note that the measured NO, consists of NO and NO,. More
detailed analysis should be done on the formation of NO, in
this system.

Finally it is noted that the pressure drop in the combustor is
about 4 percent of the gas pressure at the outlet of the compres-
sor. However, calculation has revealed that such pressure drop
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Table 5 Measured and predicted gas turbine performance and exhaust
gas data for case of different inlet air temperatures with water injection
(1SO 1155 kW basis); *measured at generator; **measured NO, includes
NO as well as NO,

Case 7 Case8 Case9 ,
ISuc, air press. kPa 103.32 103.32 103.32
IrsucA air temp. °C 0 15 30
Suc. air humidity %RH 60 60 60
HPC inlet air temp °C 40.2 46.6 50
Fuel - CH,:893,CH;:54,CH;:35,CH,: 18
Fucl flow rate Nmh 405 04| 375
Air mass flow rate kg/sec 5.305 4.915| 4,537
IWater injection rate ke/h 255 255 236

Cal. Exp. Cal. Exp. |Cal. Exp.

Power* kW 1258 | 1100 1,250| 1095 1117 1 950
Exhaust gas temp °C 474 4511 509.6| 497 5115 511

Exhaust gas mass flow rate kg/sec 547] 547 5.08| 5.08] 4.68 4.69

Constituent,exh. gas

CO, Vol.% 3.04 31 3251 34| 325 34
H,0 Vol.% 8.1 8.1 9.26| 9.3} 10.69 10.7
N, 'Vol.% 74.03 741 7328] 732| 7247 72.1
0, . Vol.% 13.95 139 1334 147] 13.04 13
Ar Vol.% 0.87 09 086 09 0385 0.9
INOx emission** ppmv 119.6 1504 142.9

does not affect the outcome such as the temperature at turbine
outlet as well as the efficiency of the turbine.

6 Conclusions
The exergy balance equation, which is applicable to any com-
ponent of thermal system, has been formulated in this analysis.
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Fig. 6 Predicted exhaust gas temperature at turbine outlet and fuel and-

exhaust mass flow rate at full and part-load condition without water
injection {ISO 1155 kW) together with the correction curves from the gas
turbine manufacturer
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. Fig. 7 Predicted gas turbine performance depending on the relative

humidity (reference case is No. 2) together with corrected curve from
gas turbine manufacturer

One of distinct features of this formulation is that the exergy
involved in the component of any thermal system can be decom-
posed into exergy flows, entropy production flows, and the ap-
propriate exergy rate terms such as fuel and available work. It
turns out that the chemical exergy of fuel is the appropriate
form of the exergy term for the combustor provided that the
entropy generation due to internal irreversibilities is only our
concern. Computerized energy and exergy analysis for the gas
turbine cogeneration system permit to estimate the thermal effi-
ciency of the system, the exergy destruction in each components
as well as the mass flow rate, composition, and temperature of
the exhaust gases at the outlet of the waste heat boiler. It has
been found that the measured data of net power and the proper-
ties of exhaust gases are in good agreement with predicted ones.
It has also been found that the exergy destruction due to water
injection to the combustor is about 1 percent of the fuel exergy.
The exergy balance equation may be utilized in exergoeconomic
analysis (Kim et al., 1995) to estimate the production costs
depending on various input costs in a gas turbine cogeneration
system.

0.3

25.2%

25.1%

Systam  Heat Comprassor Turbine  Waste Inter-  Mechanical Meat Exergy
Net Exergy Combuator Heat  caoler Loss Tranater  Out
Outpt  Gain Bolter

Subsystem lost work

Fig. 8 Exergy losses in the gas turbine cogeneration system
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Thermal Cycle Analysis and
Component Aerodesign for Gas
Turbine Concept in Low-Range
Cogenerating Systems

F. Bozza
A. Senatore The authors link together their previous experiences in gas turbine plant analysis
' and aerodynamic design of radial flow compressors. In recent papers they have
introduced a method for the performance estimation of gas turbine engines, based
R. Tuccillo on the prediction of the matching conditions among the several components in the

whole operating range. On the other hand they have expressly paid attention to the
problem of optimal design of radial flow compressors for satisfactory operation within
an assigned operating range. In this paper, the authors present an integrated method,
which aims to define the optimal characteristics of a low-power gas turbine engine
(ie., in the range 500-2000 kW). In this case, the radial compressor performance
plays an important role as regards gas turbine operation for both power generation
and cogeneration applications. The analysis proceeds with the optimization of rotat-
ing components (i.e., radial compressor and axial flow turbine) for given thermal
cycle parameters. The prescribed objectives of the optimizing procedure are related
to performance levels not only at the reference design conditions but also throughout
the operating field. A particular emphasis is given to the extension of the field of
satisfactory performance for cogeneration applications, with best fitting of mechanical
and thermal power requirements. The aerodynamic design of radial flow compressor

Dipartimento di Ingegneria Meccanica per
I'Energetica (D.I.M.E),

Universita di Napoli Federico 11,

Napoli, ltaly

utilizes a method based on genetic algorithms.

Introduction

The increasing interest in low-range gas turbines for self-
production of electricity in cogenerating plants solicits the re-
searchers in this field to develop methods for their reliable
design and analysis. As is well known, a particular requirement
for this kind of plants is to meet a time-varying thermal and
mechanical load. For this reason, both design criteria and ther-
modynamic analyses must take into account the off-design per-
formance of both the gas turbine and the whole cogenerating
plant.

In their recent papers, the authors have dealt with the analysis
of gas turbine based power plants, by introducing methods for
an accurate prediction of its behavior under several eperating
conditions and plant configuration (Tuccillo and Bozza, 1993,
1994). The analysis essentially consists of a thermodynamic
model, which accounts for gas composition, combustion pro-
cess, and blade cooling, linked to fluid-dynamic models of both
compressor and turbines. In particular, the compressor perfor-
mance characteristics are derived from a preliminary fluid-dy-
namic simulation and are introduced in terms of operating maps.
The off-design behavior of the turbine is, instead, directly esti-
mated within the gas turbine model. In this case, in fact, the
turbine performance prediction is strictly dependent on the inlet
conditions, in terms of gas thermal state and composition, which
affect the flow characteristics (i.e., choking conditions, Reyn-
olds and Mach numbers, etc.). In their experience, the authors
have demonstrated the ability of their proposed methodology
in determining the gas turbine operating field, both in the case
of changes to its initial configuration and in the study of oft-
design operation. The latter is of special interest for the subject

Contributed by the International Gas Turbine Institute and presented at Cogen-
Turbo Power, Vienna, Austria, August 23-25, 1995. Manuscript received by the
International Gas Turbine Institute June 2, 1995. ASME Paper No. 95-CTP-1.
Associate Technical Editor: C. J. Russo.
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of the present paper, which essentially deals with the determina-
tion of the operating field of a gas turbine based cogenerating
set.

A further field of interest for the authors has been the fluid-
dynamic optimization of turbomachines such as axial and radial
flow compressors and turbines (Tuccillo, 1990; Tuccillo and
Senatore, 1991, 1994). Their most recent experiences (1994)
have, in particular, shown the possibility of performing an effec-
tive design of radial flow impellers for a wide variety of design
specifications and even when an extension of its operating range
is expressly required. This authors’ methodology consists of a
‘“‘quasi-three-dimensional’’ relative flow model, which includes
the loss estimation resulting from calculation of boundary layer
growth along end-wall and blade surfaces. Flow separation con-
ditions are detected when a limit value for the blade load coeffi-
cient is reached, and correspond to a limitation of the compres-
sor operating range. The optimal impeller configuration is found
by applying an algorithm derived from a genetic analysis (Gold-
berg, 1989), which allows a fast search of the most suitable
geometry for meeting the prescribed objective within a number
of imposed constraints (i.e., best adiabatic efficiency for an
assigned pressure ratio and within limits on blade loading, pe-
ripheral velocity, Mach numbers, etc.).

The radial flow compressor optimization is of particular inter-
est, since this compressor type is usually employed in low-
range gas turbine generating sets. The capability of the method
to find the compressor characteristics for a better fitting of an
assigned operating range, corresponds to extended possibilities
for a cogenerating plant to operate with satisfactory levels of
both overall efficiency and energy saving index.

This will be demonstrated in the next sections, which pro-
ceeds with a brief description of the procedure followed for the
selection of the component characteristics and of the thermal
cycle parameters and, then, with the analysis of the plant perfor-
mance that result from different choices of the compressor con-
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Fig. 1 Gas turbine power plant with heat recovery device

figuration. More comprehensive information, and details on the
thermodynamic and fluid-dynamic models and on the optimiz-
ing procedure as well, may be found in the authors’ papers
referenced above.

Gas Turbine Thermal Cycle

In order to develop the examples presented in this paper, a
1600 kW level has been established for the gas turbine rated
mechanical output. A single-shaft, simple cycle, gas turbine
(Fig. 1) was considered with the choice of thermodynamic
cycle parameters as indicated in Table 1.

The thermodynamic model resilts in Table 2 allow a first
estimation of the performance level both for mechanical power
generation and for cogenerating activity.

For evaluating the cogeneration plant performance, the au-
thors have assumed some classical energy indices (Horlock,
1987), since a more comprehensive thermo-economic analysis
is not the purpose of this paper. The performance criteria which
were considered are, therefore:

Fuel Energy Utilization Factor (FEUF):

FEUF = W+ o )
Fuel Energy Saving Ratio (FESR):
AF o
FESR = &F = | = — /0 ()
F W/nor + Qu/nbr

In these relationships, W and @, represent the mechanical
and thermal plant output, respectively, and 7, and 7, are the
reference values for overall efficiency and burner (or thermal
device) efficiency. The actual plant efficiency is given by n,,
which implies the actual fuel rate consumption, F.

With regard to the rotating components, a 9:1 pressure ratio
radial flow compressor was chosen, as an effective device for

Nomenclature

Table 1 Thermal cycie parameters

Gas Turbine Parameters
Inlet Conditions 1SO sid. Max. Blade Temp. 1100 K
Pressure Ratio 9.0 Inlet Press. Loss 0.01
T.T. 1450 K Exh. Press. Loss 0.01
Air Flow Rate 4.870 kg/s Comb. Press. Loss 0.02
Comp. Ad. EF. 0.855 Mechanical Eff. 0.88
Turbine Ad. Eff, 0.880 Combustion Eff, 0.98
Cogeneration Parameters
(Saturated Steam) ATmin_approach 30K
Steam Temp. 4436 K ATypin pinch point [ 10K
Steam Pressure 8 bars min, Stack Temp. 403 K

Table 2 Thermodynamic model results

Gas Turbine Performance Cogeneration Performance
Mechanical Output 1592 kW Steam Flow Rate 1.188 kg/s
Thermal Eff. 0.316 FEUF 0.889
Exhaust Temp. 9276 K FESR 37.64 %
Exh. Flow Rate 4.973 kg/s Thermal Qutput 2891 kW
Fuel Flow Rate 0.103 kg/s | Ref. overall Eff., nor | 0.34
Second Law Eff, 0.592 Ref. burner Eff., npr 0.85

gas turbine size and weight reduction. The details on compressor
characteristics and results of its optimized design are discussed
in the following section. An axial flow turbine was considered
for gas expansion and its features were determined by a different
optimizing process (Rizzo and Tuccillo, 1987). A fundamental
choice was represented, in this case, by the number of stages.
A preliminary comparison was made between a two-stage and
a three-stage turbine. This allowed the two-stage solution to
be discarded, since highly loaded stages would involve poor
flexibility of the gas turbine under different operating condi-
tions. An increased number of stages allows the gas turbine to
meet wider variations in external load requirements, which usu-
ally produce changes in reduced mass flow rate and rotating
speed. The three-stage turbine represents, therefore, a good
compromise between a reduced length of the whole generating
set and a satisfactory extension of the operating field.

Radial Flow Compressor Optimization

In a previous paper (Tuccillo and Senatore, 1994), the au-
thors have already applied a genetic algorithm optimization
procedure (Goldberg, 1989) to the design of a radial flow im-
peller. By means of this new optimizing technique, it is possible
to overcome some typical limits of the numerical optimization
methods. These are mainly related to the presence of local min-
ima in the objective function, which make it difficult to move
toward the absolute optimal solution. In addition, methods that
operate with continuous derivatives encounter difficulties when

¢(x) = equality constraint
C; = load coefficient
ch, Cs» dy, dy = form factors for blade
meridional profiles
f(x) = objective function
F = fuel flow rate
FEUF, FESR = fuel energy utilization
and saving factors
F,, = dimensional factor
ki, k, = blade angle law con-

tion

m = mass flow rate

Journal of Engineering for Gas Turbines and Power

M = Mach number
n = rotational speed
Q, = thermal output
‘R = reaction degree
u = peripheral velocity
V., V, = axial or radial coordinate varia-

W = mechanical output

Z = number of blades

[, = blade angle

stants B, = total-to-total pressure ratio
n. = total-to-total efficiency

7. = reference overall effi-

ciency
1y = reference burner effi-
ciency
Subscripts
A, B, C, D = end points of impeller
profile
b = burning

¢ = absolute velocity
#, s = hub, shroud

W = relative velocity
* = design point
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dealing with discrete impeller geometric variables like the num-
ber of blade and the presence or absence of splitter blades. The
objective function itself is characterized by discontinuities due
to both the effect of constraint violation and unreliable flow
conditions induced by the compressor geometry.

The genetic algorithm allows generation of a population of
impellers by means of the variation of the genes associated with
the variables of the optimization problem. The algorithm applies
satisfactorily to both continuous and discrete independent vari-
ables. So it is possible to discard more easily those impeller
geometries characterized by unsatisfactory performance level
or constraint violations. This results in an extended field of
search, because no zero-derivative condition has to be found.

The method starts from an actual impeller geometry and
allows us, therefore, to obtain geometries strongly different
from the original one. So, the search of the optimum condition
can be enlarged within a wide range of design specifications.
Moreover, it is possible to obtain an impeller able to produce
optimum flow conditions in an assigned operating range. This
is of particular interest in the case of applications to combined
cycle installations and in off design conditions. An acceptable
compressor operation is considered to occur within the typical
limits for blade loading (Eckardt, 1976) and choked flow.

The impeller design method is based on an initial geometry
configuration whose performance level is well established and
experimentally tested and on the preliminary identification of
some geometric parameters to define the impeller configuration
completely. These parameters are used as independent variables
of the optimizing procedure (Senatore and Tuccillo, 1990,
1991). So the initial geometry generates a wide variety of new
impeller configurations through changes in these parameters
or genes. Each of these represents the actual position of an
independent variable within an equally spaced interval of
search. The interval between the minimum and maximum value
is subdivided into N subintervals by equally spaced points.
Therefore, each independent variable for the impeller definition
may be identified by N + 1 integer values of the corresponding
gene. The whole configuration is, in this way, identified by a
genetic code, which consists of the string of the gene values.

The search of the optimum genetic code is organized in two
steps. In the first one, each impeller genetic code is obtained
with a random generation so that an impeller population is
generated and a statistical investigation is carried on, to the aim
of calculating a preliminary optimum level of the objective
function. This leads to a first choice for the optimal genetic
code.

In the second step, the same statistical investigation is re-
peated within modified search intervals. In particular, the initial
interval:

¢ will be restricted around the previous optimal value found
for each gene of the impeller geometry, if this value has
been found inside the interval investigated;

¢ will be shifted if the optimal genetic code suggests vari-
able values close to the end of the corresponding interval;

e each variable domain is again enlarged if the first step of
the procedure has not produced improvements with re-
spect to the optimal conditions previously found.

The whole procedure continues with the reiteration of the
first and second steps until the investigation no longer provides
improvements in the objective function and variations in the
optimal variable values. It is to be highlighted that in this proce-
dure (Tuccillo and Senatore, 1994) are present a number of
significant modifications with respect to the classical genetic
algorithms. In particular:

e the adaptive variation of the investigated domains allows
an optimization refinement;

e the search of the optimum condition may be extended
outside the initial interval established for each variable.
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In this way the typical problems related to the existence
of a variety of local minima and to discontinuities in the
objective function may be overcome.

The geometric variables are chosen based on the different
influence that they exert on compressor characteristics:

¢ variables mainly affecting the whole operating range, like
a dimensional factor, Fy,, and the rotational speed n;

¢ variables mainly influencing the blade shape, like the co-
ordinates of the end-points of the blade meridional profile
(Fig. 2) and the coefficients they define the elliptic curve
used in the meridional plane to link the inlet and outlet
straight lines at leading and trailing edges and to define
the three-dimensional blade development;

* those mainly affecting the flow conditions and the blade
loading, like the number of blade, Z, and the presence of
the splitter blades.

The main purpose of the optimizing procedure is to meet a
prescribed value of the total-to-total pressure ratio, 8}, with a
maximum efficiency level, so that the primary definition of the
objective function is:

f()=1-mn, (3)
with the equality constraint:
. Bi
c(X)=1-—=0 4
Bu

The following inequality constraints are also established:

Relative inlet Mach number: M, = 1.10
-

Peripheral velocity: w, =700m/s
Blade load coefficient: C, =2
Absolute outlet Mach number: M,, < 1.05
Degree of reaction: ® =05

The objective function of the optimizing procedure is there-
fore built with the method of the augmented Lagrangian func-
tion (Gill et al., 1984).

The initial configuration is that of a compressor for aircraft
engines, characterized by high rotational speed and blade load-
ing. Variations in the initial characteristics are required to meet
the condition established for the gas turbine:

m* =49kegl/s BF=9 (5

Two optimized designs were carried out. The first one estab-
lishes, as design specification, those defined above and assumes
as primary objective the best adiabatic efficiency at the design
point. The rotational speed is included in the independent vari-
able set. This optimizing procedure starts from the original im-
peller configuration, whose geometric and operating characteris-
tics are rather different from those to be found for the new
compressor. The process for the second optimized design starts
from the results of the first one but assumes a more complex
objective function. In this case, the primary objective is the
maximum in an average adiabatic efficiency level evaluated in
a number of off-design points (i.e., for a =20 percent variation
in air flow at the design speed and for two reduced rotating
speeds). The reference rotating speed is the same as that found
by the first optimization. The purpose of this second design step
is to ensure an acceptable compressor operation in a wider
range than that resulting from the first step. Really, it should be
considered that off-design flow conditions must produce blade
loading levels not exceeding the constrained value, so allowing
an extension in compressor stall limits.
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Table 3 Results of the compressor optimizations

Var. Search Init. Optim, Optim.
Name | Interval Config. n.1 n.2
m* -- 28 49 49
By -- 5.83 9.01 9.00
ut -- 0.862 0.854 0.851
value | gene | value | gene | value | gene
n |ivt12000138095] & |26238| 1 |26238| 1
F:ﬂm 025+4 1. ] 1.49 6 1.46 6
Ve | V. £15% 0. 5 -7.93 3 |-1543[ 1
Vi |1 v.£15% 0. § |-1272] 2 |-1978] 1
Vip | 1v-£15% 0. ] 4.50 6 6.37 7
| Vig | v.215% 0. 5 -3.40 4 4.48 [
Vo [ lVv.1£15% 0. 5 7.70 7 | 774 7
Cy, i.v.+01 -0.1 § |-0005| 9 |-0091| 6
d, iv.£01 | 035 § (0316 4 |0300)] 3
Ce Lv.£01 | 042 6§ |0455| 6 [0423| §
By | 1 v.£10 | -6289 § |[-5054| 1 |-5452] 2
iv.+20 |-3478] 6 |-4020| 6 |-31.30] 4
k, iv.x2 26 5 278 5 2.80 5
K, iv.t4 1.77 5 1.99 5 298 6
Z 6+30 13 13 9 8 17 17
split 0+1 yes 1 yes 1 yes 1

Table 3 summarizes the results of the two optimizing pro-
cesses, in terms of optimal values found for independent vari-
ables, compared with the initial ones (i.v.), and of performance
level at the design point. This confirms the ability of the genetic
algorithm to identify impeller characteristics strongly different
from the initial ones for the best fitting of design data. Figure
2 compares the new impeller meridional profiles with the origi-
nal one,

_ Figures 3-5 show in higher detail the conditions resulting
from the two different design steps. In particular, Fig. 3 allows
comparison of the blade load coefficients at the design point,
while Figs. 4-5 refer to off-design operation with both a re-
duced mass flow rate (Fig. 4) and a lower rotational speed (Fig.
5). These latter flow conditions refer to the minimum allowable
flow rates for the first optimized impellers (i.e., with a maximum
C,. value close to the limit value of 2), while the second one
presents a significantly larger stall margin. This situation is
summarized by Fig. 6, which compares the maximum values
found for C, within the operating fields of the two different
impellers.

This explains the difference found when predicting the behav-
ior of the operating curves for the two optimized compressors
(Figs. 7-8). The first one presents a slightly higher efficiency
all over its range but the latter is strongly reduced because of
the blade loading eonditions. The second compressor presents
extended stall margins, which would produce benefits in gas
turbine and cogenerating plant operation.

Cogenerating Plant Performance Analysis

A brief outline of the plant model is given, since a more
comprehensive description can be found in some previous pa-
pers (Tuccillo and Bozza, 1993, 1994).

Thermodynamic Model. The model is based on the accu-
rate evaluation of thermodynamic state in each characteristic
point of the plant in Fig. 1; thermal cycle calculation can be
performed only once the operating characteristics of turboma-
chinery, in terms of both pressure ratio and efficiency, have
been determined. The calculation procedure can be hence di-
vided into the following subsequent steps:
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1 Values are chosen for the only two degrees of freedom
of gas turbine: shaft speed and fuel flow rate.

2 An initial trial value is assigned to the air flow rate enter-
ing the compressor. The air flow rate value is of funda-
mental interest and will be modified according to the
following steps.

3 Compressor pressure ratio and adiabatic efficiency can be
thus evaluated from the performance map (Figs. 7 and
8) resulting from the previous optimization.

4 Mass and energy balance equations are applied to the
evaluation of thermodynamic conditions at turbine inlet.
Air bleeding for turbine blade cooling is also calculated
with an “‘inverse’’ procedure, based on the well-known
El-Masri (1986) approach, which determines the actual
stage-by-stage blade temperature.

5 Turbine expansion ratio and efficiency are evaluated by
a direct off-design calculation. This solution was pre-
ferred to the employment of given turbine performance
maps, in order to take into account variations in chemical
composition of the expanding gas. JANAF Tables
(Svhela and McBride, 1974) were employed for the cal-
culation of working fluid thermodynamic properties and
composition.

6 A correction to the initial estimate of the air flow rate is
based on the value calculated for the turbine discharge
pressure, which should meet a given level (i.e., atmo-
spheric pressure plus exhaust pressure losses). Steps 3—
6 are hence repeated, to find the air flow through the
compressor that ensures the achievement of the prescribed
discharge pressure.

7 In correspondence to the actual exhaust gas temperature,
the maximum steam mass flow rate through the heat re-
covery device is calculated as a function of imposed val-
ues of steam pressure and temperature and gas/steam
differential temperature at the pinch point, according to
data in Table 1. :

8 Steps 2-7 are repeated for a different (shaft speed, fuel
flow rate) pair.

Gas Turbine Operating Domain. A typical operating do-
main of the gas turbine, in a (shaft speed, fuel flow rate) plane,
is reported in Fig. 9(a). In the following, shaft speed, fuel flow
rate, mechanical output, and thermal output will be expressed
as a fraction of their reference values in Tables 2 and 3. The
operating region is bounded, on one side, by turbine choking
and/or compressor stall and, on the other one, by compressor
choking. Each point inside such a region represents a feasible
plant operating point. Values of gas turbine power or efficiency
are hence known in each point inside the operating domain,
together to the cogenerating plant performance.

A better representation of the same domain can be drawn in
a (shaft speed, mechanical output) plane (Fig. 9(%)). In this
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PN
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Fig. 2 Meridional profiles of the reference and optimized impeflers

Initial Configuration
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way the actual external load lines can be superimposed to check
their matching with the gas turbine. In the same figure, examples
are presented of both a constant-speed load and a variable-
speed load, which are typical of electric generator sets and
mechanical-drive applications, respectively.

The characteristics of the domain in Fig. 9 highlight the
importance of a proper choice of the rotating components for
a satisfactory extent of the gas turbine operating range. In partic-
ular, the left-upper side of this domain in Fig. 9(a) is bounded
by either turbine choking or compressor stall conditions. This
explains the more favorable situation that results from the three-
stage turbine in terms of problems related to choked expansion.
On the other hand, the importance of a proper compressor de-
sign for a wider gas turbine field of operation is confirmed.
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Really, the enlargement of stall limits, produced by the second
compressor optimization, is of interest for the extent of the gas
turbine operating domain.

Employment of the Optimized Compressors. In Fig. 10,
the superimposition of the operating domain to the compressor
characteristic maps demonstrates that the most significant bene-
fits from the adoption of the second optimized impeller is ex-
pected at reduced shaft speed and mechanical output. Really,
the second compressor stall would affect the operating range
only at very low air flow rates, while the influence of the first
compressor would be already significant starting from 90 per-
cent corrected speed. Above these speeds, the main influence
is exerted by turbine choking.

I
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confirmed, since more satisfactory performance levels are ex-
pected when the second compressor is introduced. The main
advantages do not refer to the peak values of performance pa-
rameters, but more specifically, to the extended possibilities
of matching with the external load with satisfactory values of
cogeneration indices.

The general behavior of the cogenerating domain of the gas
turbine may be then represented in terms of (mechanical versus
thermal output, Fig. 12) or {mechanical output versus FESR
index, Fig. 13). The light shaded region of these domains per-
tains to both the optimized compressors, while the dark-shaded
one would be obtained only by adopting the compressor pro-
posed by the second optimization. This demonstrates that the
latter choice would allow one to meet a larger variety of simulta-
neous requirements of thermal and mechanical load and to ex-
tend the region of cogeneration with a satisfactory level of fuel
energy saving. In fact, besides the matching with the typical

798 / Vol. 118, OCTOBER 1998

variable-speed external load running line in Figs. 12 and 13,
the gas turbine could operate in a reduced load range, with
enhanced possibilities when the second optimized compressor
is considered.

For a more realistic investigation of the different possibilities
offered by the two compressor choices, some typical operating
curves were extracted from the general operating domains in
Figs. 9-13. In particular, further comparisons were made by
referring to:

(a) Constant-speed load, for electric generator sets (Figs.
14 and 15).

(&) Variable speed load, for mechanical drive applications
(Fig. 16). '

(c¢) Constant thermal output (Fig. 17).

The constant-speed operation curves (Figs. 14 and 15) con-
firm that no significant variation in gas turbine efficiency may
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proving both compressor and plant operation at reduced air flow
rates.

More important differences arise in terms of cogeneration
performance parameters (Fig. 15), since satisfactory levels of
fuel utilization factors (FEUF) and energy saving index (FESR)
can be obtained when adapting the gas turbine generating set
to a situation with a reduced electrical load. The curves in Fig.
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15 confirm that some interesting conditions could be obtained
only when adopting the second compressor. Of course, these
conditions could only be obtained through a different choice of
the gear-box ratio.

In the authors’ opinion, more attractive advantages are shown
in the case of mechanical drive application within a combined
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heat and power plant (Fig. 16). The 100-50 percent curves in
this figure refer to different laws imposed by the external device
for full-load or reduced-load operation with variable rotational
speed. It should be pointed out that curves in Fig. 16 correspond
to those drawn in Figs. 9-13, representing actual matching
conditions of the power plant with the external load. The best
benefits result from the employment of the second optimized
compressor and for fuli-load conditions, which allow a satisfac-
tory value of both FEUF and FESR to be maintained all over
the gas turbine operating range. The utilization of the first com-
pressor would dramatically reduce this possibility.

The third kind of operating curve at 100—50 percent of refer-
ence thermal output (Fig. 17) confirms that the advantages from
the second compressor are mainly expected when a reduced
level of thermal and mechanical output is required. This is a
situation that may frequently occur within an industrial produc-
tive cycle and demonstrates that a proper choice of the gas
turbine components leads to its better utilization for cogenerat-
ing applications. The (shaft speed, mechanical output) curves
also suggest an optimal control strategy for taking the maximum
advantage in the case of a constant thermal load.

A final consideration refers to the trend of second law effi-
ciency and exhaust gas temperature shown in Fig. 18. This
confirms that the choice of the second optimized impeller is
favorable in terms of a significant extension of the operating

Journal of Engineering for Gas Turbines and Power

range with a high thermodynamic quality of the recoverable
heat. :

Conclusion

The authors have proposed, in this paper, a method of analysis
of gas turbine based cogenerating plants, which pays particular
attention to the behavior of its single components. In particular,
they have demonstrated the effectiveness of the procedure for
radial compressor optimized design, in successfully modifying
the gas turbine off-design operation.

The main advantages from this proper choice of the compres-
sor result in a wider range of possibilities of part-load operation
with satisfactory levels of the energy-saving criteria.

The resulting discussion has proposed that the most interest-
ing benefits would arise in the case of mechanical drive applica-
tions of the gas turbine power plant. In this case, the cogenerat-
ing system would take full advantage of the extension of the
compressor operating range.

Future developments of this work will take into account a
more comprehensive optimization of the whole cogenerating
system for its best operation in assigned conditions for thermal
and mechanical load.
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Introduction

Recently, district heating and cooling systems have been in-
stalled increasingly in urban areas with their renewal projects.
As dispersed and small-scale plants for district heating and
cooling, cogeneration plants with gas turbines are expected to
compensate for energy supply by a large-scale electrical grid
because of their high economical and energy-saving potentials,
In order to utilize these potentials, planners are urged to propose
improved plans for the fundamental design of cogeneration
plants. It is considered an important challenge to determine
rational equipment capacities and utility maximum demands as
well as operational strategies.

First, the authors proposed an optimal operational planning
method of determining plants’ operational strategies for the
variations of both electricity and thermal energy demands, and
applied it to an evaluation of several types of gas turbine cogen-
eration plants (Ito et al., 1987, 1988, 1990, 1995; Yokoyama
and Ito, 1991). Second, they presented an optimal sizing method
to determine equipment capacities and utility maximum de-
mands from a long-term viewpoint in consideration of plants’
operational strategies ( Yokoyama et al., 1994). In these papers,
optimal operational strategies and optimal sizes were discussed
only for energy demands estimated at the final state of district
heating and cooling projects.

However, in many projects, buildings are constructed step-
wise for several years, while energy demands increase with
the progress of building construction. In such cases, only one
installation of equipment at the initial state of projects causes
a decrease in availability of equipment and an increase in invest-
ment. Therefore, multistage expansion planning of cogeneration
plants should be considered corresponding to increasing energy
demands. However, many alternatives exist concerning the in-
stallation timing, capacities, and numbers of equipment to be
installed, which makes it very difficult for planners to find good
expansion plans. The simultaneous consideration of plants’ op-
erational strategies makes it even more difficult.

The purpose of this paper is to present an optimization
method for such expansion planning of gas turbine cogeneration
plants, and to investigate the relationship between optimal
expansion planning and energy demand trend. First, the optimal
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tended to this case. Equipment capacities and utility maximum demands at each
expansion stage are determined so as to minimize the levelized annual total cost
subject to increasing energy demands. A numerical study on a simple-cycle gas
turbine cogeneration plant to be installed in a district development project clarifies
the relationship between optimal expansion planning and energy demand trend, and
shows the effectiveness of the proposed method.

expansion planning problem is defined by introducing several
fundamental assumptions. Second, an optimization method is
described to solve the problem efficiently. Finally, a numerical
study is carried out on a simple-cycle gas turbine cogeneration
plant to be installed in a district heating and cooling project.

Multistage Expansion Planning

Definition of Multistage Expansion Planning Problem.
A multistage expansion planning problem shown in Fig. 1 is
discussed in this paper. Energy demands are assumed to increase
stepwise at the beginning of a year and M times with the prog-
ress of building construction. Equipment is assumed to be in-
stalled simultaneously together with an increase in energy de-
mands. The period between the mth and (m + 1)th installations
of equipment is called the mth expansion stage, and the number
of years of the period is denoted by T(m) (m =1,2,..., M
— 1). The Mth expansion stage corresponds to the period be-
tween the Mth installation of equipment and the evaluation of
levelized annual total cost (after L years since first installation
of equipment). Thus the number of years of the period between
the first and mth installations of equipment ¥ (m) is expressed
by

0o (m

=1)
— m—1
YW =39S 15y m=23....my D

i=1

The life of equipment is assumed to be the same for all pieces
of equipment installed simultaneously and its value for the
equipment installed at the beginning of the mth expansion stage
is denoted by x(m).

A cash flow diagram is drawn at the lower part of Fig. 1.
The initial capital cost, designated by P(m), is invested with the
mth installation of equipment. The salvage value of equipment,
designated by V(m), is assumed to be left after the life of
equipment «(m). The operational cost paid per year during the
mth expansion stage, which is denoted by C(m), increases with
energy demands.

Economic Evaluation. The levelized annual total cost is
adopted as an objective function of the optimal multistage
expansion planning problem, and it is evaluated by the annu-
alized costs method (Witte et al., 1988). Here, the balance of
cash flow is considered after L years since the first installa-
tion of equipment, on the assumption that L is greater than
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First, the salvage value of equipment V (m) is transformed
to the value after L years since the first installation of equipment

P(m){(1 + )™ — (1 + D)*

Fig. 1 Multistage expansion planning

M

Cc':z

HPm)(L + D)™ — Vi (m)}

m=1

On the other hand,

(1+H-1 ) 3)

the annual operational cost levelized over L

years, C,, is expressed by

Vilm) = T+ -1

V(m)((1 + i)=7 ~ 1)
(1 + i)™ — 1

(m

Y(my) MOTW GC(m) (1 + §)Erem=)
Co= . 4
ééi jE% (1 + i)L - 1 ( )
As a result, the annual total cost levelized over L years, C,, is
L2,...,M), (2) givenby

C,=C. +C, (5)

where i is the interest rate. Equation (2) is obtained by equaliz-
ing the levelized annual capital cost of equipment with an initial
capital cost of P(m), a life of k(m), and a salvage value of
V (m) to that of equipment with an initial capital cost of P(m),
a life of L —~ Y (m), and a salvage value of V (m).

Using the salvage value V;(m) of Eq. (2), the annual capital
cost levelized over L years, C,, is evaluated by

Optimization Method

An optimal sizing method for single-stage planning proposed
by the authors is extended to the case of multistage expansion
planning (Yokoyama et al., 1994). Equipment capacities and
utility maximum demands at each expansion stage are deter-

Nomenclature

C. = levelized annual capital cost,
yen/y .
C(m) = operational cost per year at mth
expansion stage, yen/y
C, = levelized annual operational
cost, yen/y
C, = levelized annual total cost, yen/

E,,, = electric power purchased from
outside electric power company,
MWh/h
Egr = electric power generated by gas
turbine generator, MWh/h
or = capacity (electrical output at
rated load status) of gas turbine
generator, MW
i = interest rate
L = number of years of period be-
tween first installation of equip-
ment and evaluation of levelized
annual total cost, y
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M = number of expansion stages
m = index for mth expansion stage
P(m) = initial capital cost of equipment
installed at mth expansion
stage, yen
T(m) = number of years of mth expan-
sion stage, y
V (m) = salvage value of equipment in-
stalled at mth expansion stage,
yen
V. (m) = salvage value of equipment in-
stalled at mth expansion stage,
which is evaluated after L years
since first installation of equip-
ment, yen
Y (m) = number of years between first
and mth installations of equip-
ment, y
7. = generating efficiency at rated
load status of gas turbine gener-
ator

7, = waste heat recovery efficiency at
rated load status of gas turbine
generator plus waste heat recov-
ery boiler

k(m) = life of equipment installed at mth
expansion stage, y

Equipment Symbols

BA = gas-fired auxiliary boiler
BW = waste heat recovery boiler
EP = equipment for purchasing
electricity
GT = gas turbine generator
PC = pump for space cooling
RE = electric compression refrigerator
RS = steam absorption refrigerator
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Fig. 2> Hierarchical optimization method of determining plants’ sizes and operational strategies

mined in consideration of the plant’s operational strategy for from a set of discrete values in the practical design, it is regarded
increasing energy demands. Only a summary of this optimiza- as a continuous variable in this paper. The operational strategy
tion method is described here. is expressed by the binary and continuous variables that corre-
spond to the on/off status of operation and energy flow rates,

Basic Concept of Optimal Planning Method. As stated respectively (Ito et al., 1990).

above, the levelized annual total cost is minimized from the :
viewpoint of long-term economics. The initial capital cost P(m) Hierarchical Optimization Method. The algorithm of the
and the salvage value V(m) of equipment are considered func-  optimization method is shown in Fig. 2. The whole is divided
tions of their capacities. The operational cost C(m) is the sum  into two parts related hierarchically to each other by a penalty
of the customer, demand, and energy charges of utilities such  method. In the optimal sizing problem at the upper level, opti-
as purchased electricity and natural gas used for the plant’s mal values of equipment capacities and utility maximum de-
operation. The demand charge is considered a function of utility mands at every expansion stage are searched simultaneously so
maximum demands, and the energy charge is calculated from as to minimize the levelized annual total cost. In the optimal
the plant’s operational strategy. operational planning problem at the lower level, for a plant with
As constraints at each expansion stage, it is necessary to the equipment capacities and utility maximum demands given
consider performance characteristics of each piece of equipment  at each searching step, the operational strategy is assessed indi-
and energy balance relationships of each energy flow for aver-  vidually at each expansion stage and the levelized annual energy
age hourly energy demands estimated on several representative  charge is evaluated. Here, the operational strategy is assessed
days in one year. In addition to the average energy demands, using an optimal operational planning method proposed by the
peak energy demands in summer and winter must be considered  authors (Ito et al., 1990). This strategy minimizes the levelized
as well. Here, since performance characteristics of equipment annual energy charge, which is consistent with minimization of
change with the capacities, they should be considered as func-  the levelized annual total cost.
tions of the capacities. The optimal sizing problem is formulated as a nonlinear pro-
Design variables are composed of equipment capacities and  gramming problem, and it is solved by the sequential linear
utility maximum demands at each expansion stage in the sizing  programming method (Cheney and Goldstein, 1959). The opti-
problem, and the variables expressing the operational strategy  mal operational planning problem is formulated as a mixed-
at each expansion stage in the operational planning problem. integer linear programming problem, and it is solved by the
Although the capacity of each piece of equipment is selected branch and bound method (Garfinkel and Nemhauser, 1972).

Table 1 Total floor areas and energy demands of buildings

Energy demand
Type of Total floor area Hourly maximum value Annual tota] value
building Symbol m? Electricity | Space cooling Steam Elecricity | Space cooling Steam
MWh/h MWhh MWhh GWh/y GWhjy GWhiy
Ay 66.5x10° 3.7 6.81 5.07 12.56 5.99 4.33
Office A 108.9x10* 6.17 11.15 7.66 20.56 9.82 7.08
building As 12,8x10° 0.72 131 0.98 243 1.16 0.84
Ayq 80.6x10° 457 8.25 6.14 15.23 726 5.25
Hotel H; 72.6x10° 3.25 4.34 5.93 16.78 506 . 10.75
Hj 42.3x10° 1.90 2.53 3.46 9.79 2.95 6.26
Total — 383.7x10% 20.36 31.57 24.84 71.35 32.24 34.51
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Fig. 3 Structure of simple-cycle gas turbine cogeneration plant

The concrete algorithm adopted here is based on the Land—
Doig method (Land and Doig, 1960).

Numerical Study

A numerical study is carried out on the multistage expansion
planning of a simple-cycle gas turbine cogeneration plant to be
installed in a district heating and cooling project.

District Heating and Cooling Project. The district studied
here is a area to be renewed in the near future. Four office
buildings, A, to A,, and two hotels, H, and H,, are to be
constructed stepwise over a period of several years. Table 1
shows the total floor area of each building and the hourly maxi-
mum and annual total values of energy demands estimated.
Here, one representative day is considered for each month; i.e.,
the operational strategy is to be determined on 12 representative
days at each expansion stage. Hourly energy demands are given
as input data for each representative day. In addition to these
average energy demands, peak energy demands in summer and
winter are also given by multiplying the average energy de-
mands on the representative day in August and January by 1.2,
respectively.

Plant Structure. Figure 3 shows schematically the struc-
ture of a simple-cycle gas turbine cogeneration plant investi-
gated in this study. Although only one unit is illustrated for
each kind of equipment, there may be several units. Solid lines,
dot-dash lines, two dots-dash lines, dotted lines, and broken
lines denote the flows of steam, electricity, cold water, exhaust
gas, and natural gas, respectively.

Electricity is supplied to users by operating gas turbine gener-
ators and by purchasing electricity from an outside electric
power company. Electricity is used to drive electric compression
refrigerators, pumps, and other auxiliary machinery in the plant.
Exhaust heat generated by the gas turbines is recovered by
waste heat recovery boilers, and it is reused for several kinds
of thermal energy in a cascade fashion. Surplus exhaust heat is
disposed of through exhaust gas dampers. Shortage of steam is
supplemented by gas-fired auxiliary boilers. Cold water for
space cooling is supplied by elecwric compression and steam
absorption refrigerators. Steam is used for space heating and
other miscellaneous purposes.

The capacities of each kind of equipment except the pumps
are determined optimally at each expansion stage, together with
the maximum demands of purchased electricity and natural gas.
It is assumed that the capacity of equipment for purchasing
electricity is equal to the maximum demand of purchased elec-
tricity. The size of the gas turbine generator will determine the
capacity of the waste heat recovery boiler.

806 / Vol. 118, OCTOBER 1996

Input Data. Performance characteristics and initial capital
costs of equipment are given as functions of their capacities.
Nonlinear curve fitting is adopted for the performance character-
istics of gas turbine generators plus waste heat recovery boilers.
For example, the generating efficiency at the rated load 7, tends
to increase with the capacity, and conversely the waste heat
recovery efficiency at the rated load 7, tends to decrease. These
values can be approximated by

Ne = 0.211 £ (6)

and
)

where Egr is the capacity (electrical output at the rated load
status) of a gas turbine generator. Variations in these efficien-
cies at part-load status are also taken into account. Linear curve
fitting is adopted for performance characteristics of other kinds
of equipment. Linear functions are used to express the relation-
ship between initial capital cost and capacity for all kinds of
equipment. The representative values of performance character-
istics and initial capital costs are given in Table 2.

According to a numerical study on the single-stage planning
carried out by the authors, gas turbine generators of a large
capacity were selected optimally from the viewpoint of long-
term economics ( Yokoyama et al., 1994). However, this is not
satisfactory from the energy-saving viewpoint because a large
amount of exhaust heat must be disposed of. In this paper, the
numerical study is carried out by assuming that exhaust heat
less than 50 percent of the capacity of gas turbines is permitted
to be disposed of.

The rates for purchased electricity and natural gas adopted
in this study are standard ones used in Japan, and they are given
in Table 3. In evaluating the levelized annual total cost, it is
assumed that the life of equipment «(m) = 15 y and the salvage
value of equipment V(m) =0foranym (m = 1,2, ..., M),
and that the interest rate i = 0.1. The levelized annual total
cost is evaluated after 15 years since the first installation of
equipment; ie., L = 15 y.

M = 0.555Eqr™,

Table 2 Performance characteristic values and initial capital costs of
equipment

Equipment Performance characteristic value Initial capital cost

Gas turbine g lus G ing efficienc; Eq. (6

waste heat recovery bolgler Waste heat mcuveg);fﬁciency Eg 57; 220.0x10° yen/MW
Gas-fired auxiliary boiler ‘Thermal cfficiency 090 6.6x10°_yen/MW.
EBlectric compression refrigerator cor 3.60 21.5x10% yen/MW
Steam absorption refrigerator [00) 1.20 51.6x10% yenMW
Equipment for purchasing electricity — 56.3x10% _ yer/MW
Pump Electricity consumptionrate ___0.025 MW/MW —
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Table 3 Rates for purchased electricity and natural gas

Unit cost
Demand charge
1740 yen/(kW-month)

Utility

Bnergycharge |
10.77 (Jul~Sep.) yen/kWh

9.79 (Other months)
30.88 yen/m?

Customer charge.
Purchased electricity -

1200 (Apr.~Oct.)
3 200 (Other months)

Natural gas 36000 yen/month yen/(mh-month)

Table 4 Scenarios of building construction

Scenarios of Building Construction. Optimization calcu-
lation is carried out for several scenarios of building construc-
tion, and the relationship is investigated between optimal expan-
sion planning and energy demand trend. These scenarios are
given in Table 4. Two-stage expansion planning (M = 2) is
investigated by changing the ratio of energy demands at the
first expansion stage to those at the second one as well as the
years of expansion stages. In cases 1-3, the period of the first
expansion stage is shorter than that of the second one. In cases
4-6, the period of the former is longer than that of the latter.
The ratio of energy demands at the first expansion stage to those
at the second one increases with the case number for each group.

It is assumed that two units of gas turbine generator plus
waste heat recovery boiler are installed at each expansion stage,
and that one unit is installed only at the first expansion stage
concerning the gas-fired auxiliary boiler and electric compres-
sion refrigerator. It is also assumed that one unit is installed at
each expansion stage concerning the other kinds of equipment.

Results and Discussion. The results obtained by the opti-
‘mization calculation are summarized in Table 5, Figs. 4 and 5.
Table 5 gives the optimal values of equipment capacities per
unit and utility maximum demands at each expansion stage.
Figures 4(a) — (c) show the load duration curves for electricity
supply at each expansion stage for cases 1-3, respectively. In
these figures, Egr and E,,, denote the electric power generated
by a gas turbine generator and purchased from an outside elec-
tric power company, respectively. The subscripts 1 and 2 show

the expansion stages when gas turbine generators are installed.
The subscripts A and B are the indices for two gas turbine
generators installed simultaneously. Figure 5 shows the lev-
elized annual total cost and its items for each case. Here, optimal
sizes and optimal operational strategies are discussed only for
gas turbine generators.

According to the results shown in Table 5, a correlation can
be found between the amount of energy demands increased
at each expansion stage and the optimal values of equipment
capacities and utility maximum demands at the corresponding
stage. For example, the capacity of gas turbine generators tends

Case 112]374]5]6 ; -
Number of to increase with the amount of energy demands. However, the
years 1 3 1 31 3 (9| 9|9 . . e . \

T(1) correlation is not simple quantitatively. The ratio of the capacity
1st AlO @) of gas turbine generators to the hourly maximum value of elec-

expansion | Ay 010 |10 tricity demand changes with cases.
stage Buildings | As Q1O 010 In cases 1-3, the period of the first expansion stage is shorter
constructed :“ 515 O 516 o than that of the second one, and consequently the levelized
H; 5 5 annual operational cost at the second stage dominates that at
Number of years | 15 | 12 | 12 P the first one as shown in Fig. 5. Thus the amount of energy
2 2! 6 6 demand at the second stage has a significant effect on the sizing
ond A 010 Q10 at the first stage. In case 1, since the possibility of installing
expansion | A1 O ol | gas turbine generators of a large capacity at the second stage
stage ! gs | A} O O remains, gas turbine generators of a relatively small capacity
constructed S‘ O 3 O 5 are installed at the first stage. In case 3, gas turbine generators
H; 5o o) of a relatively large capacity are installed at the first stage in

spite of their low availability, in consideration of a small in-
crease in energy demands at the second stage. These are due to
the feature that the generating efficiency of gas turbine genera-
tors tends to increase with capacity as stated above.

The above-described tendency is relaxed in cases 4 and 6.
Namely, the capacity of gas turbine generators installed at the
first stage in case 4 is larger than that in case 1, and conversely
the capacity in case 6 is smaller than that in case 3. This is
because the period of the first stage is longer than that of the
second one, and the amount of energy demands at the second
stage does not have a significant effect on the sizing at the first
stage.

Concerning the operational strategy shown in Fig. 4, it can
be seen in case 1 that the operating time of both gas turbine
generators installed at the first stage becomes shorter at the
second stage, and that one of them is operated only for peak
periods of energy demands. In case 2, however, no remarkable
change occurs in the operating time. In case 3, the operating
time becomes longer. This effect is caused by the difference in
capacity.

In cases 1-3, the operational strategy of gas turbine genera-
tors differs from the one following electricity demand. The
reason for this strategy is as follows: The strategy determined
by minimizing the energy charge depends significantly on the
prices of electricity and natural gas purchased as well as the
characteristics of electricity and thermal energy demands, as
analyzed previously (Ito et al., 1990). Under the prices and
demand characteristics in this study, it is advantageous econom-
ically that gas turbine generators be stopped or operated follow-
ing thermal energy demand in the case of low thermal energy

Table 5 Optimal values of equipment capacities per unit and utility maximum demands

Case 1 2 3 4 5 6
Gas turbine generator MW 1.79 2.40 5.42 2.09 2.53 4.46
Ist Waste heat recovery boiler MW 4.21 5.34 10.34 4.78 5.58 8.83
Gas-fired auxiliary boiler MW 0.92 3.16 3.04 0.49 2.01 1.73
starge Electric compression refrigerator MW 0.86 1,35 3.57 L17 0.83 3.47
Steam absorption refrigerator MW 8.77 14.36 21.67 8.19 14.78 21.71
uipment for purchasing electricity MW 4.59 7.07 5.20 4.19 6.72 6.98
Gas turbine generator MW 4.50 3.01 0.15 4.26 3.34 1.06
2nd ‘Waste heat recovery boiler MW 8.89 6.42 0.57 8.50 6.98 2.76
expansion Gas-fired auxiliary boiler MW — — — — - —

stage Electric compression refrigerator MW — — — — — —
Steam absorption refrigerator MW 21.26 15.89 6.34 2245 15.96 6.38
uipment for purchasing eleciricity MW 6.84 6.14 8.32 717 | 552 | 6.60
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trict heating and cooling. An optimization method has been
proposed to solve the problem efficiently. Optimal values of
equipment capacities and utility maximum demands at each
expansion stage have been determined so as to minimize the
levelized annual total cost subject to increasing energy demands.
A numerical study has been carried out on a simple-cycle gas
turbine cogeneration plant to be installed in a district renewal
project. The study shows that equipment capacities and utility
maximum demands can be determined rationally and easily
by tlie proposed method, and the relationship between optimal
expansion planning and energy demand trend has been made
transparent by investigating several scenarios of building con-
struction.

Although a numerical study has been carried out on a re-
stricted number of cases for scenarios of building construction,
this method is applicable to other cases.
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demand during the nighttime. As an alternative plan, it is possi-
ble to reduce the capacity of gas turbine generators and to
improve their load factors. However, this plan decreases the
power-generating efficiency and increases the exhaust heat re-
covery efficiency, which tends to increase the mismatch be-
tween supply and demand characteristics of electricity and ther-
mal energy. The high price of electricity used in the study is
also a reason for a large capacity and low load factors of gas
turbine generators. The results obtained here are similar to those
obtained previously for single-stage planning ('Yokoyama et al.,
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Conclusions 1 2 3 4 5 6
An optimal multistage expansion planning problem has been Case
considered concerning a gas turbine cogeneration plant for dis- _ Fig.5 Levelized annual total cost and its items
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Theoretical and Experimental
Comparisons for Damping
Coefficients of a Short-Length
Open-End Squeeze Film Damper

Squeeze film dampers (SFD) provide load isolation and attenuate rotor vibrations
in high speed turbomachinery. Operating parameters such as whirl frequency, ampli-
tude of journal motion, and value of external pressure supply determine the SFD
dynamic force response and its dissipation of mechanical energy. Measurements of
pressure fields and fluid film forces in a fully submerged open-end squeeze film damper
are presented for tests with rotor speeds to 5000 cpm and low supply pressures. The
damper has a clearance of 381 um (0.015 in.) and the journal describes circular
centered orbits of amplitudes ranging from 30 to 50 percent of the bearing clearance.
Experimental film pressures depict a vapor cavitation (close to zero absolute pres-
sure) zone increasing in extent as the whirl frequency increases. Estimated fluid film
Sorces from the measured pressure profiles are found to be proportional to whirl speed
and lubricant viscosity. Test cross-coupled damping coefficients ( C,,) are smaller than
predicted values based on the short-length bearing model with a « film cavitation
assumption. The direct damping coefficients (C,) are larger than theoretical values,
especially at low frequencies where the dynamic cavitation region has not grown to
half the circumferential flow extent. The experiments demonstrate the viscous charac-
ter of the fluid film forces in a SFD test apparatus where fluid inertia effects are
minimal ( squeeze film Reynolds number less than one ). On the other hand, the extent
of the cavitation zone appears to be dominant on the generation of fluid film forces.

L. A. San Andres

Associate Professor,

Mechanical Engineering Depariment,
Texas A&M University,

College Station, TX 77843

Introduction

Light-weight, high-performance engines exhibit a trend to-
ward increased flexibility, leading to a high sensitivity to unbal-
ance with large vibration levels and reduced reliability. Squeeze
film dampers (SFDs) are essential components of high-speed
turbomachinery and are used in aircraft jet engines to provide
viscous damping to rolling element bearings, which otherwise
would contribute no appreciable amount of damping to the ro-
tor-bearing system. One other important application is related
to high-performance compressor units where dampers are in-
stalled in series with tilting pad bearings to reduce bearing
support stiffness while providing additional damping as a safety
mechanism to avoid rotordynamic instabilities. Despite - the
many benefits a squeeze film damper could offer, experience
has demonstrated that the force response of SFDs is complex
and difficult to predict analytically for actual hardware applica-
tions. Engineering design of SFDs is based on overly simplified
theoretical models, which either fail to incorporate or simply
neglect unique features (structural and fluidic) affecting the
damper dynamic force performance. Squeeze film dampers in
certain regimes of operation can also bring strong nonlinearities
to the performance of rotor-bearing systems, The optimum
damping required by the rotor-bearing system may conflict with
the damping available in a squeeze film damper. If damping is
too large the SFD acts as a rigid constraint to the rotor-bearing
system with large forces transmitted to the supporting structure.
If damping is too light, the damper is ineffective and likely to
permit large amplitude vibratory motion with possible subhar-
monic resonances.

Contributed by the International Gas Turbine Institute and presented at the 40th
International Gas Turbine and Aeroengine Congress and Exhibition, Houston,
Texas, June 5-8, 1995, Manuscript received by the International Gas Turbine
Institute February 13, 1995. Paper No. 95-GT-98. Associate Technical Editor:
C. J. Russo.
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Squeeze film dampers in practice operate with levels of exter-
nal pressurization not large enough to prevent dynamic cavita-
tion of the lubricant in the thin film lands. Cavitation in squeeze
film flows is a broad term, which means either liquid vaporiza-
tion, or release of gaseous media, or allowance of air entrain-
ment, or formation of bubbly mixtures, or a combination of all
these conditions. Dynamic cavitation is the single factor most
affecting the performance of a squeeze film damper (Feng and
Hahn, 1986, 1987). This complex phenomenon is yet little
understood, although some recent advances point to the mechan-
ics of bubble evolution and two-phase flow considerations (Sun
and Brewe, 1992; Sun et al., 1993; Al-Sharif et al., 1993). By
extension from hydrodynamic journal bearing theory, current
cavitation models for squeeze film dampers are based on Elrods’

-algorithm (1981). However, this model is of little practical

value when considering the complexity of the observed pres-
sures and flow in bearings undergoing dynamic loading or pure
squeeze film flow. Hibner and Bansal (1979) noted the effect
of liquid compressibility and lubricant cavitation on a small
clearance damper (c¢/R = 0.0032). Walton et al. (1987) found
that fluid cavitation onset and extent depend on the damper
operating parameters like whirl frequency, journal orbit size and
offset position, level of supply pressure and end seal restrictions.
Zeidan and Vance (1989a, b, 1990) experimentally identified
five regimes of dynamic cavitation depending on the damper
configuration tested and the operating conditions. The experi-
ments showed persistent gas bubbles in the fluid film and lead-
ing eventually to a well-mixed two-phase fluid at large whirl
frequencies. The significance of these experimental investiga-
tions cannot be overlooked since they have already prompted
significant changes in current damper design. On the other hand,
Zhao et al. (1994) have recently suggested that large negative
absolute pressures (fluid in tension ) are likely to occur in SFDs.
These observations are not supported by exhaustive pressure
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measurements on a SFD, but try to justify poor correlation
between the test data and numerical predictions for a rotor
supported on short-length SFDs.

In many practical circumstances, dampers are designed with
a feeding central groove to insure a continuous flow of lubricant
through the squeeze film lands. The groove, usually of large
volume, is conceived as a flow source with constant pressure
around the journal surface. In practice, however, grooved damp-
ers have shown more damping than theoretical predictions
(Holmes and SyKes, 1990). Zeidan and Vance (1989b) reported
dynamic pressures at a groove feeding a squeeze film land.

Roberts et al. (1986), Roberts and Ellis (1990), Ramli et al.

(1987), and Zhang et al. (1994 ) report experimental force coef-
ficients an order of magnitude larger than predictions from the
short bearing model for all dynamic eccentricities tested. Sys-
tematic experiments and analysis by Arauz and San Andres
(1994) have shown experimentally that dampers with groove
depths up to ten times the radial clearance can generate more
damping forces than predictions based on a classical lubrication
model. Feeding grooves then do not isolate the adjacent film
lands, but rather interact with the squeeze film regions and are
capable of producing an appreciable dynamic pressure, which
adds to the damper force response.

Large-clearance, light-viscosity squeeze film dampers op-
erating at high frequencies are affected by fluid inertia forces,
which could introduce significant added masses and dramati-
cally change the dynamic response of a rotor—SFD system (San
Andres and Vance, 1988). The relevance of fluid inertia is
related to the squeeze film Reynolds number (Re, = pwcti ),
which ranges from 1 to 50 in many applications. It is worth
noting that some modern damper applications have film radial
clearances as large as 0.508 mm (0.020 in.) radial to allow large
unbalance levels and withstand high maneuvering loads (Kocur,
1992). Ramli et al. (1987), Roberts et al. (1986), Roberts and
Ellis (1990), Kinsale and Tichy (1989), and San Andres et al.
(1993) provide experimental evidence of fluid inertia forces in
test damper configurations. Correlations of experimental mea-
surements with analytical predictions have ranged from poor to
adequate. In general, measured results seem to be highly depen-
dent on actual operating conditions including the level of exter-
nal pressurization, test hardware configuration, coupling to the
dynamics of the structural system, and most importantly on the
early onset or avoidance of fluid dynamic cavitation in one of
its many forms.

The need to carry out planned experiments to validate theoret-
ical analysis and to enhance our understanding of the flow me-
chanics in squeeze film dampers is always present. This paper
reports experimental measurements of absolute pressures in a
short-length (L/D = 0.24), fully submerged open-end squeeze
film damper with a clearance ratio of ¢/R = 0.0059. The damper
journal describes circular centered orbits with orbit radii ranging
from 30 to 50 percent of the radial clearance. The experiments

. Nomenclature

were carried out with a low level of external pressurization
(approximately 35 kPa), enough to warrant a continuous flow
of lubricant across the damper. Controlled tests were performed
for a range of whirl frequencies to 83 Hz and lubricant inlet
temperatures. The major objectives were to determine the type
and extent of the dynamic cavitation region for the different
operating conditions, and to quantify its effect on the damper
fluid film forces. The tests detail absolute pressure measure-
ments and verify that the lubricant used is unable to sustain
negative pressures (fluid in tension). The present test results
differ greatly from previously published experiments for the
same damper but with a larger radial clearance (1.55 mm), and
where fluid inertia brought a large added mass effect into the
SFD dynamic force response (San Andres et al., 1993). The
tests performed with a small clearance show squeeze film Reyn-
olds numbers (Re;) less than unity, and this warrants that fluid
inertia effects have a negligible influence on the measured pres-
sure field and fluid film forces.

Theoretical Model

Most dampers in practice are of short axial length (L/D =
0.25) and accommodate some type of end seals to increase
their damping capability. Additional features of this mechanical
element may include high resistance orifices for pressure deliv-
ery and discharge, and deep grooves acting as flow sources or
sinks of uniform pressure. The literature provides a wealth of
numerical and theoretical analysis for the prediction of the fluid
film pressure generated under the squeeze film action and com-
putation of the dynamic forces (see, for example, Marmol and
Vance, 1978; Szeri et al., 1983; Kinsale and Tichy, 1989).

The short-length open-end SFD model is amenable to provide
a closed-form solution to the flow equations including fluid
inertia and accommodating a rather simplistic cavitation model.
For circular centered journal motions of amplitude (e¢) and whirl
frequency (w), and in the absence of geometric distortions in
the circumferential direction, a damper produces a constant fluid
film force in a reference frame rotating with angular frequency
w (see Fig. 1). The radial and tangential components of the
fluid film force are equal to:

F r= —Crtvt,

F,=~C,\V, (1)

where V, = ew is the tangential speed of the whirling journal
center, and (C,,, C,) are known as the cross and direct damping
force coefficients. Note that (C,, C,) are not strictly rotordy-
namic coefficients, as their classical definition implies small-
amplitude motions (perturbations) about a journal equilibrium
position. The formula given in Eq. (1) does not account for
fluid inertia effects as these are dominant for large squeeze film
Reynolds number applications (Re, = pwc?/u > 10). The inter-
ested reader may find the work of Tichy and Modest (1978)
and San Andres and Vance (1987) to be of relevance for a

¢ = damper radial clearance = 381

Cy, C,, = direct and cross damping coef- number
ficients, N +s/m

D = damper journal diameter =
0.129 m

e = journal center orbit radius =
190 pm typically

tion, s

locity, m/s

F, = —C.,V, = radial force, N z = axial coordinate, m
F, = —C,V, = tangential force, N Z = axial location of measurement, m
L = damper journal axial length = € = e/c = dimensionless orbit radius

0.0307 m
= number of cycles of test data,
typically 4 to 6

= 0.3-0.5
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P = fluid pressure, Pa
um Re, = pwc?/p = squeeze film Reynolds

T = fiuid temperature, °C
T, = 2w/w = period of orbital mo-

V., = e w = journal center tangential ve-

p = fluid density, kg/m®

w = damper whirl frequency, rad/s
Subscripts
r, t = radial and tangential coordinate
system

1, 2 = axial locations of measurement of
pressure and temperature
3 = location of measurement of
journal motion
7 = related to 7 film—short-length
SFD model

# = circumferential coordinate
u = fluid viscosity, Pa-s
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NOTE: fiim thickness exagerated for clarity

Fr= =Cut Vt
Ft = -Cut Vt

—

prassure
transducer

bearing
X housing

Fig. 1 Schematic view of journal center motion and fluid film forces for
circular centered orbits

detailed exposition on fluid inertia forces in squeeze film damp-
ers.

The damping coefficients for the simple # film cavitation
model applicable to the test configuration described below are
(Vance, 1986):

wuDL?

. 4ueDL?
(1 - E2)1.5 ’

Coimy = (w) = (_lt—ez—)i

(2)
For the full film model (no cavitation), the direct damping
coefficient is twice the value given above and there is no cross-
coupled damping, i.e., C, = 0. The formulae given assume
the fluid to be isoviscous and incompressible undergoing an
isothermal flow process within a damper journal and bearing
completely submerged in a lubricant bath to prevent air entrain-
ment (Pan, 1980).

Experimental Facility and Procedure

Figure 2 depicts the squeeze film damper section of the test
apparatus. The damper journal outer diameter (D) is equal to
129.41 mm (5.095 in.) and its axial length (L) is equal to 30.73
mm (1.21 in.). The nominal radial clearance (C) is 0.381 mm
(0.015 in.). Thus, the damper length-to-diameter (L/D) and
clearance-to-radius (C/R) ratios are 0.237 and 0.0059, respec-
tively. San Andres et al. (1993), and Arauz and San Andres
(1994) describe in detail the test apparatus and experimental
procedure. The damper left end is sealed with an O-ring located
on the axial face of the journal and in contact with the damper
housing. This O-ring is preloaded on assembly of the test journal
and dynamic tests with no lubricant and pressurized air demon-
strate that this seal does not allow any measurable leakage.

In the experiments, the supply pressure is kept constant at a
low value of 35 kPa (5 psig) above ambient pressure. The
lubricant flows from a closed reservoir, through the SFD test
section and into a fully flooded plenum. A small secondary
pump removes the oil from the discharge plenum kept at ambi-
ent pressure. The flow rate across the damper varied between
0.10 to 0.25 It/min as temperature in the squeeze film damper
increased. The lubrication circulation system and test rig con-
figuration do not allow for air entrainment into the squeeze film
lands.

The journal motion is constrained mechanically to a centered
circular orbit with an eccentric sleeve of radius (¢) equal to
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Fig. 2 TRC low clearance squeeze film damper test rig

0.19 mm (0.0075 in). The nominal dimensionless orbit radius
(e = el/c) is then equal to 0.50. Figure 3 shows a schematic
view of the damper configuration tested, denoting the relevant
dimensions and location of instrumentation sensors. The journal
orbital motion is measured by means of two orthogonally posi-
tioned displacement sensors (PP) at Z,. Five piezoelectric pres-
sure transducers (PT) are used to measure the dynamic pressure
generated in the fluid film. Four transducers are located 90 deg
apart at axial location Z, (16.7 mm from the left end). These
transducers are used to verify the synchronicity of the dynamic
pressure signal for circular centered orbits. The remaining pres-
sure transducer is located at Z; (5.6 mm from the left end). An
additional strain-gage pressure transducer is instatled at location
Z>, and 60 deg from the top. This last transducer measures
absolute pressure and serves as a reference to verify the actual
magnitude of measured pressures at the other (Z,) locations.
For a rotationally symmetric damper and circular centered
orbits, the time variations in circumferential pressure measured

PP: displacement ssnsor
Zo PT: pressure transducsr
23 TC: thermocouple

22 PP| o

outiet

180

Angular location of
pressure transducers

S\
shaft

dimensions

Z1x 6.6 mm (0.22 In)
222 18.7 mm (0.66 in)
23x 37.1 mm (1.46 in)

L»30.73 mm (1.21 In)
D=120 mm (5.08 In}
C=0.381 mm (0.015 In)

L/D=0.238
R/C=169

Fig. 3 Schematic axial view of damper test section and location of in-
strumentation
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at any location on the damper annulus are identical for any one
cycle of journal orbiting. In the experimental procedure a long
and tedious process of calibration insures the orbit to be cen-
tered; and it is verified that pressure signals measured at four
circumferential locations 90 deg apart are identical but for a
phase shift corresponding to the relative position of the sensors
on the circumference of the damper. Fluid film forces are esti-
mated by integration of the pressure field acting on the journal
surface. For circular centered orbits well-known kinematic rela-
tionships allow the evaluation of film forces from measured
dynamic pressures at a fixed circumferential location (8'). The
numerical integration is performed on the circumferential direc-
tion, and the axial variation is approximated with a simple
arithmetic average from the forces obtained at the two axial
locations of measurement. The formula used to evaluate the
forces numerically is:

Fr 3 27 [ COSH 3 W 2
=L T (g )= 22

i 0

* where T, corresponds to the period of motion at whirl frequency
w, and n denotes the number of full cycles of data taken at each
test condition, typically four to six. Each test measures the
journal motion and pressure fields with at least 70 data points
per orbital motion. The error introduced by the numerical inte-
gration of the pressure signals is about 13.8 percent since mea-
surements are taken only at two axial locations along the
damper. The numerical uncertainty is thus larger than the uncer-
tainty of the pressure transducers and displacement probes,
which are 2 and 1 percent of the full scale, respectively.

Experimental Results and Discussion

Measurements of the pressure field and estimation of the fluid
film forces at fixed whirl frequencies (20, 33, 50, 67, 83 Hz)
while the inlet oil temperature increased from 30°C (87°F) to
38°C (100°F) were performed first. Then, tests with decreasing
whirl frequencies from 83 Hz to 20 Hz at a constant inlet fluid
temperature were subsequently made. For these last tests, the
calculated squeeze film Reynolds number (Re;) based on the
experimental parameters (fluid viscosity, clearance, and whirl
frequency) are rather small and varied from 0.2 to 0.80. It was
then anticipated that the effect of fluid inertia on the damper
pressure field and force response would be negligible.

The lubricant used in the experiments is SAE 10 engine oil.
Qil viscosity and density values at different temperatures and
at ambient pressure are measured prior to the SFD tests. The
fluid viscosity used for presentation of the SFD experimental
measurements corresponds to that determined from the average
of temperatures measured at the damper inlet and discharge
ports and at one location within the squeeze film lands (Z,).
Preliminary dynamic tests without lubricant on the damper film
lands confirmed that the journal orbit was circular of radius
equal to 0.19 mm (e = 0.50). However, in all subsequent exper-
iments with oil, the measured journal orbit size decreased pro-
portionately with both whirl frequency and oil viscosity as
shown in Fig. 4. The orbit radii noted on the figure key corre-
spond to average values at the rated test frequency. The mea-
sured orbit radius decreases due to the large SFD forces gener-
ated and acting to center the rotor by producing a deflection in
the elastic shaft.

Figures 5 present the measured pressure profiles at axial loca-
tions Z; and Z, versus time for increasing values of the whirl
frequency. Note that for each test frequency the actual orbit
radius (e¢) and fluid temperature (and viscosity) are different
while the level of absolute supply pressure corresponds to 138
kPa (20 psia). Figure 5(b) also depicts the qualitative variation
of the film thickness at the location of measurement. For test
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f“'"Pi(e' - wt)<°°S (6" = w”)dtilRAzi (3)

times (w* t) = m, the gap is increasing and the film pressures

“drop, while for times (w-t) = «, the film gap is decreasing

(positive squeeze action) and generating squeeze film pressures
well above the supply values. All the pressure signals at Z,
(closest to inlet port and O-ring seal) show a region of uniform
pressure close to zero absolute pressure with the cavitation zone
extending as the whirl speed increases. The pressures at Z,,
closest to the damper open end, show subambient pressures but
none below zero absolute. The measurements indicate that the
dynamic cavitation observed is of the vapor type and demon-
strate the lubricant used is not able to sustain tension.

Figure 6 shows the radial and tangential fluid film forces
estimated from the measured pressures as the whirl frequency
decreases in a fast coast down from 5000 to 1000 rpm of shaft
speed. The theoretical predictions shown in the figure are com-
puted with the formulae given in Eqs. (1) and (2) for the =

sin (8" — wt)

film model and use as input the measured values of orbit radii
(¢), whirl frequency (w), and fluid viscosity estimated at the
damper average temperature. The test results show the forces
to be proportional to the whirl frequency and with a large data
scatter at the highest frequencies due to the unsteady nature of
the dynamic cavitation zone. The theoretical damping (tangen-
tial ) force is well below the test values, since the circumferential
extent of the cavitation zone is less than 7 radians at low fre-
quencies. On the other hand, predictions for the radial force
agree better with the measurements, especially in the mid-
frequency range (200 to 400 rad/s).

Figure 7 shows the damping coefficients (C,, C,,) versus the
whirl frequency estimated from the pressure measurements and
the corresponding theoretical predictions for the 7 film model.
The experimental damping values are the direct ratio between
the forces shown in Fig. 6 and the journal center tangential
velocity (V,). Please note that at each whirl frequency, the test
orbit radii and viscosity do vary, and henceforth, the theoretical
damping values depicted are not constant. The direct damping
coefficient C, approaches the analytical value at the largest
frequency while it is 1.8 times the theoretical value at 100 rad/
s. The discrepancy is fundamentally due to the extent of the
cavitation zone, which increases as the whirl speed increases.
Note also that the direct damping coefficient for uncavitated
conditions is twice the value of the 7 film coefficient, and thus,
the test data is bracketed between the two theoretical models.
The test cross~coupled damping coefficient (C,,) is smaller than

0.5 T T T T T T T
SFD open end, SAE10 oil, C=381um
045 | 4
04t 1
035 B
03 104 rad’s, e/c=0.43 ¢ ~ E
[ e ot © T
314 rad/s, e/c=0.37 o
418 rad/s, 8/c=0.35 x
0.25 523 rad/s, e/c=0.34 & 1
0.2 ) L L ) . ) )
0.04 0.05 0.06 0.07 0.08 0.09 0.1 0.1 0.12

Lubricant Viscosity [Pa-s]

Fig. 4 Journal orbit radii versus mean lubricant viscosity: experimental
results at various whirl frequencies
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the 7 film theoretical value at the lowest frequencies and ap-
proaches the analytical value at the largest test frequencies.

Figures 8 and 9 show the direct and cross-coupled damping
coefficients for test conditions in which the whirl speed is kept
constant and the inlet fluid temperature steadily increases due-
to viscous heating at the feeding pump and the damper itself.
The solid lines in the figures correspond to theoretical predic-
tions for the « film model and based on the measured values
of frequency and fluid viscosity calculated at the average tem-
perature. The orbit radius used for the calculations is equal to
€ = 0.37. The test direct damping coefficients (C,) are directly
proportional to fluid viscosity and agree well with the 7 film
model values for the largest test frequencies (418 and 523 rad/
8). At the lowest frequency (104 rad/s) the damping coefficient
C, is virtually identical to theoretical values for the full film
model, while at intermediate frequencies (209 and 314 rad/s),
the experimental coefficient is in between the two theoretical
models.

The test cross-coupled damping coefficients (C,,) shown in
Fig. 9 are also proportional to fluid viscosity and lower than
the 7 film model predictions except at large fluid viscosities.
Note that for the full film model, the coefficient C,, is identically
equal to zero. The measurements then show that the cross-
damping coefficient, customarily also conceived as a frequency
dependent stiffness and largely responsible for the nonlinear
characteristics associated to SFDs, is not as large as the theoreti-
cal predictions and depends greatly on the extent of the cavita-
tion zone.

The experimental damping force coefficients (C,, C,) are
situated in a well-defined region bounded by the analytical pre-
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Fig. 9 Open end SFD cross damping coefficient C,, versus lubricant
viscosity: measurements and predictions from shorth-length film model
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dictions for the 7 film and the full film short-length SFD models.
The correlation is reasonably good mainly due to the fully sub-
merged character of the damper test rig (no air entrainment
possible), and the minimal effect of fluid inertia forces. The
squeeze film Reynolds number, Re, = pwc?/p, ranged from
0.1125 at the lowest whirl frequency and largest lubricant vis-
cosity, to 1.35 at the highest frequency (520 rad/s) and lowest
viscosity (0.05 Pa).

Conclusions

Measurements of pressure fields and fluid film forces in a
fully submerged open-end squeeze film damper are presented
for tests with whirl frequencies to 524 rad/s and low supply
pressures. The experiments demonstrate the radial and tangen-
tial fluid film forces to be directly proportional to whirl fre-
quency and lubricant viscosity. The test results are compared
to predictions based on the short-length squeeze film damper
with the simple 7 film cavitation model. The test direct damping
coefficients (C,) increase with fluid viscosity and decrease as
the whirl frequency increases. C, coefficients correlate well with
7 film model predictions at the largest test frequency (523 rad/
s), while at low frequencies (104 rad/s), C, values agree better
with a full film model. The experimental cross-coupled damping
coefficients (C,;) are lower than analytical predictions, espe-
cially at low fluid viscosities and test whirl frequencies. The
experiments also show vapor cavitation at zero absolute pres-
sure with no signs of negative pressures (fluid in tension) as
the whirl frequency increases. The experiments demonstrate the
viscous character of the fluid film forces in a SFD test apparatus
where fluid inertia effects are minimal. On the other hand, the
extent of the lubricant cavitation zone has a great influence on
the squeeze film forces.
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The paper describes a synchronous vibration instability problem encountered on a
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centrifugal compressor with oil-lubricated bearings. The problem was solved by
modification of the compressor rotor; however, the root cause was not completely
understood at that time. A possible explanation was based on a theory that suggested
differential heating of the bearing journals. It was decided to verify this theory

by experiments. Therefore a test rotor was designed with identical rotor dynamic
characteristics to those of the compressor rotor. To fill a gap in the published research
on bearing thermohydrodynamics, an experimental technique was devised to measure
the surface temperature variations around one of the journals of this rotor. The
dependence of significant temperature differentials across the journal upon its orbit

was confirmed.

Introduction

Turbomachinery for offshore applications is extensively
tested before it is shipped to the site. Compressor testing for
these applications usually involves aerodynamic performance
measurements according to the ASME/PTC-10 code {1] and
API-617 mechanical running tests [2]. The subject of this paper
is a vibration problem encountered during the mechanical run-
ning test on a LP/IP centrifugal compressor, for an offshore
gas-lift application. The rotor of this drive-through compressor
weighs around 450 kg and is supported by two oil-lubricated
tilting pad bearings, each bearing having five pads arranged
in a load-on-pad configuration. A longitudinal section of the
compressor is shown in Fig. 1. During testing in the manufactur-
er’s workshop, the rated speed could not be attained due to high
rotor vibration.

Problem Description

After the aerodynamic performance test at reduced speed
according PTC-10/Class III, the compressor was subjected to
a no-load API mechanical running test. The machine was run
as a stand-alone unit driven by a shop motor and gear. When
the compressor was run up in speed it was impossible to achieve
the rated maximum continuous speed of 11,947 rpm, because
of high synchronous vibration levels of the rotor, although the
casing vibration levels remained low. Figure 2 gives an example
of the variation of vibration level and phase as a function of
running speed, measured adjacent to the non-drive end (NDE)
bearing. At speeds below 9000 rpm the shaft vibration level was
low. From 9000 rpm the rotor speed was gradually increased in
steps of 500 rpm up to 11,000 rpm. At this speed neither the
vibration level nor the phase stabilized, but fluctuated over a
certain range. A further speed increase to 11,400 rpm resulted
in continuously fast growing shaft vibrations; at a level of
around 50 percent of the bearing clearance the run was inter-
rupted by reducing the speed to 10,000 rpm. After a dwell of
about three minutes at this speed the vibrations returned to

Contributed by the International Gas Turbine Institute and presented at the 39th
International Gas Turbine and Aeroengine Congress and Exposition, The Hague,
The Netherlands, June 13—16, 1994. Manuscript received by the International
Gas Turbine Institute February 4, 1994. Paper No. 94-GT-35. Associate Technical
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their original run-up values. Additional vibration measurements
showed that the high vibration levels were associated with a
second bending mode, i.e., a mode with three nodes, two of
which were located near the bearings.

The complete rotor was rebalanced in the manufacturer’s
high-speed balancing facility. Although it proved to be very
sensitive to small unbalances, it was found possible to run up
to 13,142 rpm (10 percent overspeed) without any problems.
On refitting in the compressor, however, the original unstable
behavior was reproduced exactly. The rotor of a duplicate ma-
chine was then built into the compressor with identical results.
Moreover, the instability persisted when, in a further run, the
mechanical oil seals were removed. Also, testing showed that
by reducing the NDE overhang weight, the speed at which
instability occurred was increased. By removing the half cou-
pling spacer weight as well as the coupling hub (total 13.7
kg), it was possible to achieve 10 percent overspeed. Further
experimentation resulted in a final overhang weight reduction
of 12.5 kg at the DE and 8.1 kg at the NDE, obtained mainly
by a lighter coupling hub and by a change of coupling spacer
material from steel to titanium. With this configuration a suc-
cessful API rotor sensitivity test was carried out. Since addi-
tional investigation and testing on the compressor were not
possible due to practical delivery time constraints, the compres-
sor unit was shipped. No further vibration problems have re-
curred since commissioning at site.

It was decided that a full explanation of the unstable synchro-
nous vibrations was required for two reasons: first, to establish
the margin of safety of the machine in service, and second, to
enable design rules to be formulated so that this particular prob-
lem could be avoided in the future.

Diagnosis/Theory

Whenever unstable vibrations occurred, they could be sup-
pressed by reducing the rotor speed to 10,000 rpm. ‘‘Hystere-
sis’’ occurred, in that after reducing the speed, it took some
time before the original status was restored. This ruled out
the simplest explanation, namely that the machine was merely
running too near to a low damped critical speed. Rotor response |
calculations showed a critical speed at 14,500 rpm (second
bending mode), which according to the API [2] was far enough
separated from the operating speed. In any case, the fact that
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Fig. 1 Longitudinal section of LP/IP centrifugal compressor
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Fig. 2 Fundamental component (1X) of relative shaft vibration, mea-
sured at the N.D.E. bearing (LP/IP compressor)

the vibration level was increasing at constant speed suggested
instability rather than response to unbalance. The time constants
of both the growth and decay of vibrations were those normally
associated with a thermal phenomenon. The indications were
similar in fact to those of a seal rub in which the thermal
“Newkirk effect’’ causes synchronous vibrations to increase,
until the rotor is damaged or the rub clears due to seal abrasion
[3, 4]. However, the fact that the rotor also exhibited instability
with the mechanical seals and labyrinths removed precluded
this rubbing possibility.

Fig. 3 Differential heating at bearing journal for synchronous forward
rotor whir!

The Newkirk effect results from the contact of a stationary
element with the rotor, producing a hot spot on the rotor, which
in time develops a thermal bend. Any journal orbiting in a
bearing can also produce a temperature difference across a di-
ameter due to differential shearing in the oil-film. This causes
the rotor to bend. It has been shown that this thermal bend, if
powerful enough, in conjunction with dynamic amplification
due to running in the vicinity of a critical speed, can under
certain circumstances generate unstable vibrations [5-7].

Explanation of Mechanism

Since no rotor is perfectly balanced, every journal will always
execute some orbit within the bearing. The orbit will in general
be an ellipse whose center is eccentric to the geometric center
of the bearing. In a linear system the elliptical orbit can be
decomposed into a forward and a backward circular orbit, thus:

x=Xcos (U + a)= % {efttre) 4 ity (1)
iy = i¥ sin (4 + 8) = 12’- M M I ¢))
whence:
X iy = (Xe“’ ~2k Ye‘”) o 4 (Xe“"’ ; Ye""’) e (3)

Considering first the forward orbit, it can be seen from Fig. 3
that in the case of synchronous vibration, one point on the
journal will always be nearest to the bearing wall and the point
opposite, farthest from it. A study of the thermohydrodynamics
of the bearing is a complex matter, but it can be stated that the
heat input to the journal comprises a circumferentially constant
value and a sinusoidal term distributed around the rotor.
Apart from oil-film convection, there will be conduction
along the rotor from the mean heat input and across the journal

Nomenclature
G = gain factor ¢ = time
I = influence coefficient x, y = displacement
M, = concentrated overhang mass z = distance

T = thermal gain - a = phase angle

i

6 = change in slope at bearing location

¢ = angle between unbalance vector and
rotor displacement vector

) = rotational speed

bearing clearance

imaginary unit

= overhang length
= mass

g = orbit vector

i

I -0
|

phase angle

v = shaft slope compressor rotor

{ = angle between the hot spot and
the point of thinnest oil film on
the journal

n = shaft slope test rotor
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Subscripts
B = bearing position
i = input
O = overhang position
o0 = output
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from the differential input. The latter produces a temperature
differential locally across the journal, which results in a bend.
Similar arguments apply to the backward whirl case when the
journal is eccentric, although the heat input will always be
smaller. Since linearity is assumed, the forward and backward
. whirl effects can be superimposed.

For the purpose of illustration, further argument will be re-
stricted to the forward circular whirl case. Referring to Fig. 4,
the thermal distortion of the rotor when stationary is shown to
affect only the overhangs. Imagine for simplicity that the over-
hang mass is concentrated at the ends and the thermal bend ¢
localized at the bearings. Also consider § arising thermally from
an orbit at the bearing, denoted by vector ¢, then:

8 =T(t, Qg )
where 6 defines both magnitude and direction relative to rotor
axes. T is a complex number varying with time and speed.
Consider now a small bend 4, imposed on this rotor at the
bearing location. This results in an unbalance at the overhang
of M.18,. According to the influence coefficient balancing the-
ory [8], the orbit produced at the bearing will be:

q =M.l (5)

where I5 is the influence coefficient between the overhang and
bearing locations. Applying g to the bearing, then from Eq. (4)
the value of @ resulting from thermal action will be:

6, = TM 16,1, (6)
According to the control theory [9] the simple control loop of
Fig. 5 is obtained, where the open loop gain is given by:

G = 00/9,' = ML-IIOBT (7)
Iop can be expressed as a complex number implicitly dependent
on speed, mode shape, system damping, and proximity to a
critical speed. A high value indicates a sensitive dynamic sys-
tem. T, which is time dependent due to its thermal nature, can
also be expressed as a complex number in the steady-state open-
loop case, i.e., after a time elapse associated with the thermal
inertia of the journal. The full theory for the time-dependent
solutions is quite complex [9] but a great deal of information
about stability can be found from the simple steady-state repre-
sentation.,

Given information either from theory or test, the values of
Iop and T can be obtained at any given running speed and G
can be evaluated. In most practical systems there will be at least
one running speed at which G becomes a real number. If this
number is greater than unity, the system is unstable at that
speed. If G has a negative real part, then clearly the criterion
for instability is not satisfied. T will be largely negative since
the orbit vector ¢ will produce a bend whose direction results
in an unbalance vector on the overhang roughly antiphase to g.
The sign of the real part of G is thus strongly influenced by the
sign of the real part of Io;. When the latter value becomes
positive, the system must be stable.

818 / Vol. 118, OCTOBER 1996

Experimental Verification

To verify the foregoing theory, it was decided to build a
special test rotor, equipped with temperature sensors in one of
the bearing journals in order to measure a possible temperature
difference across the journal.

Design of Test Rotor. The test rotor was required to run
on rotor supports, provided by an existing R&D test compressor,
which would accommodate a test rotor with a bearing span of
only 1041 mm instead of the original span of 1700 mm. The
drive system, that is the electric motor, step-up gear and the
necessary oil system, was also available. The problem then
was to design a shorter test rotor with dynamic characteristics
identical in all respects to the full-size machine rotor and using
the same bearings.

The initial modeling proces is described in detail in the appen-
dix, but basically the diameter of the rotor was reduced to
counter the stiffening arising from shortening all rotor elements.
The impellers and other additional rotor weights were simulated
by simple disks. In order to maintain the same mass matrix,
these disks were increased and additional disks were added.
Bearings of size identical to the originals were retained. Al-
though this process gave a dynamically identical system, the
shortened overhang gave an incorrect response to the thermal
bending. The overhang length of the model rotor was therefore
increased and the change in dynamics was compensated for by
increasing the overall stiffness of the rotor, while retaining the
same mass distribution. In this way, a model for the test rotor
that gave the correct influence coefficients between journal bend
and journal response over the appropriate speed range was ob-
tained. Figure 6 shows the design of the test rotor and the
original compressor rotor and Fig. 7 gives a comparison of the
critical speeds of both rotors. Figure 8 gives the most relevant
comparison concerning the rotor response at the NDE journal
for a 100 grmm unbalance at the NDE overhang. To be strictly
accurate the correct response value would be that which arises
from distributed unbalance of m - z, where m(z) is the incremen-
tal mass on the overhang at a distance z from the bearing. The
error in concentrating the overhang mass at the coupling posi-
tion is not great, however.

Journal Temperature Measurement. For verification of
the theory, measurement of journal differential temperature was
essential. Since the mass overhang moment at the NDE was
greater than at the DE and because of the better accessibility,
it was decided to measure at the NDE journal only. To develop
the measuring system, preliminary experiments were conducted
on a simple shaft running in the balancing facility. From these
experiments small Pt-100 resistance temperature detectors
(RTDs) were selected for the test rotor. Assuming that ac-
cording to the theory the temperature distribution around the
journal varied sinusoidally, a minimum of four sensors was
required to establish the direction and magnitude of any differ-
ential temperature in the journal (Fig. 9). It was important to
make as little change as possible to the heat conduction paths
in the journal, so that the number and size of the sensors, as
well as the guide holes for the wiring, had to be kept to a
minimum. The temperature sensors were first glued into a small
insert and then the assembly was mounted both with glue and

Fig. 5 Scheme of instability phenomenon
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Fig. 6 Comparison of LP/IP compressor rotor and test rotor

a light interference fit into the journal, the latter to ensure a
good thermal contact between sensor and journal. The sensing
tip of each temperature sensor was located 1.3 mm below the
journal surface. All sensors were electrically insulated from the
shaft. To transfer the electrical signals from the rotating shaft
to stationary measuring equipment, a special slipringless trans-
mitter has been used. This instrument was mechanically con-
nected to the shaft at the NDE with a flexible coupling. The
temperature sensors were electrically wired to the transmitter
to establish both absolute and differential temperature of the
journal.

Test Setup.  After the complete test rotor had been balanced
at operating speed, it was built into the R&D test compressor
(Fig. 10). A simple oil-lubricated axial bearing was fitted to
keep the rotor in position. Since the rotor would run under
atmospheric conditions, air was purged through the suction noz-
zle of the compressor to remove heat generated by the disk
friction of the rotor. To prevent any drain oil from the bearings
entering the compressor casing, labyrinth seals with an air purge
were installed. The rotor was driven through a test stand plane-
tary gear by a speed-controlled electric motor.

Speed 20000

[rpm] Compressor rotor
16000 - — ~——  Testrotor
12000+
80004
40004

L R R S R R 80
Stiffness [N/um}

Fig. 7 Undamped critical speed map of compressor rotor and test rotor

Journal of Engineering for Gas Turbines and Power

Instrumentation. Radial shaft vibration relative to the cas-
ing was measured with noncontacting eddy-current displace-
ment probes placed at six different locations along the test rotor,
each location containing two probes spaced 90 deg apart. To
correlate the journal differential temperature with the orbit size
in the bearing, three additional vibration probes of the same
type were mounted at the center of the NDE bearing between
the pads and as a result had to be spaced 72 deg. Due to the
nonorthogonality, corrections were made to obtain the correct
orbit representation at this location.

Piezo-electric accelerometers were attached to the bearing
pedestals both in horizontal and vertical directions to measure
absolute casing vibration. A once-per-turn pulse signal was gen-
erated for phase reference and rotor speed indication. Vibration
signals could be connected to oscilloscopes for time and orbit

Phase angle 360

180 e —
— /
0 P
Displacement 5
x/c[%] Compressor rotor
— — ~ Testrotor A

a
\
I

16000

2 /
1 /’/
/

0 4000 8000 12000
Rotor speed [rpm]

20000

Fig.8 Rotor response computed at the center of the N.D.E. bearing due
to 100 grmm unbalance at the N.D.E. overhang
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Fig.9 Cross section of bearing journal with sinusoidal temperature dis-
tribution. Direction and magnitude of maximum temperature difference
derived from four sensors.

presentation and to a two-channel FFT analyzer for frequency
spectra of the individual time signals. All vibration signals were
connected to an automated data acquisition system for the reduc-
tion of dynamic vibration data.

The most heavily loaded pads of the bearings were provided
with temperature sensors. Thermocouples were used to measure
the oil supply and drain temperatures. An orifice flow measuring
device was inserted in the oil supply piping to the journal bear-
ings.

Bearing journal differential temperatures were measured with
a two-channel carrier amplifier, each channel being connected
to two RTDs, which were spaced 180 deg, in a half-bridge
configuration.

The vibration signals and the two journal differential temper-
atures were recorded on a digital tape recorder for later analysis.
All other parameters were measured with an automatic data
acquisition system and recorded on disk. A control monitor was

Fig. 10 Test rotor in R&D test compressor
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Fig. 11 Fundamental component (1X) of relative shaft vibration, mea-
sured at the N.D.E. bearing (test rotor)

capable of generating machine alarms and trips when relative
shaft vibrations or bearing pad temperatures exceeded prede-
fined set-points.

Results

Under specified bearing operating conditions, the test rotor
was gradually increased in speed up to 10,500 rpm (Fig. 11).
At this speed the vibration level was around 8 percent of the
bearing clearance with an observed temperature difference
across the bearing journal of about 3°C (Fig. 12(a)), but the
rotor-bearing system was completely stable. When the rotor
was accelerated up to 11,500 rpm, the system became unstable.
Vibration was increasing at constant speed with a growth rate
of about 15 percent of the bearing clearance per minute. A
phase decrease was also observed. The vibration vector was
spiraling in the same direction as the running speed. The differ-
ential temperatures measured at the NDE journal were continu-
ously growing. When the vibration level reached about 30 per-
cent of the bearing clearance, the rotor speed was reduced to
10,500 rpm and held constant. After around two minutes, the
initial conditions with respect to vibration amplitude, phase,
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Fig. 12 Measured temperature difference at N.D.E. bearing journal: {a)
unbalance weight at the N.D.E. overhang; (b) unbalance weight rotated
over 180 deg
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Fig. 13 Direction and magnitude of maximum temperature difference
versus rotor speed: (a) unbalance weight at the N.D.E. overhang; (b)
unbalance weight rotated over 180 deg

and journal differential temperature were reached again. In an
attempt to establish the instability boundary more precisely, the
rotor was run at 11,200 rpm. At this speed the vibration level
and phase fluctuated over a range. The rotor mode shape
throughout this exercise was that of the second bending mode,
with large overhang deflections.

The magnitude and direction of the maximum journal differ-
ential temperature (hot spot) are shown in Fig. 13(a), and have
been derived from the two measured differential temperatures
(Fig. 12(a)).

The above-mentioned rotor behavior was obtained on a bal-
anced test rotor to which a small unbalance weight was attached
at the NDE overhang. This was done to force a defined point
on the NDE journal circumference to be at the outside of the
orbit, being the point of the thinnest oil film and so influencing
the location of the hot spot. Similar results, however, were
obtained without an additional unbalance weight, where the
location of the hot spot was determined by the position of the
residual unbalance of the rotor. Rotating the attached unbalance
weight over an angle of 180 deg resulted in a change of the
location of the hot spot of about the same angle (Figs. 12(d)
and 13(b)). At 11,500 rpm the experiments showed a signifi-
cant journal differential temperature proportional to the size of
the orbit.

The journal orbit was very nearly circular and the vibration
measurements showed that the journal was moving predomi-
nantly in forward whirl. The point on the journal circumference
exhibiting the thinnest oil film therefore coincided with the high
spot of the journal, measured with vibration probes at the center
of the bearing. It was found that a phase lag existed between
the point of the thinnest oil film and the hot spot on the journal
circumference. At a speed of 10,500 rpm the hot spot is lagging
the point of the thinnest oil film by an angle { of about 20 deg.

By quickly raising the rotor speed, it was found possible to
run through the unstable range and reach stability at 13,600
rpm. It was thus established that the band of instability lay
within the range 10,500 rpm to 13,600 rpm. The precise location
of instability boundaries was clearly an impossible task because
by definition the vibration growth at these speeds is around
zero. Also slight variations in system parameters resulted in
fluctuations in the vibration level. Somewhere in this range the
rate of unstable vibration growth was at a maximum and roughly
at this same region the spiraling of the journal vibration vector
changed from the same direction as the rotation to the opposite
direction. For reasons of safety it was judged inadvisable to
dwell too long in this region, so that the exact speed of change-
over in spiraling was not established.
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Fig. 14 Rotor response (1X) due to unbalance weight at midspan (pass-
ing first critical speed)

Differential heating could also be generated by the oil seal
retaining rings, which were situated on both sides of each bear-
ing. These rings slide in grooves and should float radially to
follow the rotor displacement. In the event of these rings stick-
ing, differential journal temperatures could be generated. A test
was repeated without the rings and similar results were obtained.
It was concluded that the seals were functioning properly and
were not contributing to the instability problem.

An additional test was carried out to observe the journal
temperature behavior at lower rotor speeds. A distinct orbit
could be generated at the bearing location when passing the
first critical speed (4250 rpm). An excitation unbalance weight
was attached at midspan of the test rotor, being the antinode of
the first mode shape. A Bode plot of the run-up is shown in
Fig. 14 and the measured differential temperatures are given in
Fig. 15. The rotor was accelerated in speed slowly with a rate
of around 150 rpm/min. When passing the critical speed, the
location of the hot spot was changing continuously in one direc-
tion as a function of the phase shift between the unbalance
vector and the rotor displacement vector (Fig. 16). Although
additional unbalance was created due to the thermal effect, the
rotor system was completely stable since in this case the open-
loop gain G is smaller than unity. The measured journal differ-
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Fig. 15 Measured temperature difference at N.D.E. bearing journal
{passing first critical speed)
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ential temperature at a speed of 4000 rpm was about one third
of that observed at 11,500 rpm. At this speed the hot spot was
lagging the point of the thinnest oil film by an angle { of about
15 deg.

Finally, it was decided to investigate the effect on the onset
of instability, of changing the overhang mass. With regard to
the difficulties mentioned earlier regarding the precise location
of instability boundaries, it appeared that the range was shifted
upward by around 700 and 1800 rpm by reductions in the NDE
coupling mass of 2 kg and 5 kg, respectively. Increases of 2
kg and 5 kg reduced the range by 800 rpm and 1300 rpm,
respectively.

Discussion

At the outset, it is necessary to establish whether the test
rotor correctly represented the original compressor rotor in all
essential aspects. Although the test rotor was not physically
identical, computed comparisons with the original machine of
essential dynamic characteristics were remarkably close in the
following respects:

¢ The critical speeds, particularly the most relevant second
bending mode, were close over a wide support stiffness
range.

e The response of the test rotor at the NDE journal to unbal-
ance at the NDE overhang was very similar to that of the
original compressor rotor.

Furthermore, the bearings, usually the most indeterminate com-
ponents in any rotating system, were identical in terms of geom-
etry, loading, and operating conditions.

It could be argued that the diagnosis put forward earlier in
this paper would be correct, provided the same pattern of syn-
chronous instability as in the production machine was repro-
duced during the test rotor experiments. In this respect the
agreement was good. Although it was impossible to establish
exactly the onset speed of instability, both systems were in
a transitional stage at around 11,000 rpm. Also both systems
exhibited very similar hysteresis effect at this boundary.

A reduction in coupling masses both at DE and NDE loca-
tions had been shown to eliminate instability within the running
range on the production compressor. The experiments on the
test rotor involved changing the coupling mass at the NDE only.
It was clearly confirmed that such changes had a powerful effect
on the onset of instability. A reduction of 5 kg in the test
rotor coupling mass (around 60 percent of the reduction in the
production machine), raised the onset speed to 13,000 rpm,
which is roughly the 10 percent overspeed level in service. A
similar increase in coupling mass reduced the onset speed to
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9900 rpm. Figure 5 shows that the overhang moment directly
influences the open-loop gain G. Reductions in this moment
reduce G with a consequential increase in stability, provided G
is positive and has only a small imaginary part.

The test rotor exhibited a feature that did not occur during
the production machine tests, merely because in the latter case
the maximum speed was limited. The test rotor exhibited an
upper limit above which stability was restored. The reason for
this limit has been discussed in the theory; a sufficient but not
exclusive condition for stability is that the real part of 1,5 be-
comes positive, i.e., that the /,; vector has a phase angle that
increases through 270 deg with increasing speed. Figure 8
shows that such a condition exists at around 14,500 rpm, thus
confirming the existence of an upper stability boundary. The
exact speed at which this boundary occurs cannot be predicted
from Fig. 8, but it must be less than 14,500 rpm. There is every
reason to believe that the original compressor rotor too would
have restabilized, if it had been possible to run at a high enough
speed.

Conclusion

A vibration problem that could not directly be explained
was encountered on a centrifugal compressor. A test rotor with
dynamic characteristics identical to those of the compressor
rotor has been built to verify a theory that could possibly explain
the phenomenon. The experimental results obtained confirmed
that differential heating of the bearing journals was the root
cause of the unstable vibration behaviour. Even for a small orbit
a significant temperature difference across the bearing journal
was measured.

In particular, bearing thermal characteristics play an im-
portant role in thermal bending and a comprehensive program
of theoretical and experimental research is being carried out in
this field. The objective is to arrive at a bearing design, in which
journal differential heating is minimized, while still retaining
acceptable operating and dynamic characteristics.
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APPENDIX
Modeling Technique for Test Rotor

This appendix deals with a mathematical justification of the
modeling technique for a reduced rotor length.

Any shaft can be modeled from a series of elements of diame-
ter D,, length L,, and mass M,. The bearing system can be

Transactions of the ASME

Downloaded 02 Jun 2010 to 171.66.16.104. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm



i

( . i ] D
()' element

Le,

modeled as one set of notational stiffness and damping coeffi-
cients per bearing. Any ‘real’’ bearing needs four stiffness and
four damping coefficients, and in the general case the shaft has
to have degrees of freedom in both X and Y stationary axes.

The modeling technique can, however, be demonstrated more
simply, but equally rigorously, by considering only vibrations
in a single plane, with one stiffness and one damping coefficient
per bearing. The homogeneous equations of motion for the sys-
tem are expressed by the following matrix equation:

] L

El V EI
e +K .=
o TR ["J =0 (8)
BoE| Ly
L> | L
where:
M is a diagonal submatrix with typical elements of mass
M + prLD*/4
k is the radius of gyration of each mass element
C is a submatrix with two diagonal elements of bearing
damping coefficients
K comprises two diagonal elements of bearing stiffness
coefficients
E is the modulus of elasticity
1 is the moment of inertia
EI/L* s the following submatrix:
12El, —12El
L3 L3
—12EI 12El,  12EI, —12EL,
L} L} L3 L3
—12EI, 12EI, 12EL
L3 L3 L3
L etc. |
9
EI'L? is the following submatrix:
6El 6EI
L} L}
6El, (6EI + 6FL 6EI
L3 Ly L} L3
6El 6El N 6L,
L} L L3
L etc. |
(10)
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EI/L s the following submatrix:

4EI 2E1,
L, L,
2El, (4EI, N 4ElL 2EL
L[ Ll L2 L2
2ElL <4EI2 N 4E13>
L, L, Ly
L etc. |

(11)

We will now reduce the length of each rotor element by n (<1)
and I by n*. We will also reduce the radius of gyration k by n'/?,

Consider the original shorthand form of the dynamic Eq. (8)
for the full-scale rotor-bearing system. Now write a new set of

equations for the model thus:

it 56

B EC
L!B :LVZ x
+ | ------- - |--1 =0 (12)
EI' EI'|L7
LIZ Lr
Substitute:
n=vyin
kr:n1/2k
L' = nL
I'=n*l or D' =n**D
The new equation now becomes:
M £ c ol «
Mo LA + T
:nkzM ;).’ I ’i‘
El . EI
IR
; X
+ |- Te-- [—--]:0 (13)
Ein En| Ly
L* L

If we divide the lower equations throughout by # then the origi-
nal form of Eq. (8) is obtained. This proves that the model is
valid. However, it is inevitable that all shaft slopes will be
increased by a factor 1/n because of the shortening of the rotor.
This is not consequential.

In summary the diameter of shaft sections has to be reduced
by the factor n*’* and the length by n. In order to achieve the
same mass, the existing disk masses have to be increased to
allow for the reduced shaft sections. Where there are no existing
disks, these have to be added by shrinking onto the shaft. The
shrink length of the added mass disks has to be kept small to
avoid appreciable shaft stiffening. The diameter of the disks
has to be adjusted to retain the same mass moment of inertia.
It is necessary to maintain the geometry of the bearing journals.

This model neglects the effect of shear deflection in the scal-
ing process, in the interests of geometric simplicity. To obtain
the correct shear stiffness with a simple cylindrical element
requires a diametral reduction of n'/?, which is inconsistent
with the scaling strategy adopted for bending. This is not an
important consideration in a slender rotor.
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DISCUSSION

R. Holmes'

" The authors describe a very interesting rotor dynamic phe-
nomenon. The results cast a new light on certain aspects of the
design of high-speed rotating machines. I would be grateful for
the author’s comments on the following two questions:

1 Under ‘‘Results’’ it is mentioned that a significant journal
differential temperature was measured and that a phase
lag existed between the positions of thinnest oil film and
the maximum differential temperature (hot spot). What
is the reason for this phase lag?

2 Although instability occurred during the no-load API me-
chanical running test, under ‘‘Problem Description’” it
was mentioned that when the same rotor was run in the
high-speed balancing facility, there was apparently no
indication of instability. Could the authors advance an
explanation for this difference in behavior?

Authors’ Closure

We are greatful to Professor Holmes for his perceptive com-
ments. Regarding his first point, the heat transfer from oil to

! Professor of Mechanical Engineering, University of Southampton, Highfield,
Southampton, S09 3NII, United Kingdom.
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bearing and journal is both conductive and convective. In the
absence of convection the steady-state peak temperature of the
journal would coincide with the position of highest heat flux in
the forward whirl case, which position is necessarily at the
thinnest oil film. Oil is, however, convected counter to the
journal rotation relative to the journal axes. It follows that when
forward whirl is dominant, the journal hot spot must lag this
position with respect to the direction of rotation. Indeed, the
fact that the maximum journal temperature did not occur at the
position of closest proximity to the bearing was one factor that
led us to believe that the phenomenon was due to thermohydro-
dynamic action rather than solid friction.

Regarding Professor Holmes’ second point, in the balancing
facility, the bearing pedestals were ‘‘soft,”” whereas in the actual
machine the bearing supports were of very high impedance. The
two systems were therefore dynamically different. Although the
absolute journal vibrations were similar at rated speed, measure-
ments showed that the amplitudes of the journal orbits relative
to the bearing were much lower in the balancing facility than
in the machine for similar unbalance at the overhangs. Thus,
using the simplified theory presented in the paper according to
the definition of Eq. (5), the influence coefficient 7,z (journal
orbit per unit overhang unbalance) was lower in the balancing
facility. We have shown that system stability depends on the
real part of the open loop gain G as defined in Eq. (7) of the
paper. This is directly influenced by Iog, a reduction of whose
magnitude reduces the real part of G and therefore increases
stability.
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Adaptive Vibration Control of a
Rigid Rotor Supported by Active

0. Lang

J. Wassermann

Magnetic Bearings

In this paper a digital numerical simulation is carried out in which active magnetic
bearings (AMB) are applied to control nonlinear and nonsynchronous vibrations of

H. Springer

a rigid rotor excited by nonconservative cross-coupling mechanisms. Through an

adaptive control algorithm of the AMB controller, unknown cross-coupling parame-

Department of Mechanical Engineering,
Technical University of Vienna,
Vienna, Austria

ters of a rotor are estimated on-line by a standard least-square estimator along with
a time-varying so-called forgetting factor. The parameters of the AMB controller are
adapted in order to compensate for the cross-coupling effects and to stabilize the

rotor system. Transient cross-coupling response characteristics are calculated by
numerical simulation of a rigid rotor supported by two active magnetic bearings.
With this kind of control strategy, the stability of the system can be guaranteed for
much higher values of cross-coupling coefficients than with common nonadaptive
Sfeedback controllers, designed with pole placement or least square algorithms.

Introduction

One of the advantages of using magnetic bearings in rotating
machinery is the possibility of actively controlling the forces
exerted on the rotor. In this way, machine vibrations caused by
internal or external disturbing forces can be compensated for
by properly controlling the bearing forces. Excitation forces in
the rotor bearing system may be subdivided into two classes:
first, time-dependent excitation forces as for example, synchro-
nous unbalance; second, so-called self-exciting forces, as de-
scribed by nonlinear mechanisms, such as fluid film bearings,
annular seals, steam-to-blade excitation mechanisms, internal
damping in the shaft, loose parts of the rotor, centrifuges par-
tially filled with liquid, etc. In many applications the forces of
the second class may drive the system unstable depending on
the running speed and the load of rotating machinery.

In the case of time-dependent excitation forces, the dynamic
model of the rotor bearing system does not change its parame-
ters, while in the second case of self-excitation the parameters
of the system (plant) may change and an adaptive control algo-
rithm for the magnetic bearings has to be applied in order to
keep the system in stable conditions.

In this paper, nonconservative cross-coupling stiffness forces
are investigated. They are usually represented in a linearized
form of a highly complicated nonlinear self-exciting mecha-
nism, such as seal forces, for example.

Nordmann (1994 ) measured and calculated stiffness, damp-
ing, and mass coefficients of short and long annular seals. He
showed that the direct stiffness decreases quadratically with the
ronning speed, while cross-coupling stiffness and damping
terms increase linearly with the running speed, and the direct
damping coefficients are almost independent of the speed.

It can be stated that some theoretical models are currently
available to calculate nonconservative cross-coupling stiffness
coefficients approximately for known operating conditions in
rotating machinery. However, when the operating conditions of
a machine for some reason change in an unforeseen way, a
common rotor bearing system may become unstable due to
increasing cross-coupling stiffness terms. With active magnetic

Contributed by the International Gas Turbine Institute and presented at the 40th
International Gas Turbine and Aeroengine Congress and Exhibition, Houston,
Texas, June 5-8, 1995. Manuscript received by the International Gas Turbine
Institute February 13, 1995. Paper No. 95-GT-181. Associate Technical Editor:
C. J. Russo.
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bearings, this problem can be solved by on-line parameter esti-
mation of the plant (including developing destabilizing mecha-
nisms) and adaptation of the AMB controller parameters.

There are several works that deal with various forms of adap-
tive control. Burrows (1991) uses adaptive control to minimize
any vibrations of a general rotor bearing system. This method
needs FFT, which is time-consuming because of the necessary
time window needed to analyze subharmonic effects and there-
fore cannot be applied to quickly changing parameters, and it
seems to work best for periodic disturbances.

A paper dealing with cross-coupling stiffness was written by
Matsushita et al. (1990). They assume that the self-excited rotor
vibration appears in a forward whirl motion and the frequency of
the self-excited vibration must be known in advance.

In this paper an estimation control algorithm is discussed that
needs a priori information neither about the direction of the
unstable whirl motion nor about its frequency. Further, because
of the shortness and simplicity of the algorithm, it can be applied
to processes with quickly changing parameters of destabilizing
mechanisms in a rotor bearing system.

Rotor Bearing Plant and Controller Design

Rigid Rotor Model. The shaft displacements may be mea-
sured either in the bearing or in the sensor planes. In the first
case the displacement vector is defined as

Xp = [xA’-va yA; yB]T (1)
with the corresponding equations of motion for the rigid rotor
MBXB + GBQXB = f)} (2)

M, and G;, respectively, are mass and gyroscopic matrices of
the rotor, (2 is its angular speed, and £ is a corresponding force
vector including bearing forces, unbalance, and other excitation
forces.

Linear Modeling of Nonconservative Cross-Coupling
Stiffness Effects. Consider a rigid shaft with a nonconserva-
tive and nonuniformly distributed cross-coupling stiffness den-
sity n(&); see Fig. 2.

The cross-coupling force density can then be described as

df“:[ 0 n(E)MX(ﬁ)
dg -n¢) 0 y(&)

] = H(E)x(&)  (3)
For small displacements of a rigid rotor, the linear transfor-
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Fig. 1 Model of the rigid rotor with magnetic bearings (A, B) and sen-
sors (C, D)

mation x(£) = R(£)x, holds, and the nonconservative cross-
coupling stiffness matrix corresponding to bearing coordinates
finally becomes

1 0 0 v w
0 uv u?
Nz = lf d 4
5 , 1 0o o | 4)
skew sym. 0

with u = £/1,v =1 — u. Equation (4) shows that any distribu-
tion n(£) of self-exciting forces along the rotor axis can be
described by not more than three different coefficients of the
matrix Nj. If the self-exciting mechanism is discrete and located
at £ = &, with a discrete stiffness » of unit N/m, then

0 0 v3 ue
0 : .
Ny =n P R (5)
skew sym. 0
State Space Equations and AMB Control. Introducing

self-exciting forces represented by Nj, position stiffness forces
Kpx;, and current control forces Kjzic of the magnetic actua-
tors, the plant equations can be established in the form

i | 0 I X
£ | [ Mp'(Kg — Np) ~M3z'GeQ ][ %

s

A A Z
i +f 6
+ [MEIKEB:II ) (6)

——

B

with K and K3 being position stiffness and current coefficient
matrices, respectively. An extended state feedback control law
including integral feedback is established in the form

I\/In(&\)—/\l

< X

& &
1

Fig. 2 Rigid rotor excited by a distributed cross-coupling stiffness den-
sity n(£) with units N/m?
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Fig. 3 Stability map of the closed-loop system for different values of
the cross-coupling stiffness, n,y = 7.8 MN/m
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Stability of the LQR-Controlled Rotor Bearing System.
In order to design the basic controller feedback matrix in Eq.
(7), the common cost functional

J= f (z'Qz + iRi,)az (8)
is minimized for the system of Eq. (6) with Nz and G, set to
zero. In this investigation, the weighting matrices are chosen
asQ=10"*Im?s'and R = T A%}, ie., the unstable
poles of the open loop system are approXimately mirror-located
to the stable poles of the closed-loop system with respect to the
imaginary axis of the complex plane.

If cross-coupling self-excitation Ny # 0 is added to the
closed-loop rotor bearing system, one pair of poles crosses the
imaginary axis and the system becomes unstable at a critical
value of n; see Fig. 3. As long as the actual cross-coupling
excitation 7, is below #.y, the system is stable. In a real ma-
chine, depending on the operating conditions, the critical value
neq might be exceeded. In order to keep the system stable, this
has to be recognized by identification and to be compensated
by adaptive control of the magnetic bearings.

Parameter Estimation and Adaptive Control

The method of parameter estimation as used in this paper is
described by Slotine and Li (1991). This method is generally
based on a prediction error, which is defined as the difference
between a predicted output § and a real output y, in the form

e(t) =§(t) — y(1). )
First, a linear parametrized form is introduced so that
y(&) = W(5)n (10)

where the k-dimensional vector y(¢) contains the ‘‘output’ of
the system and the m-dimensional vector n contains the un-
known parameters to be estimated (m < k). The (k X m)-
dimensional matrix W(¢) is the so-called signal matrix. The
output y and the signal matrix W have to be calculated from
measurement data.

A standard least-square estimator can be used to minimize
the total prediction error so that

Transactions of the ASME

Downloaded 02 Jun 2010 to 171.66.16.104. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm



Clock

ngular
my%u

Tizs L

-
__“_l 1 a0
MAGNETC sl (crass couplin bearing

BEARING unbatance, weight)

transformation to
sensor-coordinates

v

Matrix gain| . Kllag

Const.1

ic

3
-—“—— 5
Const u <h

E}_ Slotine
ESTIMATOR
Gain
Switch
; position Sum_1

discret

i “valoctt .
CONTROTLER. @
LACI AMPLIFIER DIGITAL A/D Converter

FILTER White Noise

and
Difterentiator

Fig. 4 Block diagram of the rotor-AMB discrete simulation model with adaptive control

J= f ly(r) — W(r)a(e)|*dr = min (11

with respect to an estimated parameter vector fi(?). If a gain
matrix P defined by

¢ -1
P(t) = [f WT(T)W(T)dT] (12)
0
is introduced, a parameter update law
n=PWe (13)
and a gain matrix update law
P = -PW'WP (14)

can be established for on-line estimation (see Slotine and Li,
1991).

A disadvantage of the standard least-square estimator is that
the gain matrix P is always decreasing, and therefore this algo-
rithm can only be used for estimating time-independent parame-
ters. However, in the present case time-varying cross-coupling
terms of a rotor have to be estimated and the standard least-
square estimator has to be modified. In order to estimate the
current parameters properly, it is lmportant to discount past
measurement data. This can be realized by minimizing the mod-
ified functional

/= f LTy WA (15)
0

where \ is a time-varying ‘‘forgetting factor.”’
The parameter update law is again given by

i=-PW'e (16)
while the modified gain update law has the form
Pl =P+ W'W. (17)

To keep the benefits of data forgetting (parameter tracking abil-
ity) while avoiding the possibility of gain unboundness, it is
desirable to tune the forgetting factor so that forgetting is acti-
vated when W is persistently exciting and suspended when it
is not. Since the magnitude (norm) of the gain matrix P is an
indicator of the excitation level, it is reasonable to correlate the
forgetting factor with the variation of the norm [[P[. So

_ IPj
ko

is chosen with A\, being the maximum forgetting rate and kg

A = )\0<1 (18)
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the prescribed bound for the gain matrix magnitude. The factor
A() implies forgetting with the maximum rate Ao when W is
persistently exciting.

In a real rotor bearing system with cross-coupling effects,
the output y(r) in Eq. (9) is supposed to be the cross-coupling
self-excitation force:

y = (Xpxp)n (19)

However, this force cannot be measured separately in the real
system. Simulation studies have shown that good results can be
obtained when the total bearing control force

y = Kai, (20)

is taken as the output with i, and K;5, respectively, being the
control current and the current amplification matrix. The estima-
tion error is then given by

(21)

and the corresponding gain matrix reduces to the scalar function

e=3—y=(Npxp)it — Ky,

—1

P(t) = l:J:xg(T)\-‘/\"ZW;;xB(T)dT] (22)

Discrete Numerical Simulation

Simulation Model. The model is composed of five major
components as follows (see Fig. 4):

(a) Controller and Amplifier. From the A/D converter and
the differentiator the controller receives the digital val-
ues of the position and velocity signals of the rotor in
sensor coordinates. The controller, as mentioned in the
section above, is provided with an additional integrator.
To compensate the estimated cross-coupling forces ex-
erted on the rotor, a current is calculated that generates
counteracting cross-coupling forces with no phase devi-
ation. For this model a linear power amplifier with cur-
rent injection (LACI) is applied (Wassermann and
Springer, 1994).

Nonlinear Electromagnetic Actuators. With a differen-
tial current control scheme (i.e., the control current is
increased in one actuator while decreased by the same
amount in the opposite actuator) the air gap magnetic
force can be calculated as a function of the bias current
ip, the control current i, the nominal air gap Xo, the
actual gap x, the pole angle «, the number of windings
w, and the pole surface A in the form

(b)
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(white noise variance 1 um, cross-coupling stiffness jump 35 MN/m,
unbalance eccentricity 1 um, running speed 20,000 rpm}

(i, — 1,)?
(% + x)*

f= MOW2A {(ib + ic)z _

4 o — )2 }cosa (23)
0

(c¢) Rigid Rotor Model (Plant) Represented by Eq. (6).
Further, a rotor unbalance eccentricity of 1 xm is intro-
duced. It turned out that any external excitation as un-
balance, for example, helps the estimator (d) to identify
the destabilizing cross-coupling forces more quickly.
The cross-coupling stiffness excitation is simulated by
a step function in the time domain.
Estimator Designed to Negate Destabilizing Cross-
Coupling Forces Present in the Rotor System (Includ-
ing a Switch to Turn It on and off). The estimator is
designed as a least-square estimator with exponential
forgetting as described in the section above. If the esti-
mator is turned off the model reduces to a rigid rotor
in two common active magnetic bearings providing
stiffness and damping to the rotor.
(e) Digital Filter. A white noise with a Gaussian-distrib-
uted data sequence of zero average and a variance of
1 pm or 0.2 um is added to the sensor signal in order
to simulate a disturbance in the eddy current transducer
signals. The digital differentiation of the sensor signals
leads to high amplitudes at high frequencies. Therefore
it was decided to filter the differentiated sensor signals
with a Chebyshev-type 1 digital filter.

(d)

The simulation input variables include the applied cross-cou-
pling stiffness n, the white noise amplitude, the unbalance ec-
centricity, and the running speed of the rotor.

Numerical Results. Two simulation runs of a rotor sup-
ported by two active magnetic bearings are compared in Figs.
5 and 6. In both cases the rotor is exposed to an abrupt onset
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of a nonconservative cross-coupling stiffness of 35 MN/m. In
the first case no estimation and no adaptive control are applied.
It can be seen in Fig. 5 that within 6 ms the destabilizing
cross-coupling force reaches a value of 2500 N and almost
immediately drives the rotor into instability. In the bottom figure
the corresponding shaft orbit at a bearing station is shown,
where the shaded area represents the boundary of the backup
bearing.

Figure 6 shows the cross-coupling stiffness response charac-
teristics for the same rotor bearing system with the same initial
conditions after employing adaptive control. In the top of Fig.
6 the step function of the applied (actual) cross-coupling stiff-
ness z is compared with the value # as estimated by the adaptive
control algorithm. Although significant deviations between n
and 7 can be observed, the corresponding actual and counter-
acting control forces are very close. The reason for this lies in
Eq. (21). For higher cross-coupling forces the total bearing
forces, see Eq. (20), are close to the real cross-coupling forces,

appliged actual value n
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% NI \f\/
g
820 .
E egtimated value 'R

10 erserersesrannrrsernsnrisenesne

% 50 0 150

time [ms}

£
g
L
[+
&
a
-]
8
5
-~ actual force
—— gontrol force
i
100 180

y displacement [um}]

x displacement {um]

Fig.6 Simulation of the rotor characteristics employing adaptive control
(system data see Fig. 5)
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Table 1 Comparison of different controller designs with respect to
cross-coupling stability

( Cross-coupling stiffness stability limits |

LQR-design without with
Equation (8) ** estimator estimator
Q=10""Im™2s~"

R=IA"%s"1 48 MN/m +35 MN/m
K;=10°A/sm

Pole placement without with

design ** estimator estimator

4 poles at -550s"

4 poles at -600s~! | £30 MN/m +50 MN/m
K;=10°A/sm

** The controller was designed for a feedback matrix
without integral feedback

and a good estimation of 7 is achieved. For a small force level
the difference between N x,n and Kzi. is higher, and the estima-
tion of 7 is less accurate but also less important. In the bottom
of Fig. 6 the shaft orbit at a bearing station is kept within a
diameter limit of about 100 wm, which is quite satisfactory for
the applied cross-coupling stiffness step magnitude of 35 MN/
m. It is worthwhile to note that the counteracting cross-coupling
control forces are limited by the maximum current available in
the actuator coil and by the magnetic saturation of the actuator
core material. In the present example of Fig. 6 the dynamic
control forces reach their maximum values.

One reason the estimator works better than a common control
algorithm is that when the damping is increased, there is also
an increase in the phase lag. This is, apart from the high sensitiv-
ity to noise of a D-feedback, a reason why it is not always
possible to increase the damping as much as necessary to stabi-
lize the rotor. On the other hand, the counteracting force deter-
mined from the estimated parameter A has no phase deviation
to the exciting cross-coupling force.

Table 1 compares stability limits of applied cross-coupling
stiffness values for different controller design strategies with
and without adaptive control capabilities. It turned out that,
compared with a common LQR design, a basic AMB controller
design with pole placement is capable of stabilizing higher szIf-
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exciting cross-coupling forces. However, in both cases the sta-
bility performance is substantially improved by an additional
adaptive control algorithm.

The proposed control algorithm might work quite well even
in the presence of ‘‘auto balancing,”’ because any persistent
excitation helps the estimation algorithm to find the cross-cou-
pling stiffness parameter more quickly.

Conclusion

A major problem in turbomachinery is self-excitation and
stability loss due to nonconservative cross-coupling forces ap-
plied to the shaft. With magnetic bearings, a tool is available
to compensate these forces in an active way. It turned out that
a nonadaptive controller design for magnetic bearings may sta-
bilize a rigid rotor up to a certain level of cross-coupling stiff-
ness values. However, for transient operating conditions of a
machine these values might be temporarily and significantly
exceeded, and an adaptive control is necessary to guarantee
stable running conditions. The applied algorithm is quite robust
with respect to noise. In a future investigation this control con-
cept will be applied to flexible rotors. Additionally, a test rig
is built where realistic cross-coupling excitation will be applied
and the estimation algorithm will be tested experimentally.
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Machine Health Monitoring and
Life Management Using Finite-
Element-Based Neural Networks

M. J. Roemer
C. H This paper demonstrates a novel approach to condition-based health monitoring
. Hong for rotating machinery using recent advances in neural network technology and
rotordynamic, finite-element modeling. A desktop rotor demonstration rig was used
S. H. Hesler as a proof of concept tool. The approach integrates machinery sensor measurements

with detailed, rotordynamic, finite-element models through a neural network that is
specifically trained to respond to the machine being monitored. The advantage of
this approach over current methods lies in the use of an advanced neural network.
The neural network is trained to contain the knowledge of a detailed finite-element
model whose results are integrated with system measurements to produce accurate
machine fault diagnostics and component stress predictions. This technique takes
advantage of recent advances in neural network technology that enable real-time
machinery diagnostics and component stress prediction to be performed on a PC
with the accuracy of finite-element analysis. The availability of the real-time, finite-

Stress Technology Inc.,
1800 Brighton-Henrietta Town Line Rd.,
Rochester, NY 14623

element-based knowledge on rotating elements allows for real-time component life
prediction as well as accurate and fast fault diagnosis. .

Introduction

Maximizing operating life and availability of all critical com-
ponents on rotating machinery, while minimizing unplanned
maintenance downtime and the risk of catastrophic failure, is a
common goal within all industry. This paper demonstrates a
finite element based neural system for improving the present
state of the art in machinery health monitoring by increasing
the effectiveness of structural component diagnostics and moni-
toring. In particular, neural network classifiers were developed
that operate as a ‘‘hub’’ for information gathering and served
to make informed decisions on a rotor system’s health using
experimental and analytical data. The network observes the be-
havior of the rotor system being monitored to diagnose struc-
tural faults and predict component stresses from a variety of
potential failure sources.

A desktop demonstration rotor was used as a proof concept
tool. Sensors on the demonstration rig measure vibration ampli-
tude and phase at appropriate locations throughout the rotor
system. From these measurements, the neural system will diag-
nose faults and predict rotating member component stresses by
way of a neural network trained extensively from a detailed,
rotordynamics, finite-element model (FEM). Currently, com-
mercially available expert systems used for condition monitor-
ing use only measured system data, with no knowledge of rotat-
ing component stresses. Without these stress data, calculating
remaining component life directly would be very difficult.

The miniaturized rotor rig demonstrates how the neural sys-
tem can be used to obtain both real-time, finite-element model
results and machine fault diagnostics. The finite-element model
capability is demonstrated by estimating the dynamic stresses
on the rotating shaft and reaction forces on the bearings. The
diagnosis ability of the network is illustrated by predicting the
location, magnitude, and phase of disk unbalances, amount of
misalignment, degree of rotor rub or mechanical looseness, and
bearing clearance problems. The dynamic stress estimation and

Contributed by the International Gas Turbine Institute and presented at the 40th
International Gas Turbine and Aeroengine Congress and Exhibition, Houston,
Texas, June 5-8, 1995, Manuscript received by the International Gas Turbine
Institute February 27, 1995. Paper No. 95-GT-243, Associate Technical Editor:
C. I. Russo.
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structural diagnoses are both performed from the vibration mea-
surements taken from the bearing locations. This paper also
shows the ability of the network to predict the nonlinear dy-
namic stresses in the shaft, while simultaneously predicting me-
chanical faults.

Rotor Demonstration Rig and Measurement Pro-
cessing

Rotor System Configuration. A desktop rotor rig was con-
structed to demonstrate the concepts proposed in this paper on
actual hardware. The demonstration rig was designed to be
versatile enough to duplicate various vibration-producing phe-
nomena found in all types of rotating systems. Many different
types of vibration-related characteristics were created and mea-
sured by changing rotor speed, degree of unbalance, degree of
misalignment, shaft bow, shaft rub, and rotor bearing clear-
ances. The resulting dynamic characteristics are measured with
proximity probes and/or accelerometers and are processed with
a multichannel dynamic signal analyzer.

The rotor configuration studied in this paper is shown in Fig.
1. The rotor setup consists of the following components:

15 HP electric motor.

Flexible rubber coupling.

Rigid stee! coupling (user-controlled source of shaft mis-
alignment)

3 ball bearings and 3 journal bearings.

2 rotating disks with balance weight holes.

2 in. diameter and 25 in.-long steel shaft.

Motor speed controller with closed-loop feedback.
Various proximity probes and accelerometers.

Fixturing to provide rotor preloads, rotor rub, and me-
chanical looseness conditions.

W N =

DO OO~ W b

Two roller bearings support the motor armature, while four
oil-impregnated bronze sleeve bearings are positioned between
the various couplings and disks. A solid 36 in. aluminum base
with adjustable bearing pedestal locations and rubber isolation
feet provide sufficient rigidity to the rotor configuration. Motor
speed control is maintained with a proportional speed feedback
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Fig. 1 Rotor demonstration rig

algorithm, with speed sensed by a dedicated proximity probes
and toothed wheel.

The rotor was initially balanced within 0.05 mils in two
planes before any measurements were taken. A speed run-up test
was performed to experimentally determine the rotor’s critical
speeds. The measured rotor response from 0 to 100 Hz is given
in Fig. 2. The first resonant rotor mode was identified at approxi-
mately 80 Hz or 4800 rpm. The rotor was run continuously at
40 Hz in a balanced condition to determine the sensitivity of
the rotor to changing conditions.

Data Acquisition and Database Development. Vibration
measurements obtained from proximity probes and accelerome-
ters were signal conditioned and then processed by an Ono-
Sokki CF6400, four-channel, digital signal analyzer. The mea-
sured frequency responses were then transferred to a personal
computer where the pertinent, per-rev magnitude and phase
readings were determined. Note, the input parameters to the
neural network classifiers were magnitude (mils) and phase
(degrees) of the 1X per rev rotor speed at all transducer loca-
tions.

Seeded faults were introduced into the rotor demonstration
system by applying mass unbalances to the disks, misalignment
across the rigid coupling, loosening the bearing pedestals, and
installing preworn bearings. Under each of these conditions,
measurements were obtained from each of four proximity
probes to determine the magnitude and phase of each transducer
with respect to the reference key phaser. The specific magnitude
and phase measurements were then logged into a database with
specific input—output pairs that are used in the neural network
training procedure. A list of the input—output pairs that are
included in the database is given below.

Rotordynamics Finite Element Model

A detailed model of the rotor demonstration system was de-
veloped using a dedicated finite element rotor program devel-
oped at STI called RDA (Rotor Dynamics Analysis). This com-
puter program was used to simulate rotor operation and to train
the neural network classifiers. RDA is finite-element based,
and contains an array of preprocessor routines to facilitate grid
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Fig. 2 Rotor response 0-100 Hz
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generation. The finite-element based model predicts overall ro-
tor vibratory characteristics as well as local vibratory stress
levels. The general geometry of the rotor is prescribed to the
code at the outset, to allow selection of the preprocessor (and
input instructions) to be made.

The added value of having a finite-element-model-based di-
agnostic system is that it provides a very accurate picture of
the rotor stress distribution and reaction forces. These stresses
and forces are the causes of many of the component failures in
the rotor, bearings, seals, etc. With the rotating shaft component
stresses predicted, an automated life analysis algorithm will be
able to determine what the expected component life will be
with any damage condition.

The finite element model of the demonstration rotor configu-
ration was developed and correlated to the experimental results.
The model was used as an additional source of information
for enhanced training of the neural network. In particular, the
network was trained from the model to determine dynamic
stresses and forces in critical mechanical components so that it
would be able to calculate remaining component life as a diag-
nostic output. Figure 3 illustrates the first critical mode associ-
ated with the finite element model. Note the close agreement
between the measured and calculated first critical modes. This
model was used for calculating dynamic stresses in the shaft
and bearing reaction forces under various operating conditions
including unbalances and misalignment.

Neural Network Description and Development

The neural network architectures developed in this paper
served as a hub for information gathering/processing and re-
sulted in informed diagnoses of the condition of the demo rotor
rig using a combination of experimental and analytical data.

The internal interconnections of the proposed neural network
architectures were developed based on the amount of data to
be processed by the neural net. This is analogous to modeling
the number of neurons in the system’s ‘‘brain’’ to be utilized
for a particular network. The more neurons used in the entire
network, the larger the solution space will be for generalizing
a system’s behavior. Several multilayer, feed forward networks
were developed for this project, utilizing the back propagation
algorithm for minimizing the error signals. Two principal neural
network architectures were developed in order to examine the
sensitivity and accuracy of different network design philoso-
phies.

Single Network Architecture. The single network con-
figuration developed first utilized four bearing vibration input
measurements (including magnitude and phase) and functional
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Fig. 4 Single neural network architecture

enhancements of these four sensor inputs to yield 24 input nodes
to the network. A discussion on the practice of using functional
enhancements to improve training accuracies and timing is
given later. One hidden layer, consisting of 24 nodes, is used
to increase the ‘‘flexibility’’ of the network. Hidden layers,
when used properly, can provide more accurate correlation be-
tween complex, linear, and nonlinear training patterns. The out-
put layer of the network consists of 14 nodes. Figure 4 is a
representation of this type of single neural network architecture
with its corresponding input/output parameters. Note, due to
the space limitation associated with the figure, the 24 input and
hidden layer nodes were reduced to fit on the page.

The first six nodes of the output layer are dedicated to de-
termining: (1) the probability that an unbalance may exist, (2)
the magnitude of the identified unbalance, and (3) the phase
location of the unbalance on the out-of-balance disk. The next
two output nodes determine if a misalignment exists across the
rigid coupling. The probability of having a misalignment is
determined along with the magnitude of the offset in mils.

Four output nodes of the network are dedicated to ‘‘virtual’’
sensing. Virtual sensing refers to indirectly measuring a parame-~
ter such as shaft stress or bearing forces by matching patterns
of directly sensed data (such as bearing displacement) with a
finite element model to yield an accurate measurement of the
unmeasured parameter. For the demonstration rotor system, the
shaft bending stresses and bearing forces are calculated using
a detailed finite-element model of the rotor for particular rotor
conditions. The neural network is then trained to recognize the
sensed patterns and relate them to the values calculated from
the model. The result is a neural network (trained from measure-
ments and FE model) that is capable of ‘‘virtually’’ sensing
stresses and reaction forces on particular components in real
time without actually having installed strain gages or force
transducers onboard. The last two nodes of the output layer
diagnose the probability of rotor rub or bearing clearance prob-
lems and structural support looseness.

Divided Network Architecture. A divided, multilayer net-
work architecture was developed that used the same four bearing
vibration input measurements (including magnitude and phase)
as the previous architecture. However, in this case, the new
network configuration was broken up into smaller, more special-
ized classifiers. An illustration of this network architecture is
given in Fig. 5.

The first section of this new network configuration diagnoses
the gross fault condition as either: (1) an unbalance on disk

832 / Vol. 118, OCTOBER 1996

No. 1, (2) an unbalance on disk No. 2, (3) a misalignment
across the rigid coupling, (4) a bearing wear or clearance prob-
lem, or (5) a structural/mechanical looseness problem. The
second layer utilizes the same bearing vibration inputs to deter-
mine specific levels of unbalance and/or misalignment about
the particularly identified fault as well as give important *‘vir-
tual sensing’’ information about shaft stresses and bearing reac-
tion forces.

The top network architecture in the second layer determines
the fault specifics with respect to a disk No. 1 unbalance. The

- severity of the unbalance is diagnosed in the first output node.

The severity output values range from 0 of 1, with 1 representing
the most severe condition. The second and third output nodes
determine the magnitude and phase of the unbalance condition
so that corrective action can be taken at any time. The severity
of the unbalance diagnosis is continuously monitored and
tracked to identify a worsening condition. The network architec-
ture in the second layer diagnoses an unbalance condition on
disk No. 2. The output node specifics are identical to the diagno-
sis network associated with disk No. 1.

A third network in the second layer is used to determine the
severity and magnitude of any misalignment across the cou-
pling. Severity values range between 0 and 1, as in the previous
cases, while the misalignment offset amount is reported in mils.
The final network in the second layer is dedicated to ‘‘virtually”’
sensing maximum shaft stresses and bearing reaction forces
from the vibration patterns recognized at the sensor locations.

Neural Network Training and Consulting

Training of a neural network involves the process of evaluat-
ing the weights and thresholds of the numerous interconnections
between the input and output layers. The training of the neural
networks was conducted utilizing both unsupervised and super-
vised procedures. The unsupervised training was used to group
similar input patterns to facilitate processing of the large number
of training patterns used. The supervised training technique is

NEURAL NETWORK " UNBALANCE ROW 1
CONFIGURATIONS
BRG 1 - MAG
BRG1-PH
BRG 2 -MAG
BRG 2 -PH
BRG 3 - MAG
BRG3-FH
BRG 4 - MAG
BRG 4-PH
VIRTUAL SENSORS
\ SHAFT STRESS DISK 1
\ SHAFT STRESS DISK 2
l“-“ BEARING #1 FORCE
“\‘\. BEARING #2 FORCE
E—— i

Fig. 5 Divided neural network architecture
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used for specifying what target outputs should result from an
input pattern. The neural network variables ( weights and thresh-
olds) are then self-adjusted to generate that target output. The
combination of these two training procedures was utilized dur-
ing this project in order to achieve the desirable network accu-
racy.

Once the internal structures of the networks were constructed,
they were trained based on experimental case histories and ana-
lytically derived input/output pairs derived from the rotor dy-
namics computer model. Development of this database con-
taining the neural network input/output training patterns repre-
sented a major portion of this paper’s effort.

Unsupervised Training. Given a set of training patterns,
an unsupervised learning algorithm will self-organize the input
patterns into groups of patterns called clusters. Based on a Eu-
clidean distance similarity measure, a large number of patterns
can be separated into several clusters. During the training pro-
cess, network weights and thresholds are modified and cluster
centers are determined. The number of clusters formed is con-
trolled by adjusting the cluster center radius value. After the
training process is finished, the network can be consulted with
either known or unknown input patterns.

Supervised Training. Supervised learning, as opposed to
unsupervised learning, utilizes pairs of associated input/output
patterns. This technique is commonly implemented using a Gen-
eralized Delta Rule network architecture with back propagation
of error. During this procedure, the network architecture is spec-
ified in terms of the number of input and output nodes, as well
as hidden layer nodes. The training set is then used to specify
what target outputs should result from an input pattern, and the
network automatically learns the set of parameters (weights and
thresholds ) that will generate this desired output. In this learning
procedure, the network learns a single set of network parameters
that satisfies all the training input/output pairs. The learning is
not perfect, but is optimum on the basis of the least mean square
error. In the consulting mode, the network is able to generalize
and generate appropriate output patterns for any input pattern
applied to the network. This attribute is the principal advantage
to utilizing neural networks in condition monitoring applica-
tions.

An additional mathematical enhancement used in Phase I that
helps the network architecture reduce the error associated with
the numerous input/output pairs is called the *‘Functional
Link.”” In this approach, the input patterns are expanded to
include higher order terms associated with the original input
values. Although this enhancement isn’t always necessary, it
often reduces the need for hidden layers and results in dramati-
cally reduced training times.

Specific Network Training and Consulting. Both net-
work architectures were trained with the same 232 input/output
training patterns devised from both experimental measurements
and the finite element mode! analysis. The training patterns of
the network database focused on diagnosing unbalance condi-
tions, misalignment, bearing reaction forces, and shaft stresses.
As an example, experimental data were collected from the rig to
train the neural network to distinguish the differences between
misalignment and an unbalance condition. Both of these condi-
tions exhibit similar one/rev vibration characteristics. Phase
angle measurements were obviously very important for the net-
work to make this distinction.

A major portion of the training sets were derived in order to
recognize the differences between small changes in magnitude
and phase of the applied (seeded) unbalance forces. Due to the
fact that the key phaser signal was only accurate to within =10
deg, changes in unbalance forces applied every 22.5 deg were
used as the base resolution from which to identify the locations
of the unbalance. Due to the fact that unbalance magnitude
changes of 1.2 g-in. (0.0425 oz-in.) only produced a minimal
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vibration amplitude change of 0.2 mils, this value was used
as the best resolution possible within the practical constraints
imposed by the rotor system.

The rotordynamics finite-element model was exercised exten-
sively with numerous unbalance force and shaft misalignment
conditions. The results from each run of the finite element model
(taking approximately 3 hour each) yielded steady-state shaft
bending stresses and bearing reaction forces for each of these
forcing conditions. These results were then used in conjunction
with the measured data to build the training pattern database.

Component Life Accumulation

A fatigue life algorithm was developed that utilized the virtu-
ally sensed shaft stresses and bearing reaction forces as a basis
for computing fatigue initiation life. The algorithm estimates
the amount of time to crack initiation, with crack propagation
not being considered. Neuber’s rule is used to compute the true
stress and strain in the crack initiation region. Morrow’s method
is used to incorporate the mean stress effects in the life calcula-
tions, which are based on strain amplitude and the number of
reversals. Miner’s law computes the cumulative fatigue damage.

Strain-Life Equation. The local strain approach was used
to calculate the total strain, ¢, including elastic and plastic com-
ponents, from the given stress state and the fatigue properties
of material:

¢ = (o} — 0,) (2N)'IE + €/(2Ny)¢

where E is the elastic modulus, o, is the true mean stress or
the true steady stress, and Ny is the number of cycles required
for crack initiation. In the right-hand side of the equation, the
first term represents an elastic strain and the second term repre-
sents a plastic strain. This equation is the foundation for the
cyclic strain-based approach to fatigue prediction and is usually
called the strain-life equation.

Cycle Counting and Cumulative Damage. Under spectral
loading, the dynamic strain conditions at critical locations of a
component may have very complex waveforms. Several proce-
dures exist to deal with this situation, of which the Rainflow
cycle counting procedure is well known. Simply stated, this
procedure consists of dividing the complex waveform into a
sequence of simple cycles, and then counting the number of
strain cycles within a given strain range. The resulting number
is then compared with the tested fatigue life of the material at
this strain level to determine the degree of incremental damage.
The best-known cumulative damage assessment procedure is
Miner’s law, which states that the cumulative damage is equal
to the sum of the incremental damage at the various strain
ranges:

mo_y,
N,

This procedure is utilized in this fatigue life algorithm. The
number of cycles n; occurring at a given strain level is first
computed from the Rainflow cycle counting procedure. The
number of cycles to failure at each strain level, N;, is based on
test sample data and adjusted for ‘mean stress effects. This is
obtained from the strain-life equation. The portion of damage
at this strain level becomes #;/N;. The summation sign in the
Miner’s law equation indicates that the cumulative damage is
the sum of damage portion due to all existing strain levels.
Accordingly, the crack initiation is expected to occur when the
cumulative damage is equal to or greater than unity.

Shaft and Bearing Life Results. An example output from
the fatigue life algorithm used to assess the shaft and bearing
life is given in Fig. 6. The shaft fatigue life summary is given
at the top of the page, while the bearing life results are given
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Fig. 6 Fatigue lifing algorithm output for shaft

at the bottom. One can see from the results of the shaft life
calculations that shaft fatigue under an unbalance condition is
primarily dominated by the low cycle fatigue associated with
rotor start/stop cycles. The bearing life, on the other hand, is
dominated by the high cycle fatigue associated with the rotor
speed. This phenomenon is due to the fact that the shaft moves
with the unbalance force (no cycling of the shaft takes place
with respect to shaft speed ), while the sleeve bearings are fixed
with respect to the unbalance vibratory forces. In this example,
the unbalance forces are too low to create any significant dam-
age. However, the concept of assessing component life on a
PC-based health monitor is demonstrated.

System Verification and Results

Several parametric tests were conducted involving seeded
fault conditions applied to the laboratory rotor system, Compari-
son between the neural network diagnostic output and the
seeded faults was performed using the output percentages from
the neural network inquiry, as discussed previously. For exam-
ple, if a mass unbalance was imposed on disk No. 1, then the
network diagnostic output should ideally respond ¢“100 percent
chance of unbalance on disk No. 1.”” However, this percentage
is never exactly 100 percent. Therefore, an uncertainty measure
can be calculated on this basis. In this paper, specific faults
diagnosed by the networks were compared to the actual, seeded
fault condition. Also, comparisons were generated between the
virtually measured shaft stresses and those predicted by the
rotordynamics finite element model.

Table 1 gives the results from a dozen randomly selected test
cases for both network configurations. Each of the test cases
was selected from a group of rotor balance/alignment condi-
tions that were not used in the training process. The first column
in Table 1 describes the seeded or actual fault condition applied
to the demo rotor system. The second column gives the results
produced from the single network architecture. The third col-
umn gives the results produced from the divided network archi-
tecture when presented with the same rotor measurements as
applied to the single network architecture.

The divided network architecture was generally more accu-
rate than the single, all-encompassing network. The gross fault
(i.e., unbalance, misalignment, bearing, mechanical looseness)
was always diagnosed properly with either network configura-
tion. However, the diagnosed fault specifics (i.e., magnitude
and phase of unbalance or degree of misalignment) were identi-
fied more accurately with the smaller, individual networks. This
trend is understandable based on the reduced network complex-
ity and number of training patterns needed for identifying the
fault specifics.

Conclusions

A neural network-based health monitor that performs both
mechanical diagnostics and component life prediction was dem-
onstrated with the use of a miniaturized rotor system. The rotor
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system was subjected to several different mechanical fault sce-
narios including : mass unbalances, misalignment, rotor rub, and
structural looseness in order to examine the benefits of utilizing
neural network technologies for monitoring rotating machinery.
The neural network classifiers, developed under this Phase I
project, were able to diagnose mechanical faults accurately

- based on the associated vibration signatures measured from the

desktop system. In addition, an algorithm for component life
estimation was demonstrated based on the diagnostic outputs
provided by the neural networks. In particular, the shaft stresses
and bearing forces were predicted by the diagnostic network
after being trained extensively using results of the rotor dynamic
finite element model and system measurements.

The concept of training diagnostic neural network classifiers
with both rotor system measurements and detailed finite element
models is highlighted as a significant advancement in condition
monitoring applications. The rotordynamics finite-element
model was used to train the diagnostic network to recognize
fault patterns and their resulting effect on shaft and bearing
stresses. This real-time, ‘‘virtual’’ sensing of shaft stresses and
bearing radial forces allows for component life monitoring to
be achieved in real time. In other words, the ability of the
neural networks to recognize particular vibration signatures and
correlate them with associated shaft stresses is of particular
significance. Using sensory data with calculated rotordynamics
results as demonstrated in this project represents the most effec-
tive use of each data source.

Finally, the two primary diagnostic network classifiers devel-
oped under this program were examined for architecture-based
sensitivities and accuracies. Not surprisingly, the divided net-
work architecture was consistently more accurate than the all-
encompassing architecture for diagnosing fault specifics. In
other words, the more dedicated and smaller network architec-
tures of the divided network provided a better ‘‘tuned’’ classifier
for diagnosing fault specifics like unbalance phase angle and
particular amount of offset in a misalignment condition. The

Table 1 Network consulting results

Diagnosed Fauit Condition
(Single Network)

Diagnosed Fault Condition

# True Machinery Fault
(Divided Network)

Condition

104% Chance Disk 1
1.94 grams @ 1.2
185 degrees phase

96% Chance Disk 1
1.94 grams @ 1.2"
208 degrees phase

1 Unbalance Disk 1
2,0 grams @ 1.2"
180 degrees phase

101% Chance Disk 1
0.97 grams @ 1.2"
152 degrees phase

97% Chance Disk 1
0.93 grams @ 1.2" *
172 degrees phase

99% Chance Disk 2
1.98 grams @ 1.2"
204 degrees phase

2 Unbalance Disk 1
1.0 grams @ 1.2"
157 degrees phase

100% Chance Disk 2
1,97 grams @ 1.2"
213 degrees phase

3 Unbalance Disk 2
2.0 grams @ 1.2"
225 degrees phase

99% Chance Disk 2
1.82 grams @ 1.2"
178 degrees phase

98% Chance Disk 2
1.80 grams @ 1.2"
112 degrees phase

4 Unbalance Disk 2
2.0 grams @ 1.2"
157 degrees

5 6 Mils Misalignment 78% Misalignment 101% Misalignment
at Coupling 3.1 Mils 6.3 Mils
6 Unbalance Disk 2 99% Chance Disk 2 102% Chance Disk 2
2.0 grams @ 1.2" 1.99 grams @ 1.2" 2,01 grams @ 1.2"
180 degrees 159 degrees 185 degrees
7 Unbatance Disk 1 101% Chance Disk 1 100% Chance Disk 1
2.0 grams @ 1.2" 1.99 grams @ 1.2" 2.16 grams @ 1.2°
90 degrees 90 degrees 94 degrees
8 Unbalance Disk 1 94% Chance Disk 1 101% Chance Disk 1
3.0 grams @ 1.2" 1.93 grams @ 1.2" 2.96 grams @ 1.2"
112 degrees 171 degrees 128 degrees
9 Unbalance Disk ! 99% Chance Disk 1 102% Chance Disk 1

0.96 grams @ 1.2"

1.0 grams @ 1.2"
291 degrees

270 degrees

0.87 grams @ 1.2"
293 degrees

99% Chance Disk 2
3.01 grams @ 1.2"
262 degrees

95% Chance Disk 2
1.91 grams @ 1.2"
177 degrees

10 Unbalance Disk 2
3.0 grams @ 1.2"
225 degrees

11 2 Mils Misalignment at 75% Misalignment 95% Misalignment
Coupling 1.2 Mils 2.5 Mils

12 4 Mils Misalignment 72% Misalignment 98% Misalignment
at Coupling 2.4 Mils 4.5 Mils
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overall gross diagnostics for strictly identifying unbalances,
misalignment, etc., were diagnosed accurately using either net-
work configuration. Current knowledge-based expert systems
used on rotating machinery are only capable of diagnosing these
gross fault conditions. Important specifics related to these partic-
ular faults are not considered. ’
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Aerodynamic Loading and
Magnetic Bearing Controller
Robustness Using a Gain-
Scheduled Kalman Filter

Modeling or predicting aerodynamic loading effects on rotating equipment has been
a source of concern to those who wish to examine stability or response of critical
components. The rotordynamic model of the system employed for such examination
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g g assumes greater importance for active bearings than for passive ones, if only because
of the additional potential for instability introduced by the controller. For many
A. E. Traver systems, aerodynamic loading may vary widely over the range of operation of the

bearings, and may depend on extended system variables. Thus, potential controllers
Jor active magnetic bearings require sufficient robustness or adaptation to changes
in critical aerodynamic loading parameters, as might be embodied in cross-coupled
stiffness terms for compressor impellers. Furthermore, the presence of plant or mea-
surement noise provides additional sources of complication. Here, the previous devel-
opment of a nonlinear controller for a hypothetical single-stage centrifugal gas
compressor is extended by comparing the compensator performance using a multi-
variable Luenberger observer against that of a stationary Kalman filter, both gain-
scheduled for rotational speed. For the postulated system, it was found that the slower
poles of the Kalman filter did not observably detract from controller convergence
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and stability, while predictably smoothing out the simulated sensor noise.

Introduction

Reducing bearing frictional losses, eliminating lubrication
systems, and modifying vibrational behavior through active
control have been some of the reasons motivating the use of
active magnetic bearings. Such sophisticated systems as hybrid
and fully electromagnetic bearings offer a challenging multi-
variable control problem whose approximate solution is most
often found in the application of PD or PID feedback ( Allaire
et al., 1983; Lewis et al., 1988; Humphris et al., 1986). The
merits of local PD or PID control are most pronounced with
regard to implementational ease, as the structural simplicity of
the control laws evades the necessity of additionally cumber-
some state estimation. Of course, when applying SISO tech-
niques to the multivariable problem, one sacrifices the ability
to effect greater structural control as one may when operating
on the entire state space. Thus, the potential exists to affect
rotordynamic instabilities—to alter the closed-loop eigenstruc-
ture favorably through the mechanism of state feedback—and
to increase the stable operating range of a given device. Also,
the state space approach has been a conduit to certain optimal
control methods. Matsumura and Yoshimoto (1986) provided
a theoretical and experimental treatment of an optimal controller
for a rigid rotor, which relied on full-state feedback, while
others (e.g., Anton and Ulbrich, 1985) have dealt with flexible
rotors controlled via output feedback. One of the advantages of
advancing to modern control solutions for the active bearing
problem is the. increased capacity for load accommodation, or
load modeling, which is aimed at improving the imbalance re-
sponse characteristics through frequency shaped filters, noise
driven load models, etc. Mizuno and Higuchi (1984 ) offer an
early work with this approach.

Contributed by the Aeromechanical Interaction Division for publication in the
JOURNAL OF ENGINEERING FOR GAS TURBINES AND POWER. Manuscript received
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For rigid rotors, a variety of control strategies is possible as
full-state measurement is not necessarily prohibitive. For high-
order flexible rotordynamic systems, however, the implementa-
tion of usefully stable on-line state estimation further compli-
cates the modeling problem and may restrict the performance
of the linear state space methods employing full-state feedback,
or other techniques in nonlinear control, which often fall short
of requiring complete state feedback.

It is not the intention here to deliberate the respective merits
of possible controllers; rather, the interest is briefly and specifi-
cally concerned with a robust nonlinear compensator designed
for a hypothetical single-stage centrifugal gas compressor in the
face of wide variation in the aerodynamic loading, as popularly
embodied in a cross-coupled stiffness term acting on the impel-
ler. Measurement noise will be assumed, which will necessitate
recourse to the Kalman filter for state estimates in the feedback
law. Considerations of rotordynamic loading from various
sources, such as liquid or gas annular seals, fluid interaction
forces, etc., is often left unclear in contemporary discussions
of active magnetic bearing control. Unfortunately, these self-
exciting mechanisms are highly correlated with other system
variables (e.g., speed, displacement, flow rate, pressure), are
often time dependent, and merit close scrutiny. For example,
the examination of magnetic bearings for submarine pump noise
control might require careful attention to fluid loading. While
bulk flow models and perturbation techniques for liquid and
gas annular seals have produced accessible and semi-successful
results (see Childs, 1993; Childs and Scharrer, 1986; or Thie-
leke and Stetter, 1990), the same cannot be said for aerody-
namic loading on compressor impellers. These forces have been
known to cause instabilities, and will motivate an examination
of controller robustness and state estimation. Lang et al. (1994)
offered a brief discussion of the treatment of the potentially
destabilizing effects of cross-coupled seal stiffness by making
use of an on-line parameter estimation routine. Although their
focus was restricted to that of a rigid rotor, they did emphasize
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Fig. 1 Hypothetical centrifugal gas compressor

the paucity of reliable analytical calculations for key rotordy-
namic terms, which lend to instability.

Dynamic Model

The hypothetical centrifugal gas compressor of Fig. 1 is in-
tended to serve as the physical system of interest whose single-
stage overhung impeller and annular gas seal will provide the
requisite model uncertainty that is the basis for the objective
compensator design, namely a nonlinear sliding mode controller
implemented via the stationary Kalman filter, gain-scheduled
for rotational speed. This compensator will be compared to a
previous design, which made use of a gain-scheduled multivari-
able Luenberger observer whose poles were placed through
straightforward eigenstructure assignment techniques, although
not according to any specific algorithm (e.g., Gopinath, 1971).
From Fig. 1, the system will be simplified by neglecting the
eye packing labyrinth seal at the impeller shroud interface, as
well as the balance drum, but the mathematical ideas behind the
compensator design will not be greatly enhanced by considering
additional levels of uncertainty.

Using real coordinates, a five-node rotor displacement vector
in the global X, Y, Z frame may be written as z = [Zy_z 2y_z]"
=[RixBiy.... Rsx Bsy Ry Pix....Rsy ﬁsx]T, where Riy,y
symbolizes the displacement of the subscripted inertial node
along the subscripted axis direction, while 8,y x similarly implies
an associated rotation about an orthogonal axis, producing the
horizontal and vertical planar orientations of the flexible rotor
as indicated in the partitioning. These global axes are indicated
in Fig. 1. In the mathematical development that follows, the
finite element representation of the rotordynamic matrices may
be assumed, although a five-node discrete model was taken here
for initial simplicity in the vector of forcing functions; that is,
the mass imbalance forces were taken as ‘‘lumped’” at the five

Fig. 2 Representative four-axis magnetic bearing

nodes: the impeller, the two bearing journals, and the midspans
of the intervening shafts. Gravitational loading was similarly
concentrated. The net horizontal and vertical bearing forces
were assumed to be acting at discrete points on their journals,
which implies several contemporary assumptions about journal
and electromagnet pole face curvature, fringing, etc. One-di-
mensional field treatments of these forces have been presented
by many authors (e.g., Hebbale, 1985; Sortore, 1990) and others
(Schweitzer, 1988; Traxler, 1985) have presented empirical re-
sults to justify/evaluate some of these popular simplifying as-
sumptions. Finally, decoupling the rotational dynamics from the
lateral dynamics results in:

Mi + [Cp + Cglz + Kz = F
Jh =M,

(1)
(2)

where J is the net effective polar moment of inertia and the
seal, impeller, and bearing forces are included with the harmonic
imbalance forces and gravitational terms in F. A representative
four-axis magnetic bearing is shown in Fig. 2, and the relevant
electrical dynamics and the net, left and right, vertical and hori-
zontal bearing force vector is given as:

45 —diag[(R/L)z14]1 + diag[(1/L)i=14]8

o (3)

FBrg = F, + Kpg + K,i

Nomenclature

0 = null matrix

Bivx = associated rotation of ith iner-

J = rotor net effective polar mo-

I = identity matrix tial node about orthogonal axis ment of inertia
k = empirical constant to trans. F = rotordynamic vector of excita-
f = operating frequency i = restrictive dimension in flow tion sources
Diam = impeller diameter path Fy,, = magnetic bearing force compo-

D = ‘“‘disturbance’’ vector v = tuning parameter nent of F
z = rotor displacement vector A = nominal (regulated) air gap ¢ = bound on model uncertainty
¢ = compressor stage power length magnitude

M, = molecular weight of gas p4! ps = discharge/suction density ratio §(-) = sliding surface in nonlinear

X, = reduced order state vector (R/L); = resistance/inductance ratio of state space
G = process noise input matrix electromagnet pair Cp ¢ = rotor damping, gyroscopic ma-

Rixy = translation of ith inertial node
along X or Y direction
A, B = system matrix, input matrix
¥, H = output vector, output matrix
L = stationary Kalman gain matrix
W, V = process, measurement noise
W(+) = general, nonlinear functional

component of feedback signal net pair
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Kp, K; = bearing displacement, current
stiffness matrices
P = positive definite solution to Ri- ics
catti equation
M, = total applied moment about ro-
tational axis
(1/L); = inductance ratio of electromag-

trices
A = pole of sliding surface dynam-

M, K = rotor mass, stiffness matrices
Or, R, = process, measurement noise
. spectral density matrices
i, € = vector of electromagnet pertur-
bation currents, voltages
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where the electrical parameters have been indexed to accommo-
date any intentional or unintentional bearing asymmetry, and
the bearing displacement and current stiffness matrices may be
easily derived from first-order perturbation techniques such as
found in Matsumura and Yoshimoto (1986), among other refer-
ences. Equation (3) will augment the rotordynamics of Egs.
(1) and (2) to lengthen the state vector. The four net beat-
ing forces are expressed in terms of the gap length error associ-
ated with the respective degree of freedom. That is, § =
— [RayRsyRaxRsx 17, and the displacement stiffness and current
stiffness matrices are appropriately 4 X 4 (and diagonal), yet
this ordering remains arbitrary. For compatibility with the rotor-
dynamic matrices, a bearing force vector of length 20 will be
assumed, where the relevant vectors and matrices are now ap-
proprlately padded with zeros. For example, F =F - Rpz
+ K, where dim (K;) = 20 X 4.

For plain annular gas seals, perturbation treatments have been
used to produce numerical algorithms for calculating rotordy-
namic coefficients. The approach of Thieleke and Stetter (1990)
follows that of Childs and Scharrer (1986), yet reduces the
number of variables to be calculated, thus simplifying the algo-
rithm. It was the method adopted for calculating the seal coeffi-
cients used here.

For the aerodynamic loading on the single impeller, no gener-
alized analytical approaches have been satisfactory. This i in
contrast to pump impellers, where substantial data have been
collected to support reasonable numbers for rotordynamic mod-
els. Wachel and von Nimitz (1981) introduced an empirical
formula for estimating the cross-coupled stiffness coefficient
based on extensive experimental work with several unstable
units. It has a wide acceptance and appears to yield reasonable
estimates of actual stability points. Thus, with variables defined
in the Nomenclature section,

1o I P | P
— = where
Fy dimp —Kyx Ry

KMP <£_,_,> @

K
xr = # £ Diam f Diam

The direct stiffness, which remains obscure, would tend to affect
the natural frequencies (and, hence, critical speeds) while the
cross-coupled term has been the focus of stability. In this simple
system, the single seal will develop forces, which are modeled
as acting at the same node as those of the impeller. In a more
realistic system, this would not be the case.

Controller Development

Modeling and controlling continuous physical systems with
a finite number of modes (structural uncertainty) has been in-
sightfully shown by Balas (1978) to offer the opportunity for
control and observation spillover, the effects of which may
produce instability in the closed-loop system. In that paper,
Balas recommended comb-filtering the measured output signals
to pass only the frequencies in the modes to be controlled as a
means of ‘‘eliminating’’ the observation spillover, thus assuring
stability. Unfortunately, he provides no conditions on the filter
that would guarantee the stability. Doyle and Stein (1979)
discuss the closed-loop instability potential for systems whose
dynamic models are merely parametrically uncertain (i.e., the
system matrices are in error to within a constant). To date,
there seems to be no simple, general approach to eliminating
these interactions. These ideas, which they discuss in the context
of LTI systems, would appear to be even more complicated
with time-varying or nonlinear systems. Despite the invalidity
of the separation principle with respect to the anticipated model
uncertainty and nonlinearity, we will proceed conventionally
and design the controller and the observer separately, and evalu-

838 / Vol. 118, OCTOBER 1996

3000

2500 [

Fwy

3
E 2000 |
F : / -
S 1500 [y At
% 1000
3 500 L S BW() :
FW(
r BW()
0 1 11 PR I —— T n
o} 5000 10000 15000 20000 25000
Rotational Speed (rpm)

Fig. 3 Campbell diagram

ate the resulting compensator via simulation, postponing further
comment. .

With the state vector defined as x = [z 2 i]7, the controlled
input is now €. Following Slotine and Li (1990) or Fernandez
and Hedrick (1987), one may derive a sliding mode controller
for the system. Choosing a vertical and horizontal gap length
error at each bearing as the system outputs to be regulated, the
four independent control laws desired are easily produced in
straightforward fashion. Combining Eqs. (1) ~(4) with the seal
loading forces not detailed here:

X=A(d)x+Bu+D XER", uecr’

I$ =M,

(3)
(6)

where, for the matrices appropriately partitioned according to
the defined state vector,

A(d)x
0 | 1 :I 0 z
- |Ewwetwrel wew Z
0 —diag[(R/L)i-14] I

| 0 0
0 0

Bu = . D = =1/ s
! [Oldlag[u/L).-:..u][s] M-t <10'“+F)

In the equations above, the primes denote the original rotordy-
namic matrices as modified by the aerodynamic and seal loading
terms, and the elements of the bearmg stiffness matrix K, (or
Kp). Fis simply that from Eq. (1) minus the bearing, seal, and
impeller forces. Since the intention is to invoke a linear speed
of rotation law, and because the angular degree of freedom is
decoupled from the remaining system, ¢» has not been included
in the state vector definition, although the dependence of the
system matrix on ¢ has been noted to remind the reader of the
gyroscoplc effects; of course, D = D(¢, ¢, d)) and is also time-
varying. Although real, effective process noise could easily be
modeled and included in Eq. (5), this has presently been ex-
cluded for the generic problem at hand. Proceeding, then, with
the control law (s), one may take a representative air gap length
(left bearing, top) as g¢; = A — Rsy. With an associated error
of §o = —R,y, one begins with the 15th row of Eq. (5), as
dictated by the rotordynamic vector originally assumed and
dimensioned for the reader.

§e1 = —Ryy
Goo = —Ryy = M''Kisz + M "'Clis
- M''Biasyl — M'7'Fis,
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G =M K5z + M'TIClus i
— M' 'Rigsoyi- RIL) ey + (1/L)ién ) — M' 'R s,
= W (2, %, 1, F) = M''Rias(1/L) e
= Ua(x, ¢, b, &) ~ M' 'Ky, (1/L)1 €0

where, for example, M’ ~'K{;s, indicates 15th row, all columns
of M' 'K’, and the substitution of Z = f(z, ) from the system
dynamics has been left implicit above. Since the input voltage
may control the third derivative of the respective gap length
error, the relative degree is 3 — 1 = 2, and one may define the
time-varying sliding surface in the state space as:

d 3-1 . .
se(X, 1) = <Jt + )\> Eo = o + 2N + N (D

Differentiating the surface once recovers the control input,
Seoi = 8u + 2N\ 8n + N84
= Va(x, ¢, ¢, §) — M'"'Kisy(1/L)ieq
+ 2M(—Ray) + N*(—Rsy)
Therefore one may choose:
o = (Li/M' "'Kiasy) { Ue (X, ¢, b, ) + 2N(—Rsy)
+ N*(—Ray) + & tanh (vsa)}  (8)

as the control law to provide an attractive surface. That is, s,
= — £, tanh (vse) (where v represents a tuning parameter for
the tanh (-) function) insures stable attraction for uncertain

=
Kalman Filter Poles E’
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disturbances bounded by &, which may be constant, or perhaps
a function of ¢. The three remaining gap length error control
laws are similarly derived by substituting the appropriate row
index into the indicated matrix algebraic operations. In this
procedure, a nondiagonal inertia matrix, as with FEM tech-
niques, will distribute the control input &’s among all four gap
length error equations, and a simultaneous solution of the terms
must be sought.

Eigenanalysis

Substitution of the four (regulating) control laws, as with Eq.
(8), will uncouple the respective bearing translational degree of
freedom (e.g., Ray) from the remaining system by virtue of the
feedback cancellation term under the restriction of no model
uncertainty. Of course, with model imprecision one is left with
a robust nonlinear regulator, which intentionally maintains the
bearing journals near their nominally zero displacement (rigid
bearing) positions. Thus, taking four independent gap length
errors as § = —[Rsy Rsy Raxy Rsx]”, one removes the 5th, 9th,
15th, and 19th rows and columns of submatrix A,; in Eq. (5),
in accordance with the system matrix as assembled here, and
considers the homogeneous system. Taking x, = [z, Z,]” one
has the first-order eigenvalue form:

S v
Xr ——M;—]K,'. —-M;_IC,’ Xr'—

The Campbell diagram is illustrated in Fig. 3, while the first
three synchronous whirl critical speeds and their respective
mode shapes are provided in Fig. 4.

(9

Kalman Filter

Expanding Eq. (§), one may now express the output relation-
ship:

X=AuX + Bu+ D+ Gw

XER", ueR’, weR" (10)

y=Hx+v, y,veR" (11)

Elww™] = Q;, E[w'] =R,

Cross-correlation of the noise vectors is assumed to be zero,
and the reader is reminded that the process noise indicated in
Eq. (10) is artificial, and its spectral density matrix is, of course,
taken for the sake of calculation accuracy and filter perfor-
mance. As was earlier indicated, no actual process noise was
implemented with the dynamic model of Eq. (5). Ry was chosen
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Fig. 5 Estimator pole locations
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as the (m X m) diagonal matrix of the appropriate position and
velocity noise statistics generated in the model; that is the noise
introduced in the feedback signals of the four independent bear-
ing journal positions and velocities stemming from the nonlinear
controller. Q; was taken to be a banded, nondiagonal matrix as
was found to be appropriate for best filter performance. The
stationary, or algebraic Ricatti equation (ARE) was solved:

P=0=AP + PA" + Q, — PH'R;'HP (12)

and in straightforward manner, the state estimates using the
stationary Kalman gain matrix L were retrieved from:

(13)

where, of course, L = PH'R; ', and the argument of the system
matrix A in Eq. (13) has been reinserted to emphasize the
rotational speed dependence.

Guided by Shamma and Athans (1992) and Shahruz and
Behtash (1992), who present recent and insightful treatments
of gain scheduling, the Kalman gain matrix was calculated over
the relevant speed range and scheduled to a smooth function of
the measured rotational speed signal. Of course, a variety of
methods can be used actually to schedule the feedback matrices
between the operating points at which they are calculated in
the linear parameter varying (LPV) paradigm. Here, curve-
fitting to a cubic polynomial of rotational speed was favored
over linear interpolation. While Shahruz and Behtash (1992)
provide explicit upper bounds on the speed of variation tolerable
in the scheduled parameter, it can also be shown that the rate
of variation of the rotational speed (the rotational acceleration)
obeys the Lyapunov stability criterion. With

X =A%k +Bu+D+ Ly - HR)

X = AupX (14)

where A,;, implies the closed-loop estimator matrix, one finds
the positive definite solution E 4, of the matrix Lyapunov equa-
tion, Eg)Acp + AlEw = —1, where the specific case of
the identity matrix has been assumed as a suitable choice of an
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arbitrary p.d. symmetric matrix on the right-hand side. The
Lyapunov function is taken as V = x"H,Xx, whose negative
definite time derivative may be verified from:

V=x"Eunx + x"Egx + x"E 4yHx <0 (15)
Or, by substituting Eq. (14) into Eq. (15) appropriately (and
where E,((])) = E(‘),)/aqﬁ),

97
xT(—=1+ $E 4)x <0 (16)

Thus, the stability of the time-varying closed-loop estimator is
addressed by evaluating, numerically, the negative definiteness
of (—1 + ¢E' ) for the cubic polynomial scheduling of the
Kalman filter matrices subject to the known time rate of change
of rotational speed.

In the realm of linear systems, and linear multivariable ob-
servers in particular, the heuristic approach still seems to hold
that the slowest observer poles should be anywhere from 5-10
times the speed of the fastest closed-loop pole (see Lewis, 1992,
among others). Still, Luenberger’s original position was that
there was little need for observer poles much faster than the
controller poles. With regard to nonlinear, sliding mode control-
lers, Bondarev et al. (1985) detail the positive benefits and
sometime necessity of using observers in sliding mode systems,
but note that for asymptotic observers, the rates of motion in
the observer should be an order higher than the rates of motion
of the state vector. Of course, this appears intuitive and a previ-
ous compensator whose gain-scheduled observer poles were
placed via eigenstructure assignment techniques to meet just
such an objective has been considered (Smith, 1995). Its perfor-
mance will be compared with that of the present design, relying
as it does on the Kalman filter for measurement noise accommo-
dation, but at the potential performance expense of compara-
tively slow estimator poles. The pole locations of the respective
estimators are shown in Fig. 5. LOG controllers have previously
been considered for magnetic bearings (Matsumura and Yoshi-
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moto, 1986; Maslen, 1991, etc.), but the convergence of the
estimator is never a theoretical problem for perfect linear models
obeying the separation principle.

Numerical Simulation

The exhorbitant data for the system description have not been
included for the sake of brevity, but Figs. 6 and 7 indicate the
performance comparison for the same controller implemented
with the Kalman filter and a multivariable Luenberger observer
for identical levels of position variance and velocity variance
in the ideally assumed measurements. The details of the ob-
server may be found in Smith (1995). The overhung impeller
and the near-impeller bearing displacement are shown. For the
Kalman filter implementation, +40 percent was the maximum
tolerable increase in the aerodynamic cross-coupling term over
its nominal design value. For the multivariable Luenberger ob-
server, this term was taken to 55 percent above its nominal
value before serious performance degradation occurred. The
respective (convergent) errors in the impeller estimate for both
the filter and the observer indicate the ‘‘fast dynamics’’ design
criterion that the.observer was based on, yet the comparatively
slow poles of the Kalman filter have not apparently hindered
the sliding mode action that the implemented cross-coupled
stiffness variation would have relied upon, and that Bondarev
et al. (1985) recommend.
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Conclusions

Rotordynamic loading effects from seals, fluid interaction
forces, etc., are not often directly addressed in contemporary
discussions of magnetic bearing control system design. The
recent paper by Lang et al. (1995) strikes at the heart of funda-
mental issues of potentially unstable uncertainties. Although
they dealt with a rigid rotor in their parameter estimation algo-
rithm, the more difficult issue to tackle in adaptive control might
be the genesis and reliability of the signal matrix itself. In this
paper, the attempt was merely to focus attention on the cross-
coupled stiffness terms arising from both aerodynamic loading
of compressor impellers and annular gas seal forces, and this
has been done by recourse to a hypothetical single-stage centrif-
ugal gas compressor of the overhung design. A nonlinear con-
troller was successfully implemented through the stationary
Kalman filter, gain-scheduled for rotational speed, and theoreti-
cally examined for sensitivity to the aerodynamic loading in
the presence of measurement noise. Compared to its counter-
part, the multivariable Luenberger observer, the Kalman filter

Journal of Engineering for Gas Turbines and Power

performs well, although admits of a slightly lower toleration
for modeling error in the cross-coupled stiffness term, while
predictably smoothing out the noise. Of course, a comprehen-
sive evaluation of both compensators in the face of the compet-
ing needs of robustness and low noise sensitivity to an array
of possible variations requires a more thorough and deliberate
effort.
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Test Results of a New Damper
‘Seal for Vibration Reduction in
Turbomachinery

J. M. Vance A new type of labyrinth gas seal for damping vibration and whirl, called the TAM-
SEAL, has been evaluated in both nonrotating and rotating tests at Texas A&M
J. Li University. Test results of the prototype, along with comparison tests of a conventional

labyrinth seal, show up to 100 times more direct damping than the conventional
bladed seal. The new design also has a feature that blocks swirl of the working fluid,
which is known to be rotordynamically destabilizing in machines with conventional
seals. Coastdown tests of the new seal were conducted at various pressures on a
rotordynamic test apparatus with a critical speed at 4000 rpm and compared with
identical testing of a conventional labyrinth seal. Rap tests of both seals were also
conducted to measure the logarithmic decrement of free vibration, and the leakage
of both seals was measured. Test results show large reductions in peak vibration at
the critical speed in all cases, with the critical speed being completely eliminated by
the TAMSEAL at some pressure drop conditions. The leakage rate of the tested
TAMSEAL is higher than the conventional seal at the same clearance, but the large
reductions in vibration and whirl amplitudes suggest that the TAMSEAL could be

Department of Mechanical Engineering,
Texas A&M University,
College Station, TX 77843

operated with smaller clearances than conventional labyrinth seals.

Description of the TAMSEAL and Test Rig

The most common type of pressure seal in turbomachinery
is the labyrinth seal. A labyrinth seal consists of a series of
circular blades and annular grooves that present a tortuous path
for leakage of the working fluid. The TAMSEAL is a revolution-
ary development of the teeth on stator labyrinth seal. There are
two distinct features of the TAMSEAL that work together to
produce high damping. The first distinct feature is the radial
rotor-to-blade clearance that increases along the axial flow path
of the gas. The second distinct feature is placement of segregat-
ing partitions in the annular grooves of the seal. The combina-
tion of these two features is unique and has never been incorpo-
rated in any other seal design. A computer code predicts that
the optimal blade number for damping is 2; increasing blade
number will decrease both leakage and damping. Figure 1 is a
cross-sectional drawing of a two-bladed configuration with four
circumferential pockets.

Test results from a nonrotating apparatus were reported in
1993 (Vance and Schultz). This paper reports rotating tests.
Figure 2 is a cross-sectional sketch of the rotordynamic test
apparatus. The seal journal is attached to the end of the shaft.
The journal is enclosed inside a sealed housing. Actually there
are two identical TAMSEALSs installed back-to-back around the
overhung journal disk. Pressured air is supplied to a plenum
chamber between the two seals. There are two leakage flows
going from inside out in opposite directions and exhausting to
the atmosphere. This cancels the axial thrust load and precludes
the necessity for any ancillary seals that could pollute the test
results. The seal journal diameter is 101.6 mm (4.000 in.). The
upstream and downstream radial clearances of the tested damper
sea] are 0.102 mm (0.004 in) and 0.203 mm (0.008 in.), respec-
tively, while the configuration of the conventional seal is
straight with 0.102 mm (0.004 in.) radial clearance. The first

Contributed by the International Gas Turbine Institute and presented at the 40th
International Gas Turbine and Aeroengine Congress and Exhibition, Houston,
Texas, June 5—8, 1995, Manuscript received by the International Gas Turbine
Institute February 11, 1995. Paper No. 95-GT-36. Associate Technical Editor:
C. J. Russo.
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critical speed of the rotor-ball bearing support assembly is 3960
rpm (66 Hz) with no seal installed.

Instrumentation consists of two X -Y Bently proximity probes
mounted on the bearing housing near the overhung end of the
rotor. An air pressure transducer is installed into the inlet ple-
num between the seals to measure the inlet pressure. There is
a flowmeter installed in the air supply line to measure the total
mass flow rate (leakage ). Rotor speed is measured by an optical
pickup. Coastdown curve measurements are made by acquiring
vibration displacement data from a Bently-Nevada synchronous
tracking filter. An HP 3561A signal analyzer is used for logarith-
mic decrement measurements when conducting rap tests.

Theory of Operation

Alford (1965) published a theory to predict direct stiffness
and damping coefficients of a labyrinth seal with two blades
and choked flow. The most notable prediction of Alford’s analy-
sis was that seals with clearances converging in the direction
of flow would have negative damping, and seals with diverging
clearances would have positive damping. The predicted coeffi-
cients are quite large. This theory modeled only the axial flow
and neglected circumferential flow effects. Ten years of testing
labyrinth seals at TAMU by Childs and Scharrer (1988}, and
by Vance and Schulz (1993), has shown that the direct damping
coefficients of conventional labyrinth seals are very small, even
with diverging clearances. Instead, the dominant rotordynamic
coefficient of conventional seals is cross-coupled stiffness,
which reduces the effective damping and can be destabilizing
to rotor whirl. The reason for this failure of Alford’s theory is
that conventional labyrinth seals have continuous and unob-
structed annular grooves so that pressure variations across the
seal diameter cannot exist without large circumferential flow
rates. Unfortunately, circumferential flow induces the destabi-
lizing force represented by cross-coupled stiffness. The TAM-
SEAL design eliminates or greatly reduces the circumferential
flow.

Iwatsubo (1980) made photographs through a transparent
labyrinth seal wall that reveals a very complex flow pattern,
containing vortices around the annulus. The TAMSEAL design
makes this complex flow disappear, or at least makes it of

OCTOBER 1996, Vol. 118 / 843

Copyright © 1996 by ASME

Downloaded 02 Jun 2010 to 171.66.16.104. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm



=2 B

Maximum Amplitude of Imbalance Response
[ %X: Horizontal ]

Inlet Pressure (bar)

et £}
cavity saparatipn biadas
‘“‘\\ inlet TR axit
: Py Pa
Py \\ - T N1 -',\
\ ( - f )
)
“ \ %_l\/
- . N
\
il )
Py L JE | R
L. B L _____ .
SECTION "R -~ A® SECTION "B - B”

Fig. 1 Two-bladed damper seal

secondary importance relative to the axial flow in and out the
cavities. The current theory for the new damper seal design is
therefore based on an assumption that the average pressure in
the seal cavities can be calculated based on gross mass flow
rates into and out of the cavities. Local flow fields within the
cavities are ignored. This theory is mathematically the same as
that developed by Sundararajan and Vance (1993) for a gas-
operated bearing damper also invented at Texas A&M Univer-
sity. It is important to note that the new damper seal is unlike
all other damping devices commonly used, in that it does not
rely on viscosity of a fluid to dissipate energy.

A physical description of TAMSEAL phenomenon proceeds
as follows:

Refer to Fig. 1 and assume counterclockwise whirling of a
rotor within the clearance circle of section ‘‘A-A.”’ Consider
the seal journal in the three o’clock position and moving up.
The blade clearances adjacent to the p; and p, cavities are
opening up. The clearances adjacent to p; and p, are closing.
The percent rate of change of inlet area (at Pi on section *‘B-
B’’) is greater than the percent rate of change of exit areas (at Pe
on section ‘‘B-B’"). The pressures in all cavities will therefore
change with time, at the same frequency as the shaft whirl
speed. It turns out that the dynamic pressure in each cavity
leads the whirl displacement vector by a phase angle. If this
phase angle is 90 deg, then the pressure force on the rotor will
continuously oppose the rotor velocity. This is damping, by
definition. The actual phase angle is frequency dependent and
deviates considerably from 90 deg at high frequencies. The
deviation from 90 deg reduces the damping and produces a
negative stiffness coefficient that is small compared to typical
shaft and bearing support stiffness in turbomachinery.

Test Results and Comparison

The inlet air pressure to the seals was varied from 1 bar (14.7
psia) to 3.4 bar (50 psia) for the TAMSEAL, and from 1
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Fig. 2 Cross section of damper seal test rig
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bar (14.7 psia) to 4.4 bar (65 psia) for the conventional seal
exhausting to the atmosphere. The inlet temperature was 23°C
(74°F). The synchronous response to imbalance was measured
by running the rotor up to 6000 rpm, then decreasing the speed
at a uniform rate, and recording the X and Y probe amplitudes
as a function of the running speed. Figures 3 and 4 show how
the maximum peak-to-peak amplitudes at the critical speed vary
with inlet pressures. The coastdown results for a number of
different inlet pressures are shown in Figs. 5—10, respectively.
The coastdown results show that the TAMSEAL has much more
effective damping than the conventional seal. The TAMSEAL
always has positive effective damping for imbalance response
while the conventional seal has negative effective damping in
the vertical direction. When inlet air pressure is above 3.1 bar
(45 psia), the maximum amplitude of imbalance response for
the TAMSEAL is decreased greatly, so that the coastdown
curves are flat (no peak) in the horizontal direction. The effects
of the TAMSEAL and the conventional seal on the critical
speed are different from each other. The critical speed is raised
with inlet air pressure for the conventional labyrinth seal. For
the TAMSEAL, however, the critical speed first is lowered with
inlet air pressure and then is raised with inlet pressure above
40 psia.
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Rap tests of both seals were conducted with the rotor at rest
for several different inlet pressures. Examples of the decaying

conventional labyrinth seal are shown in Figs. 11 and 12. The
rapidly decaying vibrations are with the TAMSEAL. Figure 13
shows logarithmic decrements extracted from these wave forms.
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When increasing the inlet air pressure to the seal, the damper
seal was found to increase the logarithmic decrement sharply,
while the conventional seal decreased the logarithmic decre-
ment.

The mass leakage rates of the TAMSEAL and the conven-
tional seal were also measured under identical conditions. The
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comparison of the leakage of both seals is shown in Fig. 14.
The leakage of the TAMSEAL is 1,30 times that of the conven-

tional seal. The relationship between leakage and inlet air pres--

sure is approximately linear for both seals, but the leakage
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Fig. 14 Leakage rates versus iniet pressure

rate of the TAMSEAL is increased more quickly with inlet air
pressure than that of the conventional seal,

Conclusion

1 The TAMSEAL has much more equivalent damping for
imbalance response than a conventional labyrinth seal with
identical dimension, including whatever cross-coupled stiffness
results from shaft rotation. Equivalent damping is indicated by
reduction of the vibration amplitude at the critical speed.

2 For low inlet air pressure (2.7 bar and less), the TAM-
SEAL lowers the first critical speed frequency. When inlet air
pressure is above 2.7 bar (40 psia), the TAMSEAL increases
the first critical speed frequency. This is in contrast to the con-
ventional labyrinth seal, which was found to always raise the
critical speed.

3 For free vibration, the TAMSEAL has positive effective
damping and increases the logarithmic decrement rapidly with
inlet air pressure, while the effective damping of the conven-
tional seal is not only very small, but becomes negative for inlet
air pressure exceeding 2 bar (30 psia). When inlet air pressure
is above 2.7 bar (40 psia), the effective damping of the TAM-
SEAL approaches the critical damping,

4 The leakage rate of the TAMSEAL is about 30 percent
farger than that of a same dimension conventional labyrinth
seal under ideatical conditions. The large damping effect of the
TAMSEAL suggests that smaller clearances could be used in
many applications, which would reduce the leakage. (Addi-
tional testing has shown that smaller clearances also produce
higher damping.}
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The Development of Life
Prediction Techniques for
Structural Ceramics

One of the major challenges involved in the use of ceramic materials in advanced
vehicular heat engines is ensuring adequate strength and durability. This Department
of Energy supported activity has developed methodologies to predict the structural
behavior of ceramic components. The effort involved the characterization of injection-
molded and hot isostatic pressed PY6 silicon nitride and the development of analytical
life prediction techniques. Three failure modes are addressed: fast fracture, slow
crack growth, and creep rupture. The technique deals with surface as well as internal
component failures. The life prediction methodologies for fast fracture and slow crack
growth have been verified using two types of confirmatory specimens: (1) flat circular
disks subjected to bending stresses, and (2) high-speed rotating spin disks. Correla-
tion was achieved for a variety of test conditions and failure mechanisms. The predic-
tions associated with surface failures proved to be optimistic, requiring re-evaluation
of the components’ initial fast fracture strength. Correlation was achieved for the
spin disks that failed in fast fracture from internal flaws. Time-dependent, elevated-
temperature spin disk failures were also successfully predicted.

P. K. Khandelwal

N. J. Provenzano

W. E. Schneider

Allison Engine Company,
Indianapolis, IN 46206

Introduction

The goals associated with this effort are to develop and dem-
onstrate:

» design methodology, which can predict the useful life of
ceramic components

* a ceramic material database appropriate for use in the
design of engine components

To accomplish the goals, three major tasks were involved:

¢ material characterization and database generation
¢ development of analytical life prediction models
¢ verification

The characterization of the PY6 material involves room and
elevated temperature testing of a variety of specimens. The fast
fracture and slow crack growth testing used modulus-of-rupture
(MOR), button-head, and dogbone tensile specimens. The
creep/stress rupture testing employed the button-head and dog-
bone tensile specimens. Fractography of representative samples
from each of the tests was conducted to ensure adequate knowl-
edge of the failure modes and mechanisms.

The development of the analytical life prediction models
builds on the knowledge and information gained during the
materials characterization phase. A series of statistical models
has addressed each of the failure modes. Both uniaxial and
biaxial models have been developed and correlated with the
material test data. The fast fracture model is based on a two-
parameter Weibull distribution, which is the current industry
standard, except the proposed model utilizes a different distribu-
tion depending on the specimen/component failure origin. Sep-
arate durability models have been developed for slow crack
growth and creep. Both models have been enhanced and time-
dependent probability of survival is predicted such that the prob-
ability of failure increases with time. In addition to the life

Contributed by the International Gas Turbine Institute and presented at the 40th
International Gas Turbine and Aeroengine Congress and Exhibition, Houston,
Texas, June 5-8, 1995. Manuscript received by the International Gas Turbine
Institute February 8, 1995, Paper No. 95-GT-30. Associate Technical Editor:
C. J. Russo.
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prediction models, a creep deformation model has been devel-
oped that couples the creep rate to the stress rupture information.
The life prediction models developed by this program have been
incorporated into the NASA software, CARES [1].

The final phase involves additional tests to confirm the ade-
quacy of the durability models and establishes suitable safety
factors for use in component design. The verification tests used
flat circular disks subjected to bending loads and high-speed
spin tests. The confirmatory tests were conducted at room and
elevated temperatures up to a maximum of 1400°C. Pretest
inspection of the PY6 spin disks revealed that the material
quality was unacceptable. The material supplier discontinued
all efforts to develop and supply ceramic materials. Under these
circumstances, an alternate verification method had to be used.
This involved the use of the material database and confirmatory
test results for the NT154 silicon nitride material. This informa-
tion was obtained from the associate program conducted by
AlliedSignal Aerospace Company, Garrett Auxiliary Division.
The methodology and correlations developed by this program
have also been applied to the NT154 material.

Material and Specimens

The principal requirement of the Ceramic Life Prediction
program was to select a material system that was a candidate
material for the gasifier rotor application in the DOE-funded
Advanced Turbine Technology Applications (ATTAP) pro-
gram at Allison. Allison selected the GTE Laboratories PY6
injection-molded and hot isostatic pressed (HIP) silicon nitride,
which was a leading candidate material and processing method
when the program was first envisioned and initiated. The selec-
tion of the ceramic material was approved by the Oak Ridge
National Laboratory (ORNL ) program management as required
by the contract.

A mix of coarse and fine silicon nitride powders was ball
milled with 6 wt% yttria. The milled powders were mixed with
a binder, injection molded, and HIP processed to fabricate test
specimens of PY6 silicon nitride material. Four types of speci-
men were tested during this program: Type-B modulus-of-rup-
ture (MOR) bar, button-head and dogbone tensile specimens,
and flat circular disk specimens. All the specimens were sub-
jected to density and dimensional measurements, and character-
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ized by several nondestructive evaluation (NDE) flaw detection
methods including visual (10X to 40X), fluorescent penetrant
inspection (FPI), microfocus X-ray, and acoustic microscopy
inspection prior to mechanical testing.

Analytical Methodology Development, Three major fail-
ure mechanisms were identified and addressed for two high-
strength silicon nitride materials, GTE PY6 and Norton NT154.
The life prediction models were developed for the following
damage mechanisms:

e fast fracture (FF)
¢ subcritical (slow) crack growth (SCG)
¢ creep deformation and rupture

Fast Fracture

Corner Failure Mode. A total of 320 Type-B MOR speci-
mens were characterized in four-point bending from room tem-
perature to 1400°C at a constant cross-head speed of 0.5 mm/
min using a servohydraulic test system. Failure analysis of the
specimen fracture surfaces revealed that in addition to volume
and surface failure populations, a third type of failure originat-
ing at the specimen corners was present. In fact, 80 percent of
the room temperature specimens failed from the corners. The
results suggest that each type of failure plays a separate role in
the assessment of the fast fracture (FF) strength and Weibull
properties.

The CARES program was modified [2] to account for the
corner flaw population. As part of this process MOR failures
are identified as surface, volume, or corner failures. The MLE
method is used with the other two failure modes treated as
suspended items for the third. This approach is used to deter-
mine the Weibull properties of the corner failures, which are
applied during the FF analysis of the component.

Consolidation of the Weibull Exponent (m). One of the
problems incurred in the development of a ceramic design sys-
tem is the large amount of testing necessary to obtain the fast
fracture Weibull properties at operational temperatures.

A possible approach in reducing the data requirements in-
volves consolidating the elevated temperature data using a sin-
gle Weibull modulus. It can be analytically demonstrated [3]
that if the fast fracture failure mode is dominated by a Mode I
failure, then the Weibull exponent is independent of tempera-
ture. This is true for high-strength PY6 and NT154 silicon ni-
tride materials.

The surface Weibull modulus (m) for the PY6 material was
calculated to be 8.6 at room temperature. At elevated tempera-
tures, the mean Weibull exponent was between 11 and 14 from
1000°C to 1400°C except for the value of 18 at 1300°C. The
consistency of these data suggests it is reasonable to consolidate
the elevated temperature Weibull modulus into a single value.
Individual specimen strengths may be normalized to a single
base temperature by multiplying by the ratio of average strength
at the base temperature to the strength at the test temperature.
If competing failure modes exist, it is first necessary to find the

Nomenclature

mean strength after accounting for the suspended items, calcu-
late the characteristic strength and m at each temperature, and
subsequently ascertain the consolidated characteristic strength.
As described in detail in [2], the methodology worked ex-
tremely well for the PY6 material. The consolidated Weibull
modulus was calculated to be 11.97 for FF surface failures. The
capability of determining the consolidated Weibull modulus and
the characteristic strengths has been added to the CARES code.

Slow Crack Growth Methodology. Two experimental
methods are commonly used to characterize the SCG behavior:

¢ the constant load test (static fatigue)
¢ the constant loading rate test (dynamic fatigue)

In the constant load test, the specimen rupture time is deter-
mined at various applied stress levels. In dynamic fatigue, the
specimen failure strength is measured at various stressing rates.
The equations for the two types of test are derived from empiri-
cal crack velocity relationships. When an activation energy is
used to consolidate temperature data, the equations are as fol-
lows {47:

Constant load:

Tf = B*Si""2*§~N *EXP(Q/RT) (1)

Constant rate:
Sf= (B*(N + 1)*§iN-2%g)1v+n
X *EXP(Q/RT*(1 + N)) (2)
where

Tf = time to failure (constant load test), s

Sf = fracture strength (rate test), MPa

Si = initial fast fracture strength, MPa

applied stress, MPa

applied stress rate, MPa/s

temperature (absolute), K

-activation energy (material constant), KJ/mole
crack velocity exponent (material constant)

crack velocity coefficient (material constant) MPa>-s
universal gas constant = 0.0083 kJ/(mole- K)

LI 1 | | V I I

2RO ~NLLy

Dynamic and static fatigue (stress rupture) testing of the
button-head tensile specimens was conducted at the Southern
Research Institute (SoRI). An analysis of the static data, using
Eq. (1), resulted in slow crack growth constants somewhat
different from those obtained dynamically. As shown in Table
1, the static fatigue crack velocity exponent is 50.9 versus 31.1
from dynamic testing.

When the static test data were predicted by using dynamic
material constants at 1200°C (Fig. 1) the dynamic fatigue model
predicted strengths about 25 percent higher than observed. This
may indicate a higher level of environmental damage associated
with the static load tests. The activation energy of the static test
was 587 kJ/mole compared to 207 kJ/mole in dynamic testing.
This also indicates that the material strength, in static test, is

CARES = Ceramic Analysis and Relia-
bility Evaluation of Structures
FF = fast fracture
Gamma = gamma function
HIP = hot isostatic pressing
K. = Mode I fracture toughness
kJ = kilo-Joules
Type B = standard ceramic four-point
bending specimen, 3 X 4 X
50 mm
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MLE = maximum likelihood estimator
MOR = modulus of rupture
mole = molecular weight
MPa = megapascal
NIST = National Institute of Standards
NT154 = Norton silicon nitride material

PIA = principle of independent ac-
tion
POS = probability of survival
PY6 = GTE silicon nitride material
SCG = slow crack growth
SoRI = Southern Research Institute
Weibull = a type of statistical methodol-

ogy
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Table 1 Comparison of static and dynamic slow crack material con-
stants using button-head tensile specimen tests

Number Crack Activation Coefficient
Type of velocity energy "B"'—
of test  specimens exponent—N Q—Klmole MPa’:sec
Dynamic 16 311 207 2.8E-4
fatigue
Static 31 50.9 587 1.88E-25
fatigue

more sensitive to a change in temperature and associated envi-
ronmental effects. Thus SCG information obtained from a static
test tends to be more conservative,

Creep Analysis Methodology. At high temperatures, par-
ticularly at low stresses and high lives, the creep rupture damage
mechanism dominates the failures of specimens. For the high-
strength silicon nitride materials such as PY6, the onset of creep
occurs between 1250 and 1300°C. While there are a number of
equations in the literature that adequately describe the creep
rupture phenomenon, the ‘‘classical’” Norton equation was used
to describe the relationship between creep rate and applied stress
[4]. The ‘‘classical’’” Monkman—Grant equation was used to
relate rupture time to creep rate. Finally, by combining the
equations, a relationship between rupture time and applied load
is obtained. The equations follow:

CR = B*S" *EXP(—Q/RT) (Norton equation) (3)

(4)
TF = A*B**§9*N *EXP(—a*Q/R*T) (combined) (5)

TF = A*CR* (Monkman—Grant)

creep rate, 1/s

S = static applied stress, strength, MPa

T = absolute temperature, K
TF = rupture time, s

N Norton constant (material constant)

a Monkman—Grant material constant (generally near
-1)
material coefficient, s
material coefficient, MPa /s
= activation energy (material constant), kJ/mole
= universal gas constant 0.0083 kJ/(mole- K)

a+1

IO W >
1

When both creep rate and rupture data are available, it is
desirable to use all of the available data to obtain an optimum
estimate of the material constants. This is done by first writing
Egs. (3) and (5) with the applied stress on the left side of the
equation. Both equations are linearized by taking the natural
logarithms. Finally, a least-squares regression technique is used
to minimize scatter in the stress term.

Figures 2 and 3 illustrate the correlation between the pre-
dicted line and the actual data for both the time-to-failure and
creep rate as a function of stress for PY6 material.

Creep Statistical Failure Model. The large amount of scat-
ter observed in the time-to-failure in the tensile stress rupture
data, Fig. 2, suggests that a prudent component design practice
should incorporate a statistical ‘‘weakest link’’ concept. Such
an approach applicable to stress rupture was developed and
incorporated into the Allison CARES program.

Rearranging Eq. (5), the mean strength of the specimen at
any time for a given temperature is given by

Sm = (A*B*)"V*N*TF"*™ *EXP(Q/NRT) (6)

Journal of Engineering for Gas Turbines and Power

where:

Sm = mean strength at time TF

€6

An assumption is made that at all fixed time ‘‘slices’ the
distribution of strength (but not the mean strength) is constant
and described by a Weibull distribution. Thus, the Weibull mod-
ulus related to creep, mcr, is constant with time. This is similar
to the standard practice of characterizing the time-dependent
SCG strength distribution with the fast fracture Weibull modu-
lus when developing the SCG statistical theory. After a coeffi-
cient of variation is determined from the mean creep strength
and the data scatter, it is then possible to estimate the value of
mcr.

The coefficient of variation may be written as:

Cv = (3, (Smi — 8i)/Smi)?/(Npts — 3))°* (7)
where:
Si = observed strength of the ith specimen, MPa
Smi = mean strength of the ith specimen, MPa (Eq. (6))
Npts = total number of test specimens

Based on Weibull theory, a Weibull modulus related to the

-variation of creep strength is approximately [5]:

mer = 1.2/Cv (8)

Weibull theory [5] also relates a unit characteristic strength
to specimen geometry, mean strength, and Weibull modulus.
The characteristic strength is also a function of time and temper-
atore. Assuming creep is primarily a volume related phenome-
non, the following equation applies:

Soc = Sm*Vspec'™"/Gamma(1l + 1/mcr) 9)
where:
Vspec = tensile specimen volume, m®
Gamma = gamma function
Soc = unit characteristic strength in creep

Finally, for each of the three principal stresses (Weibull PIA)
acting on a finite element of volume Vi, the survival probability

may be written as [6]:
POSij = EXP(—Vi*(Sij/Soc)™") (10)

where:

o Dynamic fatigue +
3
o 100
"]
e
@
2 1F =By § N2 g o QRT
o
< 50
- + Testdata
~— Statlo data fit
-~ — Predicted by dynamic test resuits
L I i
T T L T
0.01 0.10 1.0 10.0 100, 1000.

Time to fallure - hr

Fig. 1 Comparison of prediction from dynamic test with static test re-
sults at 1200°C
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Fig. 2 Predicted versus observed stress rupture failure time for PY-6 button-heéd tensile bars that failed at elevated temperatures

Sij = the jth (j = 1, 3) principal stress acting on the ith
element
POSij = the probability of survival of the ith element

resulting from the jth principal stress

The component survival probability is the product of the
individual POS{j. Thus, at a given time, the survival probability
of a component may be computed. Since Soc also depends on
the local element temperature, this value will vary with location
as well as time.

Confirmatory Specimen Correlation.  An important element
of the program was the verification of the life prediction models.
Confirmatory specimens subjected to multiaxial loading were
designed and tested to failure in both fast fracture and time
dependent modes. Table 2 summarizes the verification tests
involved. While the 1371°C spin disk was expected to fail from
creep, analysis showed that SCG caused the failure. Thus SCG
was the only time-dependent failure mode correlated by test.

Fast Fracture. Three types of multiaxial specimen using
two high-strength silicon nitride materials were tested in fast
fracture at room temperature. The two flat circular disks failed

10001

on the surface only while the spin disk failed both on the surface
and internally.

PYG6 Silicon Nitride Ball-on-Ring Confirmatory Tests. Bat-
telle Research Laboratories, Columbus, Ohio, conducted biaxial
room temperature tests using flat circular disk specimens of
31.75 mm nominal diameter and 2.5 mm thickness. The disk
surface was machined using a protocol developed at Battelle.
The specimens were tested using a ball-on-ring arrangement
and loaded at the center with a 6.35 mm diameter ball and
supported on a 25.4 mm diameter ring. The maximum stress
on the disk occurs on the tensile surface at the center of the
disk where both radial and tangential stresses are equal and
given by the equations in {7].

After several iterations, a promising approach was found that
allowed the prediction of the biaxial results from uniaxial MOR
test specimens. Initially, Weibull shape and scale parameters
obtained from room temperature testing of longitudinally
ground Type-B MOR bars were used to predict the biaxial
strengths. Results were not encouraging. The room temperature
Weibull modulus of 8.6 differed greatly from the value of 17
for the disk specimens. Fractographic examination of the ball-

Cr=BsNo-QRT + - 1300°C
B = 4.54 X 1026 MPa-N/sec X - 1370°C
N =14.61 0 -1400°C
Q = 2010 KJ/Male — Predicted results
1300°C
]
g 4+ 4 1370°C
. o 3
I X ON= .
g 100+ X e —'.'-—° 5© © X 1400°C
7]
Model shown is based on the concurrent aﬂallcatlon of cree
rate and rupture time data obtained from the tensile specimens.
-10 Iy y 07 l06 !
10 10 108 10 10 108
Minimum creep rate — 1/sec

Fig. 3 Predicted versus observed creep rates for PY-6 button-head tensile bars that failed from stress

rupture at elevated temperatures
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Table 2 Summary of multiaxial slow crack growth and fast fracture
verification tests

Failure
Type of mode Failure
Flat circular Center PY6 Room Multiaxial ~ Surface
disk Ball temp fast
fracture
Flat circular Center PY6 1200 Multiaxial ~ Surface
disk ball SCG
Flat circular Center PY6 1300 Multiaxial ~ Surface
disk ball SCG
Flat circular Uniform NT154 Room Multiaxial ~ Surface
plate pressure temp fast
fracture
Spin disk Rotation NT154 Room Multiaxial ~ Surface/
temp fast Internal
fracture
Spin disk Rotation NT154 1204 Multiaxial ~ Surface
SCG
Spin disk Rotation NT154 1371 Multiaxial ~ Surface
SCG

on-ring specimens showed that failure occurred on the tensile
surface normal to the machining marks. To approximate the
observed biaxial results better, a set of Type-B MOR bars was
manufactured with 320 grit transverse machining and evaluated
at room temperature. When these data were analyzed, the aver-
age strength more accurately simulated that of the disk, but the
Weibull modulus was approximately equal to 8, again a poor
correlation.

Finally, 20 MOR specimens were machined from ball-on-
ring disk specimens. The specimen surface was first ground and
polished identical to the biaxial disk specimens. MOR bars were
then dissected from the disks such that machining marks were
transverse to the specimen length. The MOR bars represented
the surface condition of the biaxial disk specimen. The mea-
sured Weibull modulus of 20 agreed well with that of the disks.

Material properties from the MOR specimens cut from the
disks were used to compute the disk characteristic strength using
effective areas from two differing multiaxial models. In the first
model, only the stress normal to machining marks was assumed
to influence the fast fracture failure probability. In the second
model, the effective area calculation was based on the Weibull
principle of independent action (PIA) [6]. Characteristic
strength of the ball-on-ring specimens was predicted using the
aforementioned models and Weibull properties of the trans-
versely ground MOR specimens. The first model predicted a
characteristic strength of 785 MPa versus an experimental value
of 776 MPa, a difference of only 1 percent. The PIA value of
759 MPa was within 2 percent of the measured value and is
slightly conservative.

In Fig. 4, the first model is used to predict a 90 percent
scatter-band for the ball-on-ring disks. This was done by first
converting the MOR measured strengths to that of the ball-on-
ring specimens, which have a smaller effective area. The
CARES program was used to predict the scatterband. The corre-
lation appears reasonable. All of the disk data lie within the 90
percent confidence band and the Weibull slope is similar to the
predicted value.

Journal of Engineering for Gas Turbines and Power

NT 154 Silicon Nitride Pressurized Flat Plates Confirmatory
Tests. A total of 37 simply supported flat circular plates were
loaded with a uniform pressure at room temperature until FF
occurred. The failure origin was near the center of the plate on
the tensile surface. The plate nominal diameter was 50.46 mm,
the nominal thickness 3.191 mm, with a support diameter of
48.26 mm. From calculations of the peak surface stress [8]
and measurements of the center strain, the elastic modulus was
calculated to be about 322 GPa with a Poisson’s ratio of 0.27.
A maximum likelihood estimate (MLE) analysis of the FF
strengths calculated the Weibull modulus to be 10.4 with a
characteristic strength of 808.6 MPa.

Room temperature NT154 FF data sets included Type B and
E type MOR bars and button-head tensile specimens, all of
which exhibit surface failures. Mixed mode FF testing of NT154
has shown this material to be shear insensitive. Therefore, the
PIA method was used to predict the strength of the NT154
pressurized plates. Table 3 shows that the predicted characteris-
tic strength using three different types of specimen data was
within 3 percent of the average failure strength of 808.6 MPa.

Room Temperature Verification Using NT154 Spin Disks.
A total of nine disks were spun to failure at room temperature.
Three of them failed from internal defects whereas six failed
from surface flaws.

The analysis of spin disks with internal failures was con-
ducted using test data from two types of NT154 MOR bars,
which were tested at room temperature and demonstrated vol-
ume failures. These were the E-Bars and 4-in.-long bars cut
from actual disks. Unlike the MIL-B bar, the thickness of these
specimens exceeded their width, resulting in relatively high
effective volumes.

Machining direction has little or no effect on the internal
strength. Both Type-E and 4-in.-long bar data were reduced
using corner and surface failures as suspended items to generate
material properties. The CARES MLE methodology was used
to determine the Weibull modulus and the characteristic
strength. In addition, both data sets were pooled, after normaliz-
ing the 4-in. bar strength to that of Type-E bar, which resulted
in the consolidated Weibull properties.

Once fast fracture material data were available, the spin disk
stresses were calculated using a NASTRAN finite element anal-
ysis (FEA). The finite element information as well as the Wei-
bull FF properties allowed CARES to calculate the disk failure
probability. The experimental survival probabilities for the three
disks that experienced volume failure were obtained from me-
dian ranks with surface failures treated as suspended items.
Table 4 compares the predicted failure probabilities obtained
from E-Bar, 4-in. bar, and consolidated data with the experimen-
tal results.
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Fig. 4 PY-6 biaxial fast fracture room temperature bali-on-ring confir-

matory test prediction of surface failure probability versus experimental
results
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Table 3 Room temperature NT154 pressurized flat plate surface characteristic strength predicted from uniaxial fast fracture test specimens

and the Weibull PIA methodology

Unit Disk
Weibull characteristic effect
Specimen  modulus— strength— area—
type ms_____ MPa-mm?2/ms mm?2
Tensile 6.219 2313 705.4
E-bar 8.105 1803 559.3
Mil-B 8.070 1808 561.4
Flat plate 10.4 — —

The experimental results are bracketed by predictions made
from E-Bar and 4-in. bar data. The predictions made from the
4-in. bars are conservative, while the E-bar predictions are opti-
mistic. When all data are combined, the observed and predicted
results agree well. Figure 5 illustrates the predicted mean and
90 percent scatter band based on the combined Weibull proper-
ties. After the disk failure data are corrected for the effective
volume, only disk 3 lies outside the scatter band. This disk is
approximately 10 percent stronger than predicted.

The analysis of the spin disks that failed at the surface used
the NT154 uniaxial tensile data since test data that simulate the
surface finish of the spin disk were not available. The analysis
yielded Weibull modulus (ms) of 6.22 and unit characteristic
strength (So0) = 250.83 MPa-m*™.

The failure probability of the six burst tested disks were
predicted using the finite element analysis and the CARES PIA
method. A comparison of the median rank disk failure probabil-
ity to that computed based on the above-described methodology,
Table 5, indicates the mean strength was overestimated by 15
percent. It is imperative that material data be obtained from the
specimens with identically finished surfaces. Machining has a
major impact on the surface properties of high-strength silicon
nitride.

Slow Crack Growth

SCG Verification of PY6 Ball-on-Ring Specimens. A total
of 25 flat circular plates using the ball-on-ring arrangement
were tested to correlate the static fatigue methodology at 1200°C
and 1300°C. All specimens had a 31.75 mm nominal diameter
and were supported by balls at a diameter of 15.9 mm. The

0.999
0.9
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£005 + Disk failures
~ Predicted results
0.01
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Stress ~ MPa
Fig. 5 Comparison of predicted fast fracture behavior versus experi-

mental results for NT154 room temperature spin disks with volume fail-
ures
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Predicted

disk Measured Percent
characteristic  disk difference
strength— characteristic  predicted vs.
MPa strength measured
805.6 308.6 -0.4%

826 808.6 +2.1%

830 808.6 +2.6%

— 808.6 —

1200°C plates were 1.78 mm thick, while the 1300°C plates
were 2.00 mm thick. At elevated temperatures, a surface oxide
layer is formed that decreases the surface sensitivity to the initial
surface preparation. As a result, both FF and SCG constants
obtained from statically loaded (stress rupture ) button-head ten-
sile test specimens were used to predict the lives of the flat
circular plates. The SCG material constants were calculated
using the 1200°C, 1260°C, and 1300°C database. Only speci-
mens that failed in less than 3.3 h at 1300°C were used.

The predicted initial biaxial strength and the SCG constants
were used in Eq. (1) to predict the effect of time on the biaxial
strength of the circular disks at 1200°C and 1300°C. Figure 6
shows that the experimental and predicted results are in good
agreement. The predictions pass through the mean of the short

Table 4 Comparison of NT154 room temperature spin disk internal
fast fracture experimental and predicted failure probabilities

Internal Experimental Predicted failure probability
stress— failure Qumesmmccnesennssanmnanasens >
3 506.0 0.618 0.98 0.23 0.80
31 358.9 0.204 0.27 0.017 0.13
34 345.5 0.086 021 0.013 0.10

Table 5 Comparing experimental and predicted failure probability
for disks with surface failures at room temperature

Experimental Predicted failure

failure probability from

Disk ID  Stress—MPa  probability  tensile bar data

9 424.5 0.758 0.444
17 405.3 0.622 0.349
18 378.1 0.485 0.243
36 359.3 0.348 0.184
4 3316 0.211 0.116
21 263.9 0.074 0.029
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Fig. 6 Comparison of predicted and observed slow crack growth behavior for PY-6 ball-on-ring flat circular

disks tested at 1200°C and 1300°C

time failure data and lie above the bulk of the longer duration
tests that were not tested to failure.

It should be noted that the use of an elastically calculated
stress is inherently conservative at 1300°C where creep relax-
ation will reduce the surface bending stresses. This may explain
why two of the run-outs at 1300°C lie above the predicted line.

NT154 Spin Disk Tests at 1204°C (2200°F). A total of 13
NT154 spin disks were subjected to various rotational speeds
at 1204°C (2200°F). Nine disks failed in fast fracture while
four failed on the surface in a time-dependent failure mode.
Stress rupture tensile testing has shown that slow crack growth
was the dominant time-dependent damage mechanism at this
temperature.

SCG analysis of the disk requires material constants to define
both FF and SCG. This information is used with the predicted
stress distribution by the CARES code to compute the failure
probability at a given component life. A Weibull analysis of
the disk fast fracture strength showed that the disks were about
15 percent weaker than the strength predicted from the button-
head tensile specimens. As a result, fast fracture material con-
stants were obtained directly from FF disk testing and used in
the SCG analysis, Table 6. A CARES MLE analysis, using the
volume failures as suspended items, was used to find the disk
surface Weibull modulus and characteristic strength. The FF
constants were used with the finite element stress analysis and
the CARES code to determine the unit characteristic strength.
The unit characteristic strength was determined to be 155.23
MPa-m*™; the Weibull modulus was 6.0. The slow crack
growth material constants were obtained by applying Eq. (1)
to the analysis of static failures of button-head tensile speci-

Table 6 NT154 spin disks failed in fast fracture at 1204°C

Failure Peak surface
Disk ID  speed—rpm  stress—MPa Type
32 76,000 227.1 Surf.
33 76,000 227.1 Surf.
13 83,000 269.1 Surf.
23 83,000 269.1 Surf,
37 74,000 215.8 Vol.
29 80,400 253.1 Vol.
6 93,000 335.6 Vol.

Journal of Engineering for Gas Turbines and Power

mens. The coefficient, B, was 77,060 MPa-h while the crack
velocity exponent, N, was 14.1.

The Allison CARES program computed the time-dependent
probability of failure of a statically loaded component by
applying equations of the following form to each finite element
and finding the product of the survival probabilities.

Si, 0 = (§V% + SVH/BYVN-D (12)
POSi = Exp(—Ai(Si, 0/So0)") (13)
where:
Si, o = effective stress at time = 0
S = element stress
Ai = element surface area
t = time
POSi = probability of survival of ith element

Table 7 defines the rpm levels and the hold time for the four
disks that failed on the surface as a result of SCG. Since only
disk 22 was held at a constant rpm until final failure, the previ-
ous equation for Si, o must be modified for the complex mis-
sions. If the time spent moving from one rpm to another is
neglected and if the loads are constantly increasing, equations
of the following more general forms were applied [3]:

Sc, 0 = (Sf""* 4+ S max 1"*1/Bcl

+ ....8 max n¥*m/Ben)"' VP (14)
POS = Exp — (Sc, o/Sch)™ (15)
where:
Sc, o = effective component stress at time = 0
Sch = disk characteristic strength
Sf = final mission peak stress
t1 ... n = time intervals at each stress
Smax...Smaxn = peak surface stress at each rpm
Bcl ... Ben = SCG coefficient for the disk at each

pm

The values of Bc are found by first using the CARES analysis
to determine the failure probability of the component after time,
ti, at a constant rpm, at which a peak surface stress, S max i,
is produced. Equations (14) and (15) are then rearranged to
find Bc.
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Table 7 Applied load spectrum and predicted failure probability for four NT154 spin disks that failed on the surface in slow crack growth

at 1204°C
Predicted Effective

Load mean Peak surface T. zero
Disk time load time stress— stress— Predicted
Ip rpm x 103 =hr =hr MPa_ MPa POS
41 67/75 150/27 150/16 178.5/220.5 285.3 0.4657
22 71 27.33 116 199.4 249.1 0.7259
7 71/75/82 100/10/* 100/2.7 199.4/220.5/262.9 291.7 0.4174
19 75/84.5 50/% 23.5 220.5/278.6 303.8 0.328
* Burst

Table 7 summarizes the applied load spectrum, the peak
stresses, the predicted probabilities of survival, and the pre-
dicted mean mission lives. The predicted mean lives were
slightly low for three of four disks tested. For instance, disk 41
spent 150 h at 67,000 rpm and 27 h at 75,000 rpm prior to
failure. The predicted result was 150 h followed by 16 h at
75,000 rpm. Only disk 22 demonstrated a life below the pre-
dicted mean life, 27 h compared with a prediction of 116 h.

The CARES program was used with the 1204°C disk fast
fracture failures to predict the 90 percent confidence band for
the 1204°C disk fast fracture failures. Using median ranks along
with the effective time zero stress, it was found that the SCG
test results lie within the confidence band and do not differ
greatly from the mean Weibull line (Fig. 7). This tends to show
that the SCG methodology provided a reasonable prediction.

NT154 Spin Disk Testing at 1371°C (2500°F). Five NT154
disks were burst tested at 1371°C (2500°F) to failure. While
creep damage mechanisms are important at this temperature, an
SCG analysis predicted the observed test results. The creep
analysis was not particularly accurate. All the disk failures initi-
ated from a surface flaw. Fast fracture surface failure data ob-
tained from identical disks tested at 1204°C were scaled to the
1371°C temperature. In scaling the Weibull modulus was kept
the same, 6.0, while the characteristic strength was ratioed by
the values of K, and found to be 14638 MPa-m*™. Stress
rupture (static fatigue) data for tensile specimens tested at
1295°C, 1315°C, 1371°C, and 1400°C were pooled and re-
gressed using Eq. (1) to ascertain the SCG constants. The value
of the crack growth exponent (N) was 17, while the coefficient
B was 0.040864 MPa-h? at 1371°C for surface failures.

In determining the spin disk life at a designated failure proba-
bility, a NASTRAN finite element analysis is used to find both
the stress distribution and the corresponding areas and volumes.
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Fig. 7 NT154 1204°C spin disk confirmatory test: comparison of pre-
dicted failure probability versus experimental surface SCG failure results
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CARES is then used to determine the life using the Weibull
PIA methodology.

Table 8 summarizes the loadings and failure time of disks
tested at 1371°C. The results indicate a large scatter in observed
lives even at the same loading. At 50,000 rpm disk 26 lasted
11 h, slightly longer than the predicted mean life of 10.2 h. At
the same rpm, disk 24 failed after only 0.017 h, slightly less
than the expected 5 percent failure rate life. The lives demon-
strated by the other three disks were roughly bounded by the
predicted mean life and the 5 percent failure life, Table 8. Thus,
the life prediction at 1371°C using SCG was slightly optimistic.
The large amount of scatter demonstrated in the test lives is not
that unusual for a high-strength silicon nitride ceramic material
since the fracture controlling defects may have differing flaw
characteristics. The low Weibull modulus of NT154 is also
partially responsible for the large scatter. Figure 8 further illus-
trates that although the time zero effective stress lies within the
90 percent scatter band, the prediction of failure probability is
slightly low.

Conclusions
Multiaxial Fast Fracture

1 Correlation was obtained between the experimental and
predicted biaxial fast fracture strength of both PY6 and
NT154 silicon nitride materials.

Multiaxial Slow Crack Growth

1 A difference in slow crack growth material properties
was observed between the test results obtained from static
and dynamic tests. The static results are conservative
compared to the dynamic test results.

2 The SCG methodology resulted in a reasonable prediction
for both the PY6 and the NT154 verification specimens.

3 The SCG mechanism appears to dominate the failure of
PY6 biaxial specimens and NT154 spin disks even at
test conditions where creep deformation was observed
in uniaxial tensile testing. The SCG models accurately
predicted the verification test results even though the uni-
axial specimens showed creep damage at comparable
temperatures.

Recommendations

Multiaxial Fast Fracture

1 Shear insensitive fast fracture methodology should be
used to analyze high-strength silicon nitrides.

2 The reliable prediction of component failure probability
requires material data base from specimens with similar
surface finish. If this type of information is not available,
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Table 8 Comparison of observed versus mean and 5 percent failure SCG lives of NT154 spin disks failed from surface at 1371°C

Predicted
Disk Failure— 5% failure
rpm life—hr
8 41,800 7.85
26 50,000 0.0186
24 50,000 0.0186
14 55,000 0.0007
15 45,000/50,000 0.22/0.009
0.980
0.8 +
o 06
5
|
5 0.2}
£ ot
foo| — Tt
001}
-+ Observed spin disk failures
W 180 300 20 240 260 %0

Stress - MPa

Fig. 8 Comparison of NT154 1371°C spin disk SCG time zero effactive
strength versus predicted fast fracture strength. Test results lie within
the predicted 90 percent confidence band.

the lowest characteristic strength data base should be
used.

Multiaxial Slow Crack Growth

1 To insure the long-term durability of ceramic compo-
nents, the time-dependent failure mechanisms should be
considered. For PY6 and NT154 types of silicon nitride,
the' SCG methodology should be applied below 1300°C.

2 Above 1300°C, both SCG and creep should be considered
to determine the dominant failure mechanism. The failure
mode resulting in the minimum component life should
be used to ensure a robust design.
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Strength Prediction of Ceramic
Components Under Complex

A. D. Peralta
. cwe | Stress States
The capability to perform accurate fast-fracture strength predictions for ceramic
P. J. Brehm components under complex stress states must be available in order to transition the
' use of advanced, high-strength ceramic materials from the laboratory to the high-
strength/high-temperature applications they are intended for. Multiaxial strength
J. C. Cuccio prediction theories have provided the prediction capabilities, but only limited testing
of these theories under complex states of stress and stress gradient conditions has been
performed previously. Presented here are comprehensive test results and strength
M. N. Menon predictions for ceramic components subjected to complex states of stress and stress

gradient conditions. The results show excellent agreement of the predictions from the
multiaxial theories with test results for volumetrically distributed flaws. An important
finding of this work is the problem that arises in performing component surface
strength predictions from database-type specimens. Database-type specimens and
component surface properties are not necessary correlated, and in many cases it
may be completely inaccurate to use database-type specimen surface properties for
component surface strength predictions.

AlliedSignal Engines,
Phoenix, AZ 85034

Introduction

As part of the Life Prediction Methodology for Ceramic
Components of Advanced Heat Engines program, funded by
the Department of Energy/Oak Ridge National Laboratories
(DOE/ORNL) under Contract No. DE-AC05-840R21400, Al-
liedSignal Engines has been developing methodology to per-
form life predictions for high-strength ceramic materials. The
selected approach included the development of a comprehensive
materials database, nondestructive evaluation methods, material
behavior models, statistical tools for data analysis, and probabi-
listic tools for component design. The accuracy of the developed
methods was confirmed by comparison of predictions with the
results of subelement tests. This paper focuses on the progress
made and the lessons learned in confirming life prediction meth-
ods for the fast fracture mode of ceramic components.

Acceptance of advanced ceramics for use in heat engine ap-
plications is based to a large extent on the fast fracture strength
capabilities of the materials. Time-dependent failure modes also
play a major role in the successful implementation of ceramics
in heat engines, because of the associated long life requirements
of these applications. To those familiar with heat engine compo-
nent design, the complex stress fields found in engine compo-
nents are a fact of life. But laboratory testing of specimens
for database generation is restricted by specimen costs and the
complexity of testing. Most testing is currently performed on
four-point bend test specimens and, to a lesser extent, on tensile
specimens, both providing simple uniaxial stress fields. Weibull
(1939) developed the uniaxial theory to predict the behavior of
uniaxially loaded ceramic components. The multiaxial theories
developed by Batdorf and Crose (1974), Batdorf and Heinisch
(1978), and Evans (1978) provide the tools that allow the data
generated from laboratory specimens to be used for heat engine
components with complex stress fields.

An important consideration in prediction of the fast fracture
strength of ceramic components from specimen data is in the

Contributed by the International Gas Turbine Institute and presented at the 40th
International Gas Turbine and Aeroengine Congress and Exhibition, Houston,
Texas, June 5—8, 1995. Manuscript received by the International Gas Turbine
Institute February 22, 1995. Paper No. 95-GT-394, Associate Technical Editor:
C. J. Russo.
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similitude of the specimen to the component properties. Consid-
erations have to be made as to the similitude of the volume
properties, the surface conditions, and the presence or nonpres-
ence of chamfers in the component. The volume considerations
can be satisfied by using the same powder and processing
method for both the test specimens and the components. The
surface considerations are much more complex. One must make
sure that any difficulties associated with the fabrication of the
component are also reflected in the specimen fabrication. The
machining operations must be the same for all machined sur-
faces, and the mold material and mold removal operations must
be the same for all as-processed surfaces.

A second important consideration is the failure modes associ-
ated with the specimen and the component. One must make
sure that the failures expected in the component are also present
in the specimen. For example, the strength of a component of
volume V,, with machined surface area A, and chamfer length
L,, cannot be accurately predicted from tensile specimen data
alone, because the tensile specimen does not provide informa-
tion on the chamfer failure mode. Also, the pertinent machined-
surface failure mode of the component may be the transverse
machining direction, whereas in a longitudinally machined ten-
sile specimen such surface property data cannot be captured.

Testing

A large database was generated during the AlliedSignal pro-
gram to investigate fast fracture and time-dependent failure
modes. In total, 1400 specimens were tested, in the various
configurations shown in Fig. 1. The specimens were made from
cold isostatically pressed plus hot isostatically pressed NT154
silicon nitride ceramic material supplied by Norton Advanced
Ceramics of Worcester, MA.

Four specimen types for fast fracture strength were tested:
MIL-A, MIL-B, MIL-E, and ORNL tensile buttonhead speci-
mens. Strength data from these simple, uniaxially loaded speci-
mens were then used to predict the fast fracture strength of
confirmatory specimens having significant stress gradients and
complex multiaxial stress fields. Successful strength predictions
of these components with complex stress states would validate
the multiaxial theories.
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Ceramic test specimens used in this program: (a) MIL-A; (b} MIL-B; (c) MIL-E; (d) flaw growth and notched tensile;

{e) buttonhead tensile; (f) tension-torsion; {(g) plate bending and diametral compression; (h) spin disk

Five confirmatory specimen geometries were designed to pro-
vide for a variety of stress gradients, multiaxial stress condi-
tions, and of sizes significantly different than the database speci-
mens: a spin test disk, a tension-torsion specimen, a plate bend-
ing specimen, and two notched specimens having stress
concentration factors (K,) = 1.6 and 2.1, respectively. Care was
taken in the processing of these specimens to ensure that the
material was the same for all the different specimen types and
the confirmatory specimens. Specific instructions were given to
the machining vendors to control machining process factors
such as the grinding wheel, grit size, and down feed rate. The
notched specimens were designed with the same notch root
radius, but different gross cross-sectional areas; this was done
with the intent of producing similar surface machining condi-
tions and finishes.

Background

The data analysis was performed using statistical tools devel-
oped under this program (Cuccio et al., 1994). The tools devel-
oped consisted of a reformulation of the classical likelihood
function to account for the specimen effective sizes, as shown
in Eq. (1), which is the reliability equation using Evans’ nota-
tion for the size scale term:

Ps = exp — {IVV<—J:“”) }

The likelihood solution, using censored data analysis, for m and
o, using the new formulation is given by Egs. (2) and (3)
(Peralta, 1991):

(1)

Nomenclature

n

2 Ve f; + L In (0)] r

1
_ k=1 _ -
7 A - r §
2 IkaO'k !

k=1

1 n . . 1
G, = [_ 2 IkaUT]
r k=1

[?Hrl(m)] (2)

i

(3)

The Weibull parameters calculated from this approach are
material constants, independent of specimen size and loading
conditions. Note that the second Weibull parameter, o,, can be
thought of as the characteristic strength of a specimen of unit
effective size. The multiaxial stress gradient factors are defined
as follows, in Eqgs. (4)—(6):

2 27 om
b= .”f f f 90 2.2 6 V) o5 gagayay  (4)
"2 ATVo0 &
nz(x y7 9)
Iy = ff f Ao dfdA (5)
_ [ e
IL N f Loo-glmdx (6)

The multiaxial stress gradient factors are defined such that 0
= Iy < 1. The volume, Iy, is unity for a uniform equitriaxial
state of stress; the surface I, is unity for a uniform equibiaxial
state of stress; the chamfer, 7, is unity for a uniform uniaxial
state of stress. The effective stress can be defined according to
any of the many failure theories available in the literature. A
good summary can be found in the CARES Users Manual
(Nemet et al., 1990). The normal stress criterion was used in
this analysis.

A, = component physical size (area)
I, = multiaxial stress gradient factor
I,V = effective size
K, = stress concentration factor
L, = component physical size
(chamfer length)
I(+, +) = likelihood function

7}
0'“
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m = first Weibull parameter, Weibull
modulus or Weibull slope
= Weibull slope, given o,
P; = probability of failure
P; = probability of success
r = total number of failures

V, = component physical size (vol-
ume)
W (+) = likelihood ratio statistic
o, = equivalent stress
o, = second Weibull parameter
&, = second Weibull parameter,
given m
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Confidence limit calculations for the Weibull parameters
were performed using the Likelihood Ratio approach (Cox and
Oakes, 1984; Tucker, 1990). The likelihood ratio statistic,
W (+), has an approximate chi-squared distribution with one
degree of freedom, x?,. To determine the 1 — a confidence
limits, one must compute the values of m and o, for which Eqgs.

(7) and (8) hold. Two solutions to these equations can be found

that give the upper and lower confidence bounds:

{W(m) = 2[l(#h, 6,) — I(m, aa,m)]} )
W(m) = xia

{W(Uo) = 2[1(’/;[9 5’0) - l(’ﬁaﬂ, C’-a)] } (8)
W(a,) = xia

Confidence bounds may also be calculated using the bootstrap
method (Efrom and Tibshiriami, 1986; Johnson, 1990). This
method consists of gathering information about estimates of
variability and uncertainty by obtaining data sets of the same
number of samples as the original data set via a Monte Carlo
simulation method. The confidence limits are calculated by gen-
erating new data sets and their respective Weibull parameters
a sufficient number of times to define the required confidence
limits accurately.

Data Analysis

Fractographic examination of the specimens was performed
to determine the failure modes present. Three failure modes
were found in the four-point bend specimens: volume inclusion
failures, surface failures, and chamfer failures. Surface and vol-
ume inclusion failures were found in the tensile specimens.
One set of specimens of MIL-A, MIL-B, MIL-E and tensile
specimens was machined longitudinally and one set of MIL-B
specimens was machined transversely. The longitudinally ma-
chined specimens were analyzed separately from the transverse
specimens, since these produce two entirely different flaw popu-
lations. Censored data analysis was performed on all these spec-
imens to extract the most information from the data.

Volume Failures. The MIL-A and MIL-B specimens were
machined from square tiles, whereas the buttonhead tensile and
the MIL-E specimens were machined from cylindrical billets.
Since the same processing steps were followed in making all
the specimens, it is reasonable to assume that all of the speci-
mens may be pooled together to calculate the volume Weibull
parameters for the material. The data analysis using the methods
described above yield the results plotted in Fig, 2. Note that the
tensile specimens and the MIL-E specimen data do pool to-
gether nicely and that the MIL-A and MIL-B specimens tend
to show a lower strength than would otherwise be expected, as
observed from their location to the left of the Weibull line. In
order to understand this behavior, an analysis of the individual
data sets was performed and the results show no significant
discrepancies in the parameters, as shown in Table 1. Hence, it
was concluded that all of these specimens belong to the same
population and therefore can be pooled. ’

It is important to state that the data are plotted using adjusted
ranking methods for censored data (Johnson, 1990), and that
the specimen data is scaled and plotted to a prescribed specimen
size. The scaling is done on the reliability of the specimen as
shown in Eq. (9). This means that specimen size scales verti-
cally in a reliability plot. The Weibull line plotted is obtained
from the maximum likelihood Weibull parameters:

In (1 - P} _ vV
In(1 =P UV
Surface Failures, In order to obtain the best surface proper-

ties on all the specimens, the flexure-type specimens were ma-
chined by BOMAS Machine Specialties Inc. of Somerville,

(9)
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Fig. 2 Weibull plots of the volume distributed failure data. Note that the
MIL-A and MIL-B specimens show some deviation from the best estimate
of the Weibull curve.

MA, and the tensile-type specimens were machined by Allied
Manufacturing of Worcester, MA. Since the grinding wheel
geometry, feed rate, and grit size were specified to be the same,
it was initially assumed that the surface properties of all of the
longitudinally machined specimens would be the same; the data
were pooled, analyzed, and plotted (Fig. 3). However, the data
showed that the sets did not pool well. As a result, an analysis
of each of the sets was performed individually. This analysis
showed that there are significant differences in the Weibull
parameters calculated from the individual data sets, as shown
in Table 1.

Upon examination of the data, it can be concluded that even
though extreme care was taken in the machining of these speci-
mens, there were enough differences in the Weibull parameters
that it cannot be safely assumed that the surface flaw distribution
is the same between the different specimen sizes.

A problem arises as to which one of the surface properties
will be used to predict the component strength. Regardless of
which specimen is chosen to predict the component strength,
one can not be assured that this was the correct choice. An
accurate strength prediction may only mean that the component
machining flaw population distribution is similar, but not the
same.

An analysis of the transversely machined specimens was also
performed to determine the Weibull parameters for this machin-
ing direction. Since only one specimen type was machined in
this orientation, there is no need to plot the data to show how
well the data fit the calculated distribution. The results are sum-
marized in Table 1.

Chamfer Failures. The analysis of chamfer failures is typi-
cally not presented in the literature, but it must be recognized
that chamfers may represent a real failure mode in components
and therefore must be taken into account in any component life
prediction. With this in mind, the analysis of the chamfer fail-
ures for the three types of flexure specimen is evident as for
the surface failure modes; hence, individual specimen analysis
was also performed for this failure mode. The results are shown
in Table 1. Again, the data indicate that the chamfer failures of
these specimens may not belong to the same population,
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Table 1 Statistical data analysis results for the various failure modes. Individual and pooled set results are

presented.
WEIBULL SLOPE (/1) 2ND WEIBULL PARAMETER (O ,),
MPa-mm'm
SPECIMEN Lower Best Upper Lower Best Upper
C.L. Estimate C.L. C.L. Estimate C.L.
VOLUME FAILURES
Tensile 6.63 7.97 9.42 1325 1471 1703
MIL-E 5.23 7.98 11.3 1230 1568 2576
MIL-B 2.77 6.62 12.5 1121 1473 4560
MiL-A 1.6 41 15.7 980 2020 5120
Pooled 7.18 8.33 9.56 1319 1440 1615
LONGITUDINAL SURFACE FAILURES
Tensile 5.52 7.60 9.98 1550 1911 2791
MIL-E 6.47 8.06 9.82 1398 1593 1924
MIL-B 8.23 12.16 16.98 1280 1399 1656
MIL-A 16.0 25.73 38.98 1086 1118 1196
Pooled 7.84 8.95 10.1 1451 1560 1712
TRANSVERSE SURFACE FAILURES
MIL-B 4,76 13.59 26.98 953 1135 2408
CHAMFER FAILURES
MIL-E 3.2 4.34 5.67 2209 3059 5064
MIL-B 4.42 5.89 7.60 1713 2011 2565
MIL-A 6.60 8.46 10.6 1318 1423 1591
Pooled 5.82 6.64 7.5 1659 1797 1987

C.L.= Confidence Limit

Component Predictions

The capabilities of the multiaxial theories to predict compo-
nent strength will be presented in this section. The capabilities
and accuracy of the theories by Batdorf and Crose and by Evans
are put to test, since the components used in this exercise contain
very complex stress fields, with large stress gradients and sig-
nificant multiaxial stress conditions. Component predictions
were performed only for the volume and surface failure modes,
Analysis of the chamfer failure mode was not performed on the
confirmatory specimens because the stresses operating at these
locations were either zero or very low or because the specimens
did not have any chamfers.

Volume Failure Prediction. Out of the five confirmatory
specimen types used in this analysis, three exhibited internal
failures: the tension-torsion, plate bending, and spin disk speci-
mens. The tension-torsion specimens address the capabilities
of the multiaxial theories in predicting failure for a tension-
compression state of stress; the plate bending specimens ad-

Journal of Engineering for Gas Turbines and Power

dress the capabilities to predict failure for a tension-tension
state of stress; and the spin disk addresses the capabilities of
the theories to predict failure for much larger components with
large stress gradients and significant tension-tension states of
stress.

The results of the predictions are shown in Figs. 4-6. The
figures show that volume-distributed failure modes are well
predicted using the Weibull theory and multiaxial theories. Lim-
ited agreement is shown for the pure-torsion specimens (Fig.
4); this may be an indication of the sheer sensitivity of the
material. Tension-torsion specimens loaded under an axial-to-
torsion stress ratio of 0.5 showed a much better agreement than
the pure-torsion specimens (test data are not shown). Figure 5,
for the plate bending specimens, shows excellent agreement
even when only a single volume failure was obtained out of 44
specimens, The successful prediction of the volume failure
modes in most of these different specimens provides the evi-
dence required to prove the validity of the multiaxial failure
theories.
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Fig. 3 Weibull plot of the pooled surface distributed failure data
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Surface Failure Predictions. All of the confirmatory spec-
imens tested exhibited surface failures. The tension-torsion,
plate bending, and spin disk specimens were analyzed assuming
the surface properties relate to the longitudinally machined sur-
face. The two notched specimens were assumed to relate to the
transversely machined specimens.

Since the database specimens did not show agreement in the
longitudinal surface strength properties, it was decided to use
the tensile specimen properties for the tension-torsion specimen
predictions and the MIL-E bar properties for the plate bending
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Fig. 6 Good agreement is observed in prediction of volume-distributed
failure mode for spin disk specimens

specimen predictions. Since none of the database specimens
were machined exactly the same as the spin disks, the tensile
specimen data was used for these predictions. The results in
Fig. 7 show good agreement in the pure-torsion specimen sur-
face failure mode prediction, which should be expected since
the tensile and the tension-torsion specimens were machined
exactly the same by Allied Manufacturing. The surface life
predictions for the tension-torsion specimen with stress ratio
o/T = 0.5 are as good as those for the pure-torsion specimens,
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but are not presented here. The surface failure mode prediction
for the plate bending specimens is shown in Fig. 8; good corre-
lation is observed between the MIL-E specimen properties and
the plate bending specimen data. Here again, an indication of
the validity of the multiaxial failure theories is provided.

The spin disk predictions shown in Fig. 9 highlight the most
important lesson learned in this program: that the machined
surface strength is very sensitive to the machining process vari-
ables. Figure 9 serves to prove that the variability in the database
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Fig. 8 Good agreement is observed in prediction of surface distributed
failure mode for plate bending specimens (assuming correlation to the
MIL-E specimens)
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Fig. 9 Spin disk surface properties exemplify the differences that may
exist between database-type specimens and actual component(s)

specimens (Fig. 2) is real and strongly cautions that evaluation
of machined surface properties of components must be carefully
considered. One must make sure that the specimen properties
accurately reflect the component properties. This suggests that
if possible, the database specimens should be machined from
actual components.

The two different notched specimens were machined with a
shaped grinding wheel, in an attempt to make the notch diame-
ters the same for the two specimens. The original machining
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Fig. 10 Transverse surface properties of KT = 1.6 notched specimens
correlate well with transversely machined MIL-B specimens
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Fig. 11 Transverse surface properties of K; = 2.1 notched specimens
deviate from MIL-B specimen properties

plan for these specimens called for initial machining of all
the specimens to the stress concentration factor (K,) = 2.1
configuration, followed by further machining of the K, = 1.6
notches. But the actual machining of the K, = 1.6 specimens
was performed by machining the notch directly into tensile
specimen blanks. This minor change in the machining process
steps clearly showed up as a differing material strength value
for those specimens. As shown in Fig. 10, the failure prediction
for the low (K, = 1.6) stress concentration notch specimens is
right on target, in contrast to the predictions for the high (X, =
2.1) stress concentration notched specimens, which are signifi-
cantly off target (Fig. 11). This again is an indication of the
importance of fully understanding the effect of machining vari-
ables on the surface properties. One may conclude that the
different machining procedures for the notched specimens pro-
duced different surface properties. ‘

Conclusions

Two important conclusions have been reached as the result
of this work. First, it has been proven that the multiaxial theories
developed by Batdorf and Crose and by Evans are accurate
and do capture the behavior of the material. Second, machined

862 / Vol. 118, OCTOBER 1996

surface properties are extremely sensitive to the machining op-
erations, and care must be exercised when component predic-
tions are made based on database-type specimen data alone.
Component life predictions must be based on data that truly
represent the properties of the actual components. Many times
the only way to generate accurate baseline properties is by
cutting specimens from actual components, with the understand-
ing that these specimens must conserve the component surface
conditions.
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Reliability Analysis of Uniaxially
Ground Brittle Materials

The fast fracture strength distribution of uniaxially ground, alpha silicon carbide
was investigated as a function of grinding angle relative to the principal stress

direction in flexure. Both as-ground and ground/annealed surfaces were investigated.
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The resulting flexural strength distributions were used to verify reliability models

and predict the strength distribution of larger plate specimens tested in biaxial flexure.
Complete fractography was done on the specimens. Failures occurred from agglomer-
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ates, machining cracks, or hybrid flaws that consisted of a machining crack located

at a processing agglomerate. Annealing eliminated failures due to machining damage.
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Reliability analyses were performed using two and three-parameter Weibull and
Batdorf methodologies. The Weibull size effect was demonstrated for machining flaws.
" Mixed mode reliability models reasonably predicted the strength distributions of

uniaxial flexure and biaxial plate specimens.

Introduction

A basic requirement for reliability analysis of components
made from brittle materials is a knowledge of the strength distri-
bution of the flaws that will induce failure. Two basic types
of strength-limiting flaw are encountered: surface defects and
volumetric defects. Volumetric defects include large grains,
pores, agglomerates, coarse precipitates, and inclusions, while
surface defects could include exposed volume defects (e.g., a
pore machined open) and machining or handling damage oc-
curring during fabrication [1].

In some cases the failure-inducing flaws are distributed ran-
domly and thus the strength distribution is independent of orien-
tation and simple, uniaxial test data can be used in conjunction
with an isotropic model. However, for components made by
processes such as extrusion, which induce texture, a bias in the
distribution of processing flaws will exist. Also, components
finished by surface grinding will also contain machining damage
in the form of cracks that are oriented parallel and transverse
to the grinding direction. Fortunately for the designer, processes
typically used to make larger, three-dimensional components
do not induce strong textures. However, uniaxial grinding is
used for finishing of components and to make test specimens
for strength measurements.

The strength of a ceramic material is typically measured in
accordance with ASTM C1161 [1], which specifies that ma-
chined specimens be ground uniaxially in the longitudinal direc-
tion and tested so that the maximum principal stress is longitudi-
nal. Such a grinding process typically induces minimal damage
in the transverse direction, but significant damage in the longitu-
dinal direction, resulting in an anisotropic flaw distribution on
the surface of the specimen. Since the beam is stressed longitu-
dinally, such a preparation is typically sufficient to avoid fail-
ures from machining damage, and result in measurements that
are representative of strength limiting defects associated with
the materials processing (e.g., agglomerates, inclusions, pores,
coarse grains, etc.). However, structural components and
multiaxial test specimens are subjected to multiaxial stresses
and thus are sensitive to planar flaws with the crack plane
oriented in any direction.

Thus, if uniaxial grinding that imparts damage in one direc-
tion is used or if anisotropic damage occurs, component design
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and life prediction methods must account for such anisotropies.
The objective of this work is to measure the effect of unidirec-
tional grinding on the strength distribution of a ceramic material
under various loading conditions and determine whether ade-
quate component reliability models could be formulated.

The fast-fracture strength of a sintered alpha silicon carbide
was measured in four-point flexure with the principal stress
oriented at angles between 0 and 90 deg relative to the grinding
direction. Also, uniaxially ground plate specimens were loaded
in biaxial flexure. Finally, flexure bar specimens were tested
in an annealed condition to determine whether the machining
damage could be healed. Modeling of the strength distributions
was done with two and three-parameter Weibull models and
shear sensitive and insensitive cracks. Alpha silicon carbide was
chosen because it exhibits a very low fracture toughness, no
crack growth resistance, high elastic modulus, and a very low
susceptibility to slow crack growth. Such properties should
make silicon carbide an ideal ceramic for the verification of
fast fracture reliability models and codes.

Experimental Method

The material used in this study was a commercially available
sintered alpha silicon carbide (Carborundum’s Hexoloy) pro-
cessed in the form of 25 by 25 by 42 mm billets. Several sets
of plates were ground from the billets and finished by 320 grit
diamond grinding one face of the plates at angles ranging from
0 to 90 deg relative to the plate edge. Flexure beams were then
cut from the plates. Beams with a given grinding angle were
cut from a random selection of plates in order to block the
effects of billet and location on the test results. The specimen
edges along the tensile surface were beveled by hand to elimi-
nate spurious edge failures. The specimens nominally measured
2 by 3 by 25 mm in height, width, and length, and were tested
in four-point flexure with inner and outer spans of 8 and 20
mm, respectively, at room temperature with a stroke rate of
0.05 mm/min. The rollers of the test fixture were free to roll
and the upper span was free to articulate relative to the lower
span. A minimum of 30 specimens were tested per condition.

In order to determine whether the deleterious effects of grind-
ing damage could be negated, a group of 0 and 90 deg specimens
were annealed at 1200°C for two hours in air prior to testing.

Results and Discussion

Strength Distributions. Specimen strength as a function
of grinding angle relative to the longitudinal direction is shown
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Fig. 1 Average four-point flexure strength as a function of grinding angle. Error bars are + one standard deviation.

in Fig. 1 and summarized in Table 1. The average strength and
standard deviation decrease continually as the angle increases,
with exception of the 30 and 45 deg data, which are quite
similar. Annealing does not significantly change the average
strength of specimens ground at 0 deg (i.e., longitudinally).
However, specimens ground at 90 deg (i.e., transversely) and
annealed exhibited strengths not significantly different from
those of the 0 deg annealed and O deg as-ground specimens.
This implies that significant, strength-limiting damage relative
to the processing flaws, for this material, only exists parallel to
the grinding direction (such that specimen strength is affected
when loading is transverse to the grinding direction), and that
annealing eliminates the grinding damage but does not signifi-
cantly enhance the strength of 0 deg ground specimens,
Weibull plots of the annealed and as-ground specimens are
shown in Figs. 2(a) -2(d). The Weibull modulus continuously
increases with increasing grinding angle while the characteristic
strength decreases. Annealing does not significantly change the
distribution parameters of 0 deg ground specimens, and anneal-

ing appears to totally heal machining damage associated with
the 90 deg ground specimens. As all these data sets lay will
within each others 90 deg confidence intervals, the annealed
specimen data and the O deg as-ground data were pooled.

Fractography. Fractographic analysis is a necessary aspect
of reliability analysis in order to determine whether surface,
volume, or combined (surface and volume) flaw reliability anal-
ysis should be performed, and if flaws of different processing
sources are present. Fractography to determine the sources and
locations of failure was done in accordance with military hand-
book procedures [2]. The results are summarized in Table 2.
Three types of flaw were encountered: processing flaws, ma-
chining cracks, and hybrid flaws. The processing flaws that
induced failure were agglomerates located at the tensile surface
(i.e., cut open during machining) or located slightly below
(within one flaw diameter). Occasionally (< 10 percent of the
time) failure occurred from agglomerates located at a distance
larger than the flaw diameter below the surface. These failures

Nomenclature

A = surface area
C = Shetty’s constant in mixed-
.mode fracture criterion
H = step function
h = thickness
K = stress intensity factor
k = crack density coefficient
kss = Batdorf crack density coeffi-
cient for surface distributed

m=3.1416

crack

o = angle between ¢, and the
stress o,
1 = crack density function

v = Poisson ratio
o = applied stress distribution
0., = critical mode I strength of a

o, = effective (equivalent) mode

Subscripts

B = Batdorf
cr = critical
e, ef = effective
eq = equivalent
f = failure; fracture
I = crack opening mode
II = crack sliding mode
HI = crack tearing mode

flaws . I stress on a crack i = inside
l= dlrgctlon cosine = cos « o, = Weibull scale parameter max = maximum
m = Weibull modulus (shape pa- o, = threshold strength n = normal; normal stress averaging
rameter), or direction cosine =  o,, 0,, 03 = lensor stress components; o = outside
sin @ principal stresses (o, = 0, S = surface
ms = Weibull modulus for surface = 03) u = threshold
flaws T = shear stress acting on 9 = characteristic
P = load obligue plane whose normal

P, = cumulative failure probability
R, = diagonal half length
r = radius
x, y, z = Cartesian coordinate directions
Y = crack geometry factor

nent

is determined by angle «
¥ = gpatial location (x, y, z) and
orientation (&) in a compo-

Superscripts
— = normalized quantity

w = angle in two-dimensional

principal stress space for
which o, = o,
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Table 1 Summary of strength data

Table 2 Summary of failure origins

Grinding | Number| Range |Average! | Characteristic | Weibull?
Angle Tested | (MPa) | (MPa) | Strength (MPa)} Modulus
As-Ground
0° 36 266-458 | 356147 377 8.2
30 34 271-400 | 334432 348 11.6
45 32 267-392 | 327435 341 10.5
60 31 273-331 | 30617 314 213
90 35 246-308 | 276%14 282 19.8
Annealed
0° 36 265-465 | 362151 384 8.3
90 36 222-481 | 357456 380 6.8

! Average * one standard deviation.
2Maximum likelihood estimator.

are classified as ‘‘volume’’ in Table 2. Machining cracks were
semi-elliptical and cartoidal cracks typically oriented parallel
to the grinding direction. Hybrid flaws were defined as a ma-
chining crack connected with an agglomerate. It is not clear
whether hybrids constituted a distinct failure population and
their overall numbers are relatively small. The various types of
origins are shown in Figs. 3 and 4. Although both the processing
and machining flaws are complex shapes, the processing flaws
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Angle | Near Surface | Agglomerates| Damage | Flaws |Identifiable
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As-Ground
o° 31 1 0 3 0
30 30 1 0 4 0
45 © 21 0 9 2 0
60 11 0 17 3 0
90 . 0 0 33 2 0

Annecaled
0° 32 3 0 0 1
90 31 3 2 0

are typically larger in overall size, indicating a bluntness relative
to the machining flaws.

Annealed specimens and O deg as-ground specimens appear
to fail from surface and near surface processing agglomerates,
while 30, 45, 60, and 90 deg as-ground specimens fail from
either surface and near-surface agglomerates, machining cracks,
or hybrid flaws. At lower grinding angles, final fracture of hy-
brids occurred from the agglomerate and at higher angles frac-
ture occurred from the machining crack (i.e., the river markings
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Fig. 2 Weibull plots of the fracture stresses for (a) all as-ground specimens, (b) 90 deg annealed and as-ground specimens, (c) 0 deg
annealed and as-ground specimens, and (d) 90 deg annealed and 0 deg as-ground specimens
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Fig. 3 Failure origins showing (a) surface conhnected processing ag-
glomerate, (b) 30 deg tilt, machining crack, mirror and machining
scratch, (c) 30 deg tilt, machining crack detail

point to either the agglomerate or the machining crack, respec-
tively). As the grinding angle increased, the number of agglom-
erates associated with failure decreased.

Note (Fig. 3(»)) how the crack path from a 30 deg machining
flaw is initially parallel to the grinding direction and gradually

866 / Vol. 118, OCTOBER 1996

Centerline of failure ‘

Grinding lay

(©) 1 1
50 um

Fig. 4 Hybrid flaw and detail: (a) river marks, machining crack and
agglomerate, (b) machining crack; and (c) grinding lay

turns normal to the principal stress direction on one side of the
flaw, but not on the other. The river marks indicated that fracture
initiated from the deepest point of the crack and followed the
crack plane (coplanar extension) to the surface where it gradu-
ally turned normal to the applied stress. Evidently, mixed stress
intensity modes exist during such failures, but the amount of
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Fig. 5 Weibull plots of the fracture stresses for 30, 45, 60, and 90 deg as-ground specimens showing the different failure sources

extension under mixed modes is unclear, Also, the macroscopic
fracture plane can occasionally be observed to jog parallel to
the grinding direction in regions well away from the origin. A
machining crack can typically be observed at such jogs.

Note also (Fig. 4) that the mirror of the hybrid flaw centers
on the machining crack and that it dominated failure. Coplanar
extension is not apparent at the surface; however, it is apparent
in the interior.

Modeling of the Strength Distribution. As a resuilt of
different flaw populations (agglomerate and machining flaw)
being simultaneously present in any given specimen, the contri-
bution of each flaw population to the cumulative failure proba-
bility of the specimen must be considered. The survival proba-
bility of the specimen from these simultaneously present (con-
current) flaw populations is the product of the survival
probabilities of the specimen from each flaw population consid-
ered separately. Weibull plots of the concurrent populations for
30, 45, 60, and 90 deg grinding angles are shown in Fig. 5. Note
that as the grinding angle increases, the frequency of failure at
machining flaws increases and that they populate the upper end
of the overall distributions. No distinct pattern for the distribu-
tion of hybrid flaws is apparent in Fig. 5.

Two and three-parameter Weibull formulations were used to
represent the strength distribution. Response of the flaw popula-
tion to multiaxial stresses was predicted with shear sensitive and

Journal of Engineering for Gas Turbines and Power

insensitive flaw (Batdorf) models. These models were modified
such that an anisotropic flaw orientation or a threshold/trunca-
tion stress was possible. The overall strength distribution was
modeled as a bimodal distribution of agglomerate flaws and
machining flaws. The effects of hybrid and volume flaws were
not considered, as these populations were small.

Agglomerate Flaws. The Batdorf [3-5] theory was used
to describe the strength response of the ground surface. The
agglomerate flaws were modeled as randomly distributed and
randomly oriented microcracks with the exception that the crack
plane was perpendicular to the surface. The probability of fail-
ure for a ceramic component using the Batdorf model for such
surface flaws is [4]

P=1- exp{— f U "'“”ﬁwdac,]zm} (1)
Alds, 27 do,,

[

where A is the surface area, 7y is the crack density function,
“emsx 18 the maximum value of effective stress, o,, for all
values of spatial angle ¥, and w is the arc length of an angle
a projected onto a unit radius circle in stress space containing
all of the crack orientations for which the effective stress is
greater than or equal to the critical mode I stress, o,,. The
integration limit o, represents a threshold value below which
no failures exist. This effectively truncates the statistical
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In these plots the value of C ranges between 1.0 and 1.05 (or approximately 1.0).

strength distribution and is similar to a proof test. However,
in this case the truncation may occur naturally or result from
processing controls on the maximum flaw size. The crack
density distribution is a function of the critical stress distribu-
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where kzs and mg are material constants. The flaw orientation
function is expressed as

27
f H(o., 0., )do
WY

w [Ta ®
0

where

lo, = o,
H(oc., 0,) =
0o, < o,

Equation (3) represents the fraction of critically oriented flaws
over all possible flaw orientations. The equivalent stress o, is
dependent on the appropriate fracture criterion and crack shape.
Equation (1) can be simplified by performing the integration
of o,, [5], yielding the probability of failure for surface flaw
analysis as

21
Py =1~ exp[— % J; J; [os(T)

— oy 1H(o., a,,)dadA] 4)
When the threshold stress, o, is zero, then Eq. (4) reduces to
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a two-parameter Weibull type distribution for a specified stress
state.

Assuming that small cracklike imperfections control the fail-
ure, the material strength in multiaxial stress states can be corre-
lated to the effects of mixed-mode loading on the individual
cracks [4, 5] Shetty [6] developed a simple equation describing
the ability of a crack to extend under the combined actions of
a normal and shear load on the crack face using an empirically
determined parameter, C, For a semicircular crack, the equation
for the effective stress is [7]

2
o, = L [cr,, + |o2+ 3.301(2) ]
2 c

where o, is the normal stress on the flaw and 7 is the shear
stress on the flaw. The Batdorf methodology used herein is
normalized to uniaxial specimen rupture data [ 3, 4]. Therefore,
the choice of C does not affect the failure probability predictions
for the flexure bar specimens. For the agglomerates, a value of
C of 1.0 is assumed (to be consistent with the results from
grinding damage). A reference frame relative to machining
direction is used to define the normal and shear stress compo-
nents. The normal and shear stress components are computed
from

(3)

o, = o, + mPo, + 2imr,, (6)
and
2 _ 2 2 2
7%= (o, + mr,)" + (Ir,, + mo,)* — o, (7
where [ and m are the direction cosines:
| =cos
m = sin « (8)

Comparison of the Batdorf to the following form of the three-
parameter Weibull distribution can be performed:

Pf‘y =1 — exp {—f [(u) s
A Tas

Ty — Ou\"s
+ (—% ) ]dA} (9)

where o, and o, are the principal stresses, and o is the charac-
teristic strength. :

Machining Flaws. Richerson [8] has described machining
flaws as consisting of populations of median (longitudinal)
cracks, lateral cracks, and radial cracks (transverse). The longi-
tudinal cracks are parallel to the grinding groove and perpendic-

Table 3 Summary of strength data for model verification

Grinding | Number | Range | Average!| Characteristic | Weibull?
Angle Tested | (MPa) | (MPa) | Strength? (MPa) [ Modulus
As-Ground
90° 31 231-364 | 303137 319 9.6
(3-point) (7.3-12.6)
90 31 172-327 | 249+39 265 7.4
(4-point) (254-277) (5.6-9.0)
Plates 36 142-250 | 206128 218 8.5
(6.6-11.0)

1 Average * one standard deviation.
2Maximum likelihood estimator. Values in parentheses are the 95% confidence
interval.
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ular to the surface of the material. The radial cracks are perpen-
dicular to the longitudinal cracks and lateral cracks run parallel
to, but branch off at some angle from the grinding groove.
As the only strength-limiting flaws induced by unidirectional
grinding were observed to be oriented parallel to the grinding
direction, the flaw distribution, for modeling purposes, can be
treated as an anisotropic distribution. The fact that all the
strength-limiting machining cracks are parallel to each other
eliminates the need for the orientation function w/27 in Eq.
[3] and Eq. (1) is then rewritten as

dac,] dA}

Py =1 —exp{—“f "™ H(ow, ac,>%
(10)

Analogous to the formulation shown in Eq. (4), Eq. (10) can
be simplified, yielding

P =1~ CXP[—kssf (o — UZ’-f)dA] (11)
A

where o, represents the effective stress on the longitudinal ma-
chining flaw. The threshold strength o, in this case may possibly
be related to the largest grit size of the grinding wheel. Since
grinding particle sizes are screened, this may translate to a
maximum flaw size that can be induced in the material surface.

As the machining cracks tended to be semielliptical, a semi-
circular flaw geometry was assumed here and Eq. (5) applied.
A reference frame relative to grinding direction was used to
define the normal and shear stress components.

Since the machining cracks are oriented in one direction,
comparison to a three-parameter Weibull distribution is feasible:

PfS =1 - exp{—f <E”______‘.Q> sdA}
A Oas

where o, is the effective stress in Eq. (5), and oy is the charac-
teristic strength.

(12)

Other Modeling Considerations. As a result of the agglom-
erates and machining flaws being simultaneously active, a
multimodal distribution function was used to describe the over-
all probability of failure

Py ~ (1 — Py

sggomerne) (1 = P15 (13)

ol 'machining )

The finite element method or a simple numerical procedure can
be used for stress analysis as they enable discretization of a
component or specimen into incremental volume (and surface)
elements from which the probability of failure (i.e., Eq. (13))
can be evaluated. Either the Gaussian integration points of the
elements or, optionally, the element centroids can be used to
evaluate the stress-area integrals [9] numerically in Eqgs. (4),
(9), (11), and (12). Assuming that the probability of survival
for each element is a mutually independent event, the overall
component reliability is then the product of all the calculated
element (or subelement) survival probabilities.

A simple numerical model of one half of the ground tensile
surface of the flexure bar was prepared for the strength predic-
tions. The model consisted of a single subarea between the
inner loading points (where a constant stress exists) and 600
equispaced subareas between the inner and outer loading point
to capture the linearly varying stress along the specimen length.
Each subarea was assumed to have a constant stress state. This
model is analogous in effect to a finite element model of the
tensile surface of the specimen where each subarea would corre-
spond to a surface element and the element centroidal stress is
used in the reliability analysis.

The bar surface stress distribution and preceding equations
were used to predict the behavior of the 30, 45, and 60 deg

870 / Vol. 118, OCTOBER 1996

orientations based on the best-fit distributions (maximum likeli-
hood estimator) of the 0 and 90 deg data. The resulting distribu-
tions are shown in Fig. 6 compared to the actual data for several
cases. As shown in the figure, the two-parameter model appears
to fit the data poorly at the lower probabilities of failure.

Both the shear-sensitive three-parameter and truncated distri-
bution models are better fits to the data; however, no specific
justification for the lower strength boundary can be given. Al-
though truncation of the distribution may be due to largest grit
size, this was not proven here. The shear-insensitive models did
not correlate well to the data. The shear-sensitive models use a
Shetty shear sensitivity coefficient that ranged in value between
1.00 and 1.05.

Prediction of Strength Distributions Resulting From
Multiaxial Stresses. The previous results were derived from
loading conditions resulting in a uniaxial stress state; however,
components are frequently subjected to multiaxial stresses.
Thus, a second set of plates was ground and tested in biaxial
flexure via ring-on-ring loading. As both the specific grinding
damage and agglomerates within these plates were expected to
control strength, uniaxial (90 deg) specimens were also cut
from these plates and tested in either four-point flexure as de-
scribed above or in three-point flexure with a 20 mm support.
In order to test the capability of the models to account for area
changes, multiaxial stresses, and machining damage along one
axis, a quarter symmetry, finite element model (Fig. 7(a)) of
the biaxial specimen was made and the output interfaced with
a version of the CARES [7] code containing the previously
described models. The finite element model was prepared using
MSC/NASTRAN and consisted of 200 solid elements (a single
element spanned the plate thickness) and 200 shell elements.
The shell elements were attached to the tensile surface of the
plate model and had negligible thickness and membrane proper-
ties only. The reliability of the plate was determined from the
stress and surface area output of the shell elements. Ring-on-
ring load induces an equibiaxial stress state within the inner
ring. The fracture stress, oy, at the specimen center was com-
puted as a function of the fracture load, P, and is given by [10]

3P (1 —v)(ri—r?

4h2[2(1+ )ln<r> R )] (14)

where R is one-half the average of the diagonal and edge
lengths, 7; is the inner radius, r, is the outer radius, & is the
thickness, and v is Poisson ratio.

The results are summarized in Table 3 and shown in Fig.
7(b). A distinct effect of scale can be seen when machining
damage controls the uniaxial specimen failure. Note that the
Weibull parameters of the second set of 90 deg specimens were
significantly different (exceeds 90 percent confidence bounds)
from those of the first set (Table 1), even though the same
grinding specification was used. A more stringent control, other
than just the grit size and removal depth specified in ASTM
C1161, may be required to control damage adequately parallel
to the longitudinal direction. Prediction of the plate failure dis-
tribution and the three-point bend specimens distribution based
on the four-point data is shown by the dashed lines in Fig. 7(b)
for a two-parameter, shear-sensitive model. Use of a shear-
insensitive model did not substantially change the results, as
the flaws experience little mixed mode loading for this specimen
configuration. Goodness-of-fit tests indicated that the two-pa-
rameter model gave a slightly better fit than a three-parameter
model. This fact does not rule out the existence of a threshold
strength, but it is not as clearly manifested as before (and there-
fore not investigated). From a design point of view, a two-
parameter model will give a more conservative failure probabil-
ity than a three-parameter model. A threshold strength must be
clearly and consistently demonstrated for the purpose of a safe
design. These results firmly establish that a statistical approach

0y =
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incorporating multiaxial failure criterion must be used as a basis
for designing ceramic components. Variations between sample
sets must either be resolved by improved control on the machin-
ing process, or accounted for by sampling multiple specimen
sets. Ultimately, more research is needed in this area.

Conclusions

The strength distribution of silicon carbide was found to be
a function of grinding orientation for a typical uniaxial grinding
procedure (e.g., ASTM C1161). However, annealing greatly
reduced or eliminated the effect of grinding orientation on
strength. Annealing did not increase the strength of longitudi-
nally ground flexure specimens. The Weibull size effect was
exhibited by the as-ground specimens. Annealed and longitudi-
nally ground specimens typically fail from surface and near-
surface agglomerates while transversely ground specimens pre-
dominantly fail from machining cracks.

Truncated distribution and three-parameter models appear to
approximate best the first experimental data generated in this
work (beams ground at various angles). The effect of mixed-
mode fracture of machining cracks was adequately predicted
by the models for the larger angles of orientation (>30 deg).
Strength data for low grinding angles showed some deviation
from predicted results, possibly reflecting damage to the ag-
glomerate flaws during the machining process. However, frac-
tography did not detect this damage. For the second data set
(plates and beams cut from plates), the uniaxial data were
reasonably fit with a two-parameter distribution and a two-
parameter model accurately predicted the biaxial strength distri-
bution.
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The Application of a Thermal
Efficiency Maximizing Control
Strategy for Ignition Timing and
Equivalence Ratio on a Natural

"= Y Gas-Fueled Hercules G1600
D. B. Kittelson
A two-dimensional optimization process, which simultaneously adjusts the spark tim-
ing and equivalence ratio of a lean-burn, natural gas, Hercules G1600 engine, has
R. H. Leuer been demonstrated. First, the three-dimensional surface of thermal efficiency was

mapped versus spark timing and equivalence ratio at a single speed and load combi-
nation. Then the ability of the control system to find and hold the combination of
timing and equivalence ratio that gives the highest thermal efficiency was explored.
NO,, CO, and HC maps were also constructed from our experimental data to deter-
mine the tradeoffs between efficiency and emissions. The optimization process adds
small synchronous disturbances to the spark timing and air flow while the fuel
injected per cycle is held constant for four cycles. The engine speed response to these
disturbances is used to determine the corrections for spark timing and equivalence
ratio. The control process, in effect, uses the engine itself as the primary sensor. The
control system can adapt to changes in fuel composition, operating conditions, engine
wear, or other factors that may not be easily measured. Although this strategy was
previously demonstrated in a Volkswagen 1.7 liter light duty engine (Franklin et al.,
1994b ), until now it has not been demonstrated in a heavy-duty engine. This paper

Department of Mechanical Engineering,
University of Minnesota,
Minneapolis, MN 55455

covers the application of the approach to a Hercules G1600 engine.

Introduction
Objectives. The objectives of this research were as follows:

1 To demonstrate an engine control strategy that allows
simultaneous optimization of thermal efficiency with re-
spect to spark advance and equivalence ratio in a heavy-
duty commercial natural gas engine.

2 To map the thermal efficiency and emissions surfaces
against ignition timing and equivalence ratio for the en-
gine operating at a constant speed and torque.

3 To explore the effect of biasing either the spark advance
or the equivalence ratio away from the optimum for emis-
sions control or other reasons.

4 To explore the effect on response and stability of chang-
ing correction gains and the interaction between correc-
tion gains and maximum correction limits.

Background. It is common knowledge that the torque, ef-
ficiency, and emissions of a spark ignition engine are influenced
by its equivalence ratio and ignition timing (Obert, 1973; Hey-
wood, 1988). In a previous paper, Leuer (1991) described the
effect of air fuel ratio and spark advance on torque at constant
fuel flow. In more recent papers, we have described a PC-based
control system (Franklin et al., 1994a) and some optimization
results on a light duty gasoline engine modified to operate on
a gaseous fuel (Franklin et al., 1994b). This paper extends the
work to a heavy-duty commercial natural gas engine.

The Optimization Strategy. When the amount of fuel in-
jected per engine cycle is held constant and torque versus spark
advance and equivalence ratio plots are made, it is easy to see

Contributed by the Internal Combustion Engine Division and presented at the
16th Annual Fall Technical Conference of the ASME Internal Combustion Engine
Division, Lafayette, Indiana, October 2—6, 1994, Manuscript received at ASME
Headquarters June 1994. Associate Technical Editor: W. K. Cheng.
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the effect of small, systematic disturbances in the independent
variables. For example, if the spark timing is not at its optimum
(Maximum Brake Torque (MBT)) value and a synchronous
timing disturbance is added, it results in a fluctuating torque
that causes synchronous speed variations. The magnitude and
phase of these variations may be related to the slope of the
surface with respect to spark advance and the dynamic response
of the system. This information may be used to move in a
systematic manner to the MBT spark advance. If the air flow
is systematically disturbed at constant fuel flow per engine cy-
cle, the same approach may be used to find the equivalence ratio
which gives the maximum thermal efficiency for that condition
(Franklin et al., 1994a, 1994b).

In many stationary applications, the engine is equipped with
a speed governor and powers a load with a well-defined torque
versus speed characteristic. At any nonoptimum point on the
map, if the spark advance (or air flow) is disturbed, a tiny,
momentary change in the torque occurs, which results in a
change in speed. These speed changes are too small and too
fast to be detected by the speed governor. In fact, the changes
are typically smaller than those associated with individual cylin-
der firing pulses, but their synchronous nature makes it possible
for the control system to detect them, much like a lock-in ampli-
fier (Horowitz and Hill, 1984). Changes that result in greater
torque at constant fuel flow per cycle indicate higher efficiency.
The control system described in this paper systematically dis-
turbs both ignition timing and equivalence ratio and monitors
the corresponding speed fluctuations. Based on these speed
fluctuations, the strategy moves the parameters in the direction
of increasing engine efficiency until the Equivalence Ratio and
Spark Advance for Best Efficiency (ERSABE) is reached.

Details of the Dither Cycle. Adaptive control of timing
alone has been demonstrated on an assortment of engines, both
compression and spark ignition, running on a variety of fuels

Transactions of the ASME

Copyright © 1996 by ASME

Downloaded 02 Jun 2010 to 171.66.16.104. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm



Torque T

Spark Advance >
(or other independant variable)

Fig. 1 Idealized torque (7} versus spark advance, showing the spark
timing dithered between levels C and D and the resulting torque change

(Pipho and Kittelson, 1983; Kittelson and Pipho, 1983; Kittel-
son et al., 1989; Pipho et al., 1991). In a compression ignition
engine, the fuel injection timing is controlled, while in a spark
ignition engine, the spark timing is controlled. The strategy is
based on introducing small disturbances into the timing (dith-
ering the timing) and detecting the corresponding changes in
engine speed. The basic control logic is designed to find the
timing that corresponds to maximum brake torque. However, a
technique called biasing can be used to maintain the timing
retarded (or advanced) of that for MBT if necessary for control
of emissions, knock, or rate of pressure rise.

The equivalence ratio (¢p) is defined as the ratio of the chemi-
cally correct to the actual air—fuel ratio. It can also be controlled
in a manner similar to the timing. To achieve the equivalence
ratio that gives maximum fuel economy, the air flow must be
dithered with a constant fuel flow. On the other hand, the maxi-
mum power equivalence ratio can be determined by dithering
the fuel flow at constant air flow. The dithering is superimposed
on top of changes in equivalence ratio associated with normal
engine operation. It does not interfere with normal engine opera-
tion. A fuel and air management system that allows independent
control of the fuel and air flow rates without significant interac-
tion between the two (aside from the normal proportionality
between fuel flow and air flow) is needed in order to implement
this type of equivalence ratio control.

The optimum values of timing and equivalence ratio are infer-
dependent. Therefore, it is desirable to optimize timing and
equivalence ratio simultaneously. To do this, a control strategy
that varies both parameters during each dither cycle and deter-
mines appropriate corrections for each must be used. In this
manner, the spark timing and equivalence ratio will advance to
their optimum values. Ideally, the system will follow the
steepest path to the summit of the three-dimensional efficiency
surface in spark timing, equivalence ratio, and efficiency space.

Although this work deals with steady-state engine operation,
modifications to the strategy could allow for transients. In an
application that requires rapid response to transients, the strat-
egy could be used effectively in conjunction with open-loop
maps to set approximate values of timing and equivalence ratio.
The maps would provide rapid transient response while the
optimizing strategy would fine tune values in the maps. The
adaptive part of the system would use the engine itself as a
sensor to correct for changes in fuel composition, engine wear,
fuel metering, or other variables that may not be easily mea-
sured. With such a system, ignition timing and equivalence ratio
could be kept near their optimum values even during transients.

Dither Cycles. The two-dimensional dither cycle of spark
advance and equivalence ratio requires eight revolutions. That
dither cycle is fully detailed in a previous paper (Franklin et
al., 1994b). To give sufficient background for the understanding
of this paper, a one-dimensional example is described here. The
relation between torque and spark timing is shown in Fig. 1.

Journal of Engineering for Gas Turbines and Power

The structure of the disturbance in the case where only the
spark advance is optimized is shown in Fig. 2. Here the spark
is retarded from optimum so that the ‘‘high’’ portion of the
dither cycle causes the torque to increase, increasing the speed.
A simple calculation based on revolution times (7;) for the
four revolutions of the simple dither cycle points in the direction
of increased efficiency. The result of this calculation is referred
to as either the ERROR or the slope estimate:

ERROR =T, - T, — T3 + T, (1

The ERROR is multiplied by the correction gain to obtain
the correction. The correction is added to the current spark
advance and the cycle repeats. When the efficiency reaches a
maximum with respect to spark advance, the ERROR ap-
proaches zero, causing the correction also to approach zero.
The final stable operating point can be shifted from the optimum
for reasons of emissions, knock, or stability, by subtracting a
bias term:

ERROR =T, — T, - T; + T, — BIAS (2)

A bias term causes the system to seek a specific slope of the
response curve rather than its maximum,

Experimental Apparatus and Procedure

While the control strategy does not require an engine map,
the maps allow us to evaluate its effectiveness. Data sets neces-
sary for mapping include torque, engine speed, manifold pres-
sure, air flow, fuel flow, and emissions information. These data
sets were then used to construct the three-dimensional surface
plots.

Apparatus. Apparatus for the experiments includes engine,
controller, emissions rack, and dynamometer.

Engine.
ble 1.

The specifications of the engine are listed in Ta-

Engine Controller. Engine control was provided by the
same PC-based system described in a previous paper (Franklin
et al., 1994a).

Speed Measurement. A relative encoder installed on the
engine crankshaft delivers a pulse for every one-sixteenth de-
gree of crank angle rotation and a once-per-revolution pulse,
which corresponds to top-dead-center of cylinder number one.
A data acquisition card installed in the engine control computer
continuously measures the period between these pulses to within
0.1 us. The engine speed and the ERROR estimations are then

A
Revolution ]
periods L T1LT2| 73| T4 @
Engine e~ — T —— ©
Speed r
Torque LRARE Ty 0 ©
DD v
Spark b T i vesatt S
szance c¢c 'b correction

12 3 4 1 2 3 4
Engine Revolutions

Fig. 2 Response curves (speed and revolution period) to show effect
on speed when spark advance is dithered for spark advance-only optimi-
zation: (a) period (Ti) for each revolution versus time {revolutions); (b)
engine speed response versus time (revolutions); (c¢) torque versus time
(revolutions); (d} spark advance versus time (revolutions) with correc-
tion to spark advance.
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Table 1 Engine specifications

manufacturer Hercules
cylinders 4
aspiration normal
displacement 2.7 liters
configuration inline, overhead valve
cooling liquid
bore 101.6 mm
stroke 82.55 mm
compression ratio 10

calculated from this period. This particular detail of the system
is fully described in a previous paper (Franklin et al., 1994a).

Manifold Pressure Dither Valve. A schematic of the valve
used to produce the disturbance in the manifold absolute pres-
sure (and thus the air flow) and its placement on the intake
manifold are shown in Fig. 3. The valve is an OEM part origi-
nally intended to control idle air bypass flow in a fuel-injected
1986 Ford 5.0 liter V-8. It has fast time response and a flow
rate of 110 lpm at a pressure drop of about 2.5 kPa, which
make it an acceptable dither valve for this study. For the op-
erating condition used in this study, the valve gave a dither
amplitude of one-half to one percent of the manifold pressure,
which we feel is a reasonable value. Under lower manifold
pressures, the amplitude of the equivalence ratio disturbance is
as high as 2 percent, which is larger than desired. An adjustable
valve in series with the dither valve could be varied as a function
of manifold pressure to ensure the one-half percent dither ampli-
tude.

Throttle Control Servo. The throttle position was controlled
with a Futaba model S3302 servo motor.

Ignition System. The ignition system was an Altronic, Inc.
PM1 configured to run in the waste spark mode.

Fuel Injectors.  The fuel injectors were supplied by BOSCH
and are similar to production part number 0-280-150-837.

Emissions Instruments. An emissions rack includes the fol-

lowing instruments:

1 Beckman 400A, hydrocarbon analyzer, using a flame ion-

ization detector.

Horiba PIR-2000, CO, analyzer.

Horiba PIR-2000, CO analyzer.

Teledyne Analytical Instruments, percent oxygen ana-

lyzer.

5 Thermo Environmental Instruments, Inc., model 10, che-
miluminescent NO—-NO,—-NO, analyzer. )

Load Control. A Go Power water brake dynamometer con-
trolled by a personal computer provided the load.

W

Governor. The engine speed for these experiments was
governed by a fuel-based governor. This governor works by
sensing the difference between the speed set point and the actual
speed and changing the pulse width of the fuel injectors. It is
an integral-only controller. It was adjusted to provide a slow
response to avoid any interaction with the optimization strategy.

Procedure

The experimental work was broken down into two major
parts: mapping and optimization.

874 / Vol. 118, OCTOBER 1996

Mapping. The mapping was done under conditions typical
of stationary engine application. To simulate the load, the water
control valve of the water brake dynamometer was held approxi-
mately constant by the PC-based dynamometer controller. This
produced a well-defined load versus speed characteristic curve.
The fuel-based engine speed governor simulated typical speed
control for a large stationary lean-burn engine. The governor
was tuned to be very slow to keep the engine stable during data
acquisition. For most of the experiments reported upon here,
the engine load and speed were 0.459 MPa brake mean effective
pressure (bmep) and 2000 rpm, respectively. This was chosen
to represent a medium speed and load condition. The map was
created by setting the spark advance and manifold absolute
pressure and allowing the governor to set the fuel flow. The
equivalence ratio was calculated from air flow, fuel flow, and
emissions data. The spark advance was varied between 30 and
70 deg BTDC. The equivalence ratio ranged from approxi-
mately 0.65 to greater than 1.0. When the operating condition
stabilized, fuel flow, air flow, torque, speed, and emissions data
were taken. Then the spark advance and manifold pressure were
adjusted to new settings, and the governor was allowed to set
the new fuel flow. Spark advance and manifold pressure adjust-
ments were randomized to eliminate hidden trends.

Optimization. The optimization runs were performed to
see where the control algorithm would settle. To compare
changes in optimization parameters fairly, each run was started
at approximately the same point. Modeling has shown that the
controller can reach the same steady-state condition, regardless
of where the system is started. As shown in previous work
(Franklin et al., 1994b), the small speed changes associated
with impending misfire were not fatally disruptive to the control
scheme. However, if the actual system were started in a region
of severe misfire, the cyclic variation might dominate the ER-
ROR signal, rendering the current strategy ineffective. The ini-
tial conditions were an equivalence ratio of approximately 1.0
and a spark advance of 30 deg BTDC. The system was then
allowed to optimize. The spark advance correction bias and the
equivalence ratio correction bias were varied to determine the
effects each had on the performance of the control system and
on the final operating condition. In addition, the gains for both
the spark timing and air flow corrections were varied. Finally,
interactions between spark timing correction gains, equivalence
ratio correction gains, their respective correction magnitudes,
and also their respective maximum correction limits were stud-
ied.

servo- dither
controlled valve
throttle
equal length
runner intake

sequential manifold
port fuel

injection

load

[ engine J

Fig.3 Schematic of engine showing intake manifold, throttle, and dither
valve
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Fig. 4 Thermal efficiency surface versus equivalence ratio and spark
advance: (a) surface plot; (b) contour plot

Results and Discussion

Mapping. In Figs. 4(a) and 4(5) the thermal efficiency is
plotted against spark advance and equivalence ratio. The con-
tour map, shown in Fig. 4 (), indicates a maximum (ERSABE)
centered about a spark advance of 56 deg BTDC and an equiva-
lence ratio of 0.72. Operating here gives a thermal efficiency
of about 0.27. The thermal efficiency is within one percent (or
0.27 percentage points) of the maximum over a range of spark
advances from 50 to 60 deg BTDC and a range of equivalence
ratios from 0.63 to 0.84,

Many gas-fired engines are currently run at an equivalence
ratio of 1.0 (stoichiometric) to allow the use of a three-way
catalyst. Thus, it is interesting to compare performance and
emissions at this operating condition with the ERSABE condi-
tion, which is the basic set-point of our optimizing strategy.
For the speed and load conditions of this experiment, thermal
efficiency improves by about 4 percent when adjusted from
stoichiometric and MBT timing to ERSABE. This change was
smaller than the typically expected 10 to 12 percent improve-
ment (Franklin et al., 1994b). This may be caused by a slower
burning combustion chamber, not designed to run very lean.
Better results could be expected from a combustion chamber
redesigned for lean operation.

As shown in Figs. 5(a) and 5(b), operating the engine at
ERSABE would produce relatively low NO, emissions (about
10 g/kW-h). This is approximately a 36 percent reduction com-
pared to the corresponding NO, emissions if the engine were
operated at the stoichiometric condition. As expected, the NO,
emissions depend strongly on both equivalence ratio and spark
advance.

Operating with such a low equivalence ratio increases the
hydrocarbon emissions by approximately 75 percent over the
stoichiometric condition as shown in Figs. 6(a) and 6(b).
Spark advance also influenced the hydrocarbon emissions.

Figures 7(a) and 7(b) show the relative standard deviation
of revolution times plotted against spark advance and equiva-
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30 40 50 60 70
Spark Advance [deg bidc]

Fig. 5 Brake specific NO, surface versus equivalence ratio and spark
advance: (a) surface plot; (b} contour piot

BSHC

-hr]
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Fig. 6 Brake specific hydrocarbon surface versus equivalence ratio and
spark advance: {a) surface plot; {b) contour plot
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Fig. 7 Relative standard deviation of speed surface versus equivalence
ratio and spark advance: (a) surface plot; (b) contour plot

lence ratio. These were calculated by taking four pairs of adja-
cent revolution times, calculating their standard deviation, and
calculating a running average. As expected, the data show that
the engine speed variation increases with decreasing equiva-
lence ratio. There is also an increase in speed variation with
any departure from MBT timing for a given equivalence ratio.

In general, CO emissions from a lean-burn engine are very
low. Figures 8(a) and 8(b) show the CO emissions versus
spark advance and equivalence ratio. The CO emissions are less
than 3 g/kW-h for equivalence ratios less than 0.86.

These maps show that if only nonmethane hydrocarbons are
regulated, and small fluctuations in speed are not important, the
equivalence ratio and spark advance for best efficiency may be
the most desirable operating point. If total hydrocarbons are
regulated, a slightly richer operating condition would be a better
compromise. On the other hand, NO, emissions could be re-
duced even further by operating the engine slightly lean of the
ERSABE condition. The tradeoffs among efficiency, stability,
and regulated emissions must be considered in adjusting the
design point with respect to the ERSABE point. This adjustment
is implemented by introducing appropriate bias values.

At a typical equivalence ratio of about 0.80 the uncertainty
in the equivalence ratio is about =0.03. The uncertainty in the
spark timing is less than one half of one degree. The uncertain-
ties in the calibrations of the torque and flow meters and emis-
sions instruments combine for a total uncertainty in thermal
efficiency of about 2 percent. Sparse data and the gridding
process introduced an uncertainty in knowing the ERSABE
point. The equivalence ratio at ERSABE is known to within
+0.03 and the spark timing is known to within *+3 deg. The
conclusions of this work depend only on the relative uncertain-
ties in knowing the equivalence ratio and spark advance at the
optimum (ERSABE).

Optimization. The optimization study showed that the sys-
tem can move to the ERSABE point in a relatively short time.
Figure 9 shows a typical optimization trajectory. The spark
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Fig.8 Brake specific carbon monoxide surface versus equivalence ratio
and spark advance: (a) surface plot; (b) contour plot.

advance correction gain was 0.0025, with a maximum correc-
tion amplitude of 0.25 deg per dither cycle. The equivalence
ratio correction gain was 0.002, with a maximum throttle correc-
tion of approximately 0.4 deg, which is about a 1.2 percent
change in airflow at typical conditions. The system reached the
ERSABE point in about 2000 dither cycles. At the tested speed
of 2000 rpm, this requires 8.0 minutes. Although an eight mi-
nute response seems long, note how far from ERSABE the
system started and compare that to how slowly gas composition
or engine characteristics typically change. Also recall that the
only information the controller needs is crank shaft speed
change. Once the controller reached the optimum, there was
some wander, but the system remained stable and close to the
ERSABE. The ignition timing wandered between 52 and 65
deg BTDC. The equivalence ratio wandered between 0.70 and
0.77. Using the current strategy, the response can be quickened,

-

100 T

30 40 50 80 70
Spark Advance [deg btdc]

Fig. 9 Typical optimization path taking about 2000 dither cycles (about
16,000 revolutions) to approach ERSABE: 2000 rpm, BMEP = 0.459 MPa
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Table 2 A comparison between different combinations of spark ad-
vance bias and equivalence ratio bias. Spark advance bias on left axis.

9 blas
SA bias -§0 (] 100 200

<28 |A(0.73, 65%)(B( 0.75, 60°)
0 |C(0.73, 60%){D( 0.73, 62%)|E( 0.76, 50%)| F( 0.83, 48°)

80 [G(0.76, 50°)
100 H(0.78, 45%)] 1{ 0.84, 419
200 J(0.82, 389 K( 0.87, 34°)

but only at the expense of wander. Increasing the correction
gains speeds up the response, but then wander increases.

Bias. Bias was demonstrated to effectively move the
steady-state operating point away from the ERSABE point. This
is shown in Table 2 and in Fig. 10. Each alphabetical label
(e.g., “*A’’) in the table corresponds directly with a label on
the graph. Increasing the equivalence ratio bias causes the final
resting point to be richer. Increasing the spark advance bias
causes the final resting point to be retarded from ERSABE.

Another example of the influence of bias is shown in Fig.
11, which shows optimization paths on a BSNO, surface. These
results are for a slightly higher speed and load than the other
results presented here, 2200 rpm and 0.511 MPa bmep. The
two paths show bias levels of 0, 0 and 50, —50 for spark advance
and equivalence ratio, respectively. Here the stoichiometric,
MBT condition gives a BSNO, of 20 [g/kW-h] while the bias
condition gives a BSNO, level of 3 [g/kW-h], an 85 percent
reduction while the fuel efficiency is actually 1.5 percent higher.
Thus, biasing may be used for effective control of emissions
with little or no fuel consumption penalty.

Correction Gains. Changing the correction gains affected
the response and stability of the control system. Figure 12 shows
the effect of spark advance correction gain on speed of response
and stability for three spark advance correction gains: 0.0025
(base case), 0.000235, and 0.000125. As expected, the system
responded more slowly with smaller gains. Each curve shown
is an average of four data runs. To show the effect of spark
advance correction gain on wander, Figs. 13 and 14 show indi-
vidual curves for two spark advance correction gains: 0.0025
and 0.000125. The wander is much more pronounced in the
high gain case.

In this system the equivalence ratio depends on both spark
advance and manifold pressure. As the efficiency improves due
to a more advanced spark, the fuel is decreased by the governor
to keep the speed constant, because the engine is equipped
with a fuel-controlled governor. This naturally decreases the
equivalence ratio. So, the equivalence ratio shows the, effect of
both a more efficient spark timing and air-flow. Figure 15 shows

N\
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Fig.10 A comparison between different combinations of spark advance
bias and air-fuel ratio bias. A legend is shown in Table 2.
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equivalence ratio plotted against time for three different equiva-
lence ratio correction gains: 0.002 (base case), 0.001, and
0.0005. The effect of equivalence ratio correction gains on wan-
der is similar to that for the spark advance in that the smaller
gains respond more slowly and have less wander. The larger
gains respond more quickly but wander more.

Maximum Correction Limits. To prevent a large errant cor-
rection in either the spark advance or the throttle setting from
an occasional atypical firing, the maximum correction per dither
cycle was limited. Changing the maximum correction limits
affected the response and stability of the control system. Experi-
ence has shown that correction limits of 0.25 deg of spark
advance and 0.4 deg of throttle angle work well. One interesting
effect of maximum correction limit is that it makes all gains
above a certain level have about the same response because the
correction is almost always at the maximum level and the only
thing the ERROR equation determines is the sign of the correc-
tion.

This effect was observed for the spark timing correction when
the spark advance correction gain was at or above 0.0025. At
a gain of 0.0025 the correction amplitude was at the maximum
limit over 85 percent of the time: either +0.25 or —0.25 deg
of spark advance. When the gain was cut by a factor of ten, the
portion of the cycles hitting the maximum limits was decreased
to about 25 percent. This combination of spark advance correc-
tion gain and maximum correction limit, while slow in response,
was very stable. This effect was observed to a lesser degree for
the equivalence ratio correction. When the equivalence ratio
correction gain was at 0.004, the correction amplitude was at
the maximum limit over 15 percent of the time: either +0.4 or
—0.4 deg of throttle angle correction. When the equivalence
ratio correction gain was at 0.002, the correction amplitude was
at the maximum limit only 2 percent of the time.

Optimization Strategies. 1t can be seen from the results de-
scribed above that the optimizing control strategy, combined
with bias, allows considerable flexibility in selecting the mean
timing and equivalence ratio at which the engine operates. Thus,
appropriate tradeoffs may be made among efficiency, emissions,
and knock control. What makes this approach different from
other strategies currently in use is that it sets these parameters
relative to the Equivalence Ratio and Spark Advance for Best
Efficiency (ERSABE), rather than to some type of fixed map.
Furthermore, the control system does not requite expensive and
potentially unreliable sensors in order to define operating condi-
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Fig. 11 Optimization paths with and without bias plotted on BSNO, sur-
face. Speed and load kept at 2200 rpm and 0.511 MPa bmep, respectively.
Left curve is for a spark bias of 50 and an equivalence ratio bias of —50.

OCTOBER 1996 Vol. 118 / 877

Downloaded 02 Jun 2010 to 171.66.16.104. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm



gain = 0.0025

gain = 0.000125

gain = 0.00025

w | R V) Il I } Il | I I 1 i + J. | I Y 1 i 4 4 } o I } J | I ) i
Tttt
o Q o Q9 9O Q o Q O o o =] [ T e} Q

o [ o] o2 (=] (= o o [ =] = o [~ [ o] (=4 (=]
-~ od L3p) - [Ty (L) M~ == o o - o m -
- L ad — ~

Number of Dither Cycles

Fig. 12 Spark advance versus number of dither cycles for different spark advance correction gains: 0.0025
(base case), 0.00025, and 0.000125
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Fig. 13 Spark advance versus number of dither cycles for base case gain. Notice wander and spread of
trajectories indicating that spark advance correction gain is probably too high for the noise present.
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Fig. 14 Spark advance versus humber of dither cycles for one-twentieth base case gain. Notice less wander
and better repeatability.

tions. The only required sensors are a crankshaft rotation sensor ~ bination of the optimizing strategy with an open-loop system

and the engine itself. to handle transients.

Applications. This approach may be particularly attractive .
in applications where fuel properties are subject to significant Conclusions
variation. Natural gas engines like the one used in this study 1 The Equivalence Ratio and Spark Advance for Best Effi-
are one such application. Another application would be engines ciency (ERSABE) for the speed-load condition tested
that run on biogasses like landfill gas or sewage sludge gas. was 56 deg of spark advance and an equivalence ratio of
These gasses are even more variable in properties than natural 0.72.
gas. An obvious mobile application would be multifuel engines. 2 The thermal efficiency at ERSABE is approximately 4
This last application would, however, require the use of a com- percent better than at the stoichiometric condition.
878 / Vol. 118, OCTOBER 1996 Transactions of the ASME
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Fig. 15 Equivalence ratio {¢) versus number of dither cycles for different equivalence ratio correction gains:

0.002 (base case), 0.001, and 0.0005

3 Compared to stoichiometric, operation at ERSABE gives
engine-out BSNO, emissions about 36 percent lower
while total hydrocarbons are increased by about 75 per-
cent.

4 The cyclic combustion variations near ERSABE cause
no major problems for the optimization strategy if the
correction gains are kept small.

5 The optimization strategy, when run at zero spark advance
bias and zero equivalence ratio bias, settles at 58 deg of
spark advance and an equivalence ratio of 0.76, which is
close to the ERSABE point.

6 Bias effectively moves both equivalence ratio and spark
advance away from the ERSABE point. This allows for
tradeoffs among efficiency, emissions, and other con-
straints.

7 At 2200 rpm, 0.511 MPa bmep, NO, emissions were
reduced 85 percent compared to stoichiometric through
the use of bias.

8 Spark advance corrections were limited by the maximum
correction factor 25 percent of the time at what was con-
sidered to be a slowly responding but stable gain setting.

9 Equivalence ratio corrections were limited by the maxi-
mum correction factor 15 percent of the time at what
was considered to be a slowly responding but stable gain
setting.

Future Work

Work remains to be done in the following areas:

1 Developing means of applying this strategy to super-
charged engines.

2 Adding an open-loop control system with learning to han-
dle transients. It would use look-up tables that are updated
by optimization information.

3 Testing the control system on an engine fueled with natu-
ral gas diluted with CO, to simulate operation on landfill
gas. This will demonstrate its adaptive capability for vary-
ing fuel compositions.

4 Testing the control system on an engine fueled with natu-
ral gas enhanced with H, to explore extension of the lean
operating limit.

5 Exploring methods of speeding up response without mak-
ing the system unstable.
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Computer-Aided Simulation of
Piston and Piston Ring
Dynamics

A numerical computer simulation program was developed, aiding in finding optimum
design parameters in the multibody-system piston, piston-rings, and cylinder with
respect to optimum sealing, minimal friction, and minimum noise stimulation (impact
impulse). In the simulation of piston secondary movement and piston ring motion,
Jorces arising from the combustion process, subsonic/supersonic gas flow between
the combustion chamber and the crank case, inertial forces and forces resulting from
the hydrodynamic lubrication between cylinder liner and piston shaft and piston rings
and between piston ring flanks and piston grooves are considered. In addition it is
possible to account for effects of global, three-dimensional ring deformation as well
as local piston deformation, roughness effects in lubricated contacts, and variable
viscosity and variable oil supply. The governing differential equations for the pressure
as well as the deformation are solved via finite element techniques, while initial value
problems are solved by efficient implicit time integration schemes. The application

G. Knoll
H. Peeken
R. Lechtape-Griiter

J. Lang

Institut fir Maschinenelemente und
Maschinengestaltung,
Rheinisch-Westfdlische Technische
Hochschule,

Aachen, Federal Republic of Germany

of the developed computer code is presented in examples.

Introduction

The computer-aided simulation of technical processes is an
important tool for decreasing time-consuming and expensive
experiments. Calculation of complex system motions can be
realized with a small amount of time and costs. Moreover exten-
sive variations of system parameters are possible. The mutual
dependencies between the influence variables can be analyzed,
which is required for a specific optimization of design parame-
ters as, e.g., piston skirt contour, lateral pin offset, piston ring
contour, prestressing of the ring, and clearance between ring
and groove. Furthermore, computer-aided simulation can be
used during the product development process, when experimen-
tal verifications are not yet possible.

Kinetics of Piston and Rings

Piston, piston rings, and cylinder bore represent a coupled
system of elastic bodies; its properties are governed by the
interaction of the gas and inertial forces as well as by the hydro-
dynamic lubrication film reactions.

For the design of piston and piston rings of a combustion
engine, the following simulation results are of interest:

e friction
e between piston skirt and cylinder bore
e between piston rings and cylinder bore
* noise emission
¢ 0il consumption

These mutual dependencies can only be determined by detailed
knowledge of the motion behavior of piston and rings.

The analysis of motion of dynamic systems is based on New-
ton’s equation of motion. The local inertial forces can be deter-
mined by the given outer forces, the local deformations and its
velocities. The velocities and positions of the next time step
can be calculated by integration of the local acceleration. In
doing so the time-dependent system motion can be calculated
iteratively.

Contributed by the Internal Combustion Engine Division and presented at the
16th Annual Fall Technical Conference of the ASME Internal Combustion Engine
Division, Lafayette, Indiana, October 2—6, 1994, Manuscript received at ASME
Headquarters December 13, 1995. Associate Technical Editor: W. K. Cheng.
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The finite element method (FEM) formulation of Newton’s

equation is

M-§+Ds+Ks=3F, (1)
In addition to the gas forces over and between the piston rings,
the outer forces of the system consist of the hydrodynamic
reaction forces in the gap between piston, piston rings, and
cylinder wall. The latter are decisively influenced by the gap
function between the sliding surfaces. This makes it necessary
to consider the elastic deformations of the surface of piston and
cylinder wall as well as the global ring deformation (constant
cross section). The calculated piston secondary movements dur-
ing a duty cycle serve as input data for the computation of the
piston ring dynamics, as they determine the ring motion. It can
be assumed that the ring motion doesn’t influence the piston
motion due to small radial forces between piston and rings.

For an exact computation of the motion of the crank mecha-
nism the geometric boundary conditions have to be defined
correctly. This is in particular the clearance and the contour of
the piston skirt, which arises from a superposition of the cold
contour and the radial thermal deformations. The distorted as-
sembled geometry of the cylinder, the local shape of the bearing
surface, and the prestress are of further interest.

In order to consider such influences as inertia, hydrodynamic
effects, and elasticity in a computer program, various computa-
tion methods have to be developed and coupled. The mass and
inertia effects are provided by the method of multibody systems
{(MBS) under consideration of the dynamics of the connecting
rod. The lubricant film reactions at the piston rings and the
piston skirt are calculated by solving the average Reynolds
equation for rough surfaces (Patir and Cheng, 1978) with the
finite element method. The governing differential equations for
the elastic deformations are also solved via FEM.

Outer Forces
Hydrodynamic Forces. The hydrodynamic pressure func-
tion in the lubricated gaps is determined under consideration of

surface roughness by the average Reynolds equation developed
by Patir and Cheng (1978)
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The variation of the gap due to a crowned and oval piston skirt
as well as a thermal and elastic distortion and, if provided, a
wear profile have to be considered. This complete Reynolds
equation is solved at each time step via FEM to calculate the
piston skirt and ring hydrodynamics.

For cavitation effects at the piston skirt and the rings, Reyn-
olds boundary condition is assumed via Murty’s Algorithm as
implemented by Goenka (1984). For mixed lubrication (h/o
< 4} a solid-to-solid contact is additionally considered by an
algorithm developed by Greenwood and Tripp (1970). Herein
the contact pressure is a function of Young’s modulus, the
nominal gap, and roughness parameters of the surface.

Motivated by the particular ring geometry, the hydrodynamic
pressure on the bearing surface, the flanks and the backs of the
piston rings can be calculated by a simplified form of Reynolds
equation: Neglect of the circumferential fluid flow yields a one-
dimensional Reynolds equation, which is solved at a number
of circumferential locations:

L Ly O L 04,

3
2 0z 2 0z )

In comparison to the full two-dimensional solution, the comput-
ing time can be reduced to about ;.

Different radial fluid film thicknesses in the gap between
piston skirt or the rings and cylinder liner can be considered by
using the cavitation algorithm mentioned above. Additionally,
hydrodynamic friction and Coulomb solid friction on base of
the pressure gradients and the shear velocities are taken into
account.

Gas Flow Simulation. The measured pressure distribution
for the whole duty cycle is required for the computation of the
piston secondary movement. An eccentric loadpoint of the gas
force can be accounted for.

A detailed analysis of the gas flow in the ring pack is essential
for the computation of the piston ring movements, because the
pressures over, behind, and under the piston rings change rap-
idly over the duty cycle and local interring pressures serve
as boundary conditions for the lubrication analysis. Interring
pressures significantly influence piston ring motion. During
phases of compression and expansion, for instance, the axial
movement of the first compression ring is almost exclusively
determined by the gas forces.

The pressure distributions in two places as a function of the
duty cycle must be known in advance: the combustion pressure,
which is identical with the pressure over the first compression
ring, and the pressure in the crankcase, which in most cases
will be identical with ambient pressure.

Normally the pressures between and behind the rings are
not known from measurements, so that interring pressures are
derived from numerical gas flow simulations.

The common theory for the determination of the gas flow and
interring pressures bases on Eweis’ transient labyrinth model
(1935) and was extended in the present analysis to get more
accurate results with respect to interring pressures and global
blow by rates.

In Eweis’ model discrete volumes above, behind, and under
the rings are considered to be connected by orifices whose flow
properties are defined by flow coefficients. Under the assump-
tion of axisymmetry, the thermodynamic equations for quasi-
static and isentropic mass flow #i, out of a big reservoir
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Fig. 1 Discretized gas flow simulation model
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can be solved for each time step, yielding the thermodynamic
quantities pressure, temperature and density at each time step
in each volume.

Pressure changes between time increments can easily be de-
termined from the equation of state for ideal gases and integra-
tion of mass flow quantities. The problem in the model proposed
by Eweis lies in the determination of flow coefficients 0 < ¢y
= 1, which must be chosen in tedious work to ensure realistic
interring pressures and global blow-by rates at the same time.

In the present analysis, the orifice model was replaced by a
discrete one-dimensional finite difference model in which the
equations of mass conservation, momentum, conservation of
energy, and equation of state for ideal gases are locally satisfied
in each time step. Figure 1 shows the discretized flow simulation
model for a ring flank.

The governing equations for flow, momentum, energy, and
state can be combined and form a system of two independant
nonlinear Eqgs. (5) for the unknown velocity ; and pressure p;
with known velocity and pressure at point ;:

_ 1
fi = piA; — p AU + k1

mu, + u)(uw; —u;) =0

A+ A
ﬁzuj‘“i+“‘—2. “(p; — pi)
m

(5)

+§(ui+uj)_.u_=()
2 dy, + dy,

The coefficient of friction A depends on local flow velocities u
and is determined from

64
A= e 0 = Re =< 2300 (laminar flow) (6)
and
A= giolg 2300 = Re = 10° (turbulent flow) (7)
Re™

While this dependency leads to a fully nonlinear system of
two equations if the coefficient of friction \ is taken to be the
spatial average between points i and j, it has been proven to
be sufficiently accurate to solve the quadratic problem with
A\ determined from known quantities at point i. Under the
assumption that the flow between the reservoir (point 0) and
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Fig. 2 Pressure distribution at lower ring flank

gap entrance (point 1) is isentropic, the mass flow #i is iterated
until the pressure at the end of the gap (point 2) conforms to
the static pressure in the next reservoir (point 3), This model
is well suited to account for sub- and supersonic flow. Figure
2 shows the local pressure in a supersonic case in which the
location of a compression shock must be found in an addi-
tional iteration.

Deformations

In order to obtain precise results for the hydrodynamic pres-
sure between piston and cylinder bore, it is essential to know
the deformations of the elastic bodies for each time step.

The deformation u of an elastic body in local coordinates
can be calculated as the difference of its global position s and
the rigid body movement q. Thus
(8)

u=s-q
Equation (1) can then be written as

Mii + Du + 2Mg X u + Ku

deformation

=2F, ~M{~¢Xr—pX(@xnl] (9

rigid body movement

For large structures with a large number of degrees of freedom,
solving Eq. (9) becomes difficult: On one hand computation
time increases significantly, on the other hand numerical prob-
lems do arise due to the huge dimension of the problem. Conse-
quently the number of degrees of freedom has to be reduced,
maintaining, however, significant properties of the system.

Modal Reduction. By reducing the number of unknowns
of a system of equations the original vector of degrees of free-
dom u with length n is transformed into a vector v with length
{. This is realized by multiplying the vector v with an time-
invariant transformation matrix T of dimension n X [

u=Tv a=Tv i=Tv (10)

In the modal reduction technique, the transformation matrix is
composed by the first [ structure’s eigenvectors. The higher the
number of used eigenvectors, the better the deformation behav-
ior is reproduced. Using Eq. (10) with Eq. (9) and premulti-
plying with TT from the left leads to

882 / Vol. 118, OCTOBER 1996

T'MT,y + T'DT,v + T'KT,v = T"-(RS) (11)
A S ———

Myeq Dred Krea

The reduced matrices are now of dimension / X / so that the
equation system has been considerably reduced. The modal de-
grees of freedom v obtained by the reduction can, however, not
be assigned to the nodes of the FEM structure any more. There-
fore the right side (RS) of Eq. (11) has to be reduced at each
time step. This disadvantage is compensated by the fact that
mass-stiffness- and damping matrices (in the case of Rayleigh
damping) have diagonal structure. In consequence, the equa-
tions of motion are independent and have not to be solved by
a numerical solution procedure.

If outer forces—gas forces, piston pin forces, hydrodynamic
piston skirt forces, and friction forces—and the rigid body
movement are known, the deformations of the piston structure
can be calculated with Eq. (11), which again do have influence
on the outer forces and the rigid body movement.

Rigid Body Movement. The rigid body movement of the
piston depends on the outer forces of the piston and the kinemat-
ics of the crank mechanism. The link between the connecting
rod and the crank shaft is regarded as an ideal rigid joint. The
equation of motion of the rigid body accelerations § are formu-
lated on basis of the multibody algorithms described by Haug
(1989).

The link between piston, connection rod, and crankshaft with
ideal rigid revolute joints can be described by kinematic con-
straint equations:

X(q, 1) = [®f(q, 1), ..., Pi(q, )] =0

Here, n is the number of degrees of freedom that are removed
by the revolute joints in the system. The velocities of the rigid
bodies’ center of mass are obtained by differentiation of the
constraint equations

(12)

Bq=-d =v (13)
where @, is the Jacobian matrix. A second differentiation leads
to the accelerations of the center of masses of the crank mecha-
nism
Qi = —(P44) 49 E Y (14)

In addition to the kinematic aspects of the crank mechanism,
kinetic aspects due to the outer forces have to be considered in
order to describe the piston motion fully.

For each body of the dynamic system, a virtual displacement
&q can be defined where the virtual work can be written in the
form

6q"[Mi — Q.1 =0

Here, M contains the masses and moments of inertia of each
rigid body, Q, the outer forces and moments. The virtual work
of the inner forces and moments between the bodies of the
system (in particular for the joints) are respectively eliminated
and therefore do not appear in Eq. (15). The virtual displace-
ment 6q has to be consistent with the system constraints and
has to satisfy the differential of Eq. (12) with time held fixed
(Haug, 1989):

(15)

By introduction of Lagrange multipliers, Egs. (15) and (16)
can be combined to yield
Mg + ®XA - Q.]"8q =0 (17)

which yields a mixed differential -algebraic equation,
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Fig. 3 Finite element structure of the piston
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since no derivatives of the Lagrange multipliers N appear. The
accelerations of the rigid bodies are thus determined by a kine-
matic and Kinetic analysis of the system, which, after integra-
tion, leads to the velocities and positions of each component at
each time step.

The calculation of the piston ring movement by Newton’s
equation of motion is less complex than the piston movement
analysis, because no multibody system occurs. Moreover, the
small number of degrees of freedom does not require any reduc-
tion.

(18)

Results

Piston Secondary Movement, The computation of the pis-
ton secondary movement under consideration of the piston de-
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Fig. 4 Radial center of mass motion of the piston
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Fig. 5 Tilt angle of the piston

formation is carried out for the crank mechanism of a turbo-
charged three-cylinder in-line diesel engine with wet-liner-type
cylinder, engine type Deutz MWM TD 226 B-3. The basic input
data are listed below:

Young’s modulus of piston
Cylinder bore .......ccvvvvivievinns

Radial clearance.........coiinvnieciencnnineieninnes
Center of mass of piston (from bottom) .............. 64.78 mm
Moment of inertia of piston .........ccccuvvevvrenns

105 mm

Mass Of PISLON ..cocvvirveviiniiiininint s 1.282 kg
C. 0. mass of connecting-rod

(from big end bearing) .....c.cocovvviniinininonn 68.7 mm
Moment of inertia of connecting rod.......... 14,000 kg * mm?
Mass of connecting-rod.........co.cccvnvcninrinionncrcnnanns 1.522 kg
SOKE 1o, 120 mm
Viscosity.. .. 0.012 Pa-s
SPeed.....ciriviiirerii 1900 rpm
Coulomb friction coefficient ..........ccccecoeerrienecrrnernnes 0.05
Thickness of 0il fillm ....cccoovvveiecnmiinninicceeneen 30 um

The piston’s contour is found by superposition of the cold con-
tour and thermal deformation of the skirt. Hydrodynamic effects
appear at the piston skirt, solid-to-solid contact and friction,
and over the whole surface of the piston. Presently, the load is
assumed to be evenly distributed over the piston pin bearing;
the cylinder liner is modeled as a rigid body. The program is
subject to further extensions in the near future.

rigid —
1.1 8

0.9
H,, 08
-1 0.7
0.6
0.5
0.4
03}

0.2

1

TDC

™DC BDC BDb

Fig. 6 Minimal relative gaps at the piston skirt
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Fig. 7 Lateral skirt force

Figure 3 shows the FEM structure of the piston. Due to
symmetry only half of the piston’s geometry need be consid-
ered. The finite element model consists of 1720 nodes and 1324
elements and is reduced to 17 modal degrees of freedom.

In order to reveal the effect of elasticity, calculations of the
piston secondary movement have been carried out for a rigid
and an elastic piston. Figure 4 shows the radial motion of the
center of mass of the piston during the first duty cycle.

The secondary movements do not differ significantly as the
center of mass is located in a region of high stiffness. In the
top dead center, elastic vibrations occur due to the impact with
the rigid cylinder liner. The tilt angle of the piston is of higher
interest (Fig. 5).

Particularly in a range of 90 deg before and 180 deg crank
angle after ignition the piston positions differ considerably due
to the gas force induced deformation effects of the piston skirt.

To characterize wear and frictional behavior the minimal
gaps are of great importance. Figure 6 shows the minimal gap
between piston skirt and cylinder liner. As one can expect, the
gaps of the rigid piston are smaller than the gaps of the elastic
piston.

Figure 7 shows the comparison of the lateral skirt force of
the rigid and the elastic piston. One can see that the vibrations
of the piston skirt, in particular close to the firing point and in
phases of large translational movements, have a significant im-
pact on the skirt hydrodynamics and as a result also on noise
emissions.

Piston Ring Motion. Each piston ring is modeled via finite
element beam elements, which meet the demands of high accu-
racy and ease of model generation. In contrast to modal ap-
proaches for the piston, a modal reduction of the number of
unknowns for the piston ring is not necessary because already
ten beam elements per ring will yield sufficiently accurate re-
sults. The number of unknowns can be halved, however, if

\'

A
)<<p g’ A

r
beam element -

£ - lenght ~
A - cross section area

Iy, I, - moments of inertia (bending)
I; - moment of inertia (torsion)

~_

Fig. 8 FE ring model
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Fig. 9 Axial ring movement

symmetry regarding the plane in which the connecting rod
moves can be assumed (Fig. 8).

In a preprocessing step, the cross-sectional properties area A
and moments of inertia (bending 7, I, torsion I,) are deter-
mined. For the computation of /, boundary element techniques
are applied for the solution of Poisson’s equation over the ring’s

4

THG | TDC | TDC g /
[ S N s 30 17
_— % platid

Fig. 10 Ring confirmability with an unaligned cylinder liner (TDC)
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Fig. 11 Ring confirmability with an unaligned cylinder liner (BDC)

Fig. 12 Ring confirmability with an unaligned cylinder liner (90 deg be-
fore ignition (TDC)

/
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[

Fig. 13 Ring confirmability with an unaligned cylinder liner (90 deg after
ignition TDC)

cross section, This way only the boundary of the cross section,
directly derived from CAD data, needs to be discretized.

Figure 9 shows measured and calculated piston ring move-
ments for a 1.6 / automotive diesel engine with bore of 76.5
mm under 3600 rpm.

Journal of Engineering for Gas Turbines and Power

The measurements were taken at the facilities of Kolben-
schmidt AG, Neckarsulm. The motion of the oil control ring
was not measured. The analysis shows that a lift-off of the first
compression ring is prevented by combustion pressures.

Very often the cylinder liner geometry shows a clover-shaped
misalignment caused by the cylinder head bolts. This misalign-
ment is very crucial with regard to the sealing properties of the
piston rings that must adapt to the distorted geometry. Therefore
examinations of the conformability of piston rings are of great
interest.

Figure 10 shows simulation results for a 4 cylinder otto en-
gine with bore of 80 mm at a speed of 4000 rpm.

The cylinder distortion, determined with the measuring sys-
tem Incometer (ARE Goetze GmbH, Burscheid), and expressed
in Fourier series expansions, was available for nine planes per-
pendicular to the cylinder axis.

pressure p
7500 T T
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5000 k- pressure .
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. N pressures |
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the rings
]
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130.0 T T T
97.5 ~
[um]  65.0| ) .
topring
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il L |
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Fig. 14 Axial ring movement relative to a fixed piston
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Fig. 15 Axial ring movement with piston secondary movement

Figures 1113 show, enlarged by a factor of 350, calculated
radial positions of the top ring for crank angles of BDC, 90 deg
before TDC (ignition) and 90 deg after ignition TDC.

It is apparent that combustion pressures, acting on top.of and
from behind the ring, smoothly fit the ring to the cylinder liner.
Radial gaps increase between dead centers, when sliding veloci-
ties allow for a hydrodynamic pressure build up, and vary cir-
cumferentially, since gas pressures behind the ring are low.
Metal-to-metal contact at four circumferential positions occurs
at BDC, where sliding velocities are zero and hydrodynamic
squeeze actions do not suffice for a separation of the surfaces.

The calculation of the axial ring movement relative to a fixed
piston is shown in Fig. 14; the axial ring movement under
consideration of the secondary movement is presented in Fig.
15. i

886 / Vol. 118, OCTOBER 1996

The calculation is based on the following types of piston
ring:

e top ring: 15 deg keystone type

e second ring: rectangular compression ring with taper
faced running surface

¢ third ring: coil spring-loaded level edged oil control ring

Each piston ring is modeled by eight beam elements in the
circomferential direction.

The gap function in the circumferential direction differs sub-
stantially due to the radial piston secondary movement. The
‘“‘jagged’ ring movement in Fig. 15 is caused by the piston
motion. In principal the motions of the compression rings are
very similar in both calculations. The oil control ring changes
the side of contact between the TDC’s at the pressure side,
while during the same time the piston doesn’t. From the calcula-
tion with consideration of the piston movement it can be ob-
served that the oil control ring’s open end changes the side
of contact on intake between the dead centers, while without
consideration of the piston movement it does not. The calculated
blow by rates (8.5 L/min per cylinder with piston secondary
movement, 7.0 L/min with a fixed piston) indicate that the
sealing properties are better when the piston secondary move-
ment does not take place.

Summary

A numerical computer simulation program was developed,
calculating the piston secondary movement by considering the
full three-dimensional elasticity of piston and rings. The piston
ring motion is computed for a given secondary movement.

The average Reynolds equation for rough surfaces provides
the hydrodynamic reaction forces in the lubricated gaps, where
solid-to-solid contact and friction is considered by an elastic
contact pressure model.

The local gas flows between rings and grooves are calculated
with a discrete capillary model. The interring pressures, which
significantly influence the axial ring movement at each time
step, as well as such global parameters as the blow-by rate are
determined via this model.

The solution Newton’s equation of motion for the piston is
carried out in a modal reduced system. However, the physical
boundary conditions are considered correctly. Finite element
method (FEM) and multibody systems are used for solving the
governing equations.

Acknowledgments

The authors are indebted to the Bundesministerium fiir
Wirtschaft (BMWi, Bonn) and the Arbeitsgemeinschaft indus-
trieller Forschungsvereinigungen (AiF, Koéln, AiF-Nr. 8894,
7269 and 8488) for the financial support that made this research
project possible. The investigations have been accompanied by
a council under the chairmanship of Dr.-Ing. P. Reipert,
Kolbenschmidt AG and Dr.-Ing. R. Jakobs, AE Goetze GmbH.
Their support is also acknowledged with thanks. The complete
reports are available at the FVV, Frankfurt.

References

Eweis, M., 1935, ‘‘Reibungs- und Undichtigkeitsverluste an Kolbenringen,”’
VDI-Forschungsheft 371, Berlin.

Goenka, P. K., 1984, ‘‘Dynamically Loaded Bearings: Finite Element Method
Analysis,”” ASME Journal of Tribology, Vol. 106, pp. 429-439.

Greenwood, J. A., and Tripp, J. H., 1970, ““The Contact of Two Nominally
Flat Rough Surfaces,”’ Proc. Instn. Engrs., Vol. 185, pp. 696-706.

Haug, E. 1., 1989, Computer Aided Kinematics and Dynamics of Mechanical
Systems, Vol. I: Basic Methods, Allyn and Bacon, Boston.

Patir, N., and Cheng, H. S., 1978, ‘‘An Average Flow Model for Determining
Effects of Three-Dimensional Roughness on Partial Hydrodynamic Lubrication,”
ASME Journal of Lubrication Technology, Vol. 100, pp. 12—17.

Transactions of the ASME

Downloaded 02 Jun 2010 to 171.66.16.104. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm



Evaluation of a Three-
Dimensional Mathematical

P. J. Coelho

Assistant Professor.

M. G. Carvalho

Professor.

Model of a Power Station Boiler

A three-dimensional mathematical model based on the numerical solution of the
governing equations of mass, momentum, and energy, and transport equations of

scalar quantities is presented. The model is applied to a power station boiler of the
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Portuguese Electricity Utility for which experimental data are available. Predictions
of the gas temperature and chemical species concentrations are compared with the
measurements. Three different grids were employed to ensure that conclusions are
not affected by the grid refinement. It was found that using a combustion model based
on the chemical equilibrium assumption, the predicted gas species concentrations
are in good agreement with the data and the temperature profiles display the correct

trend, although the temperature was underpredicted, especially in the burner region.
The influence of the air/fuel ratio and power load were also successfully simulated.
The present results reveal the predictive capabilities of the model and its usefulness
for design or optimization studies.

1 Introduction

In power station boilers, a significant amount of fossil fuels
is consumed. The limited sources of these fuels and their uneven
distribution over the world will tend to increase the price of the
fuels with time. This trend is accentuated by increased energy
demand. Therefore, there is a need to improve combustion effi-
ciency and to reduce fuel consumption. This motivates the
search for new fuel resources and the burning of fuels of lower
quality. But these fuels generally yield more pollutants. To face
the increasingly more restrictive emission regulations, improved
combustion strategies and burner designs are required. In addi-
tion, the foregoing requirements should not adversely affect the
investment and operation costs and the lifetime of the equip-
ment. Experimental techniques and computational methods are
two complementary tools that may help engineers meet all these
requirements.

Only a few experimental studies have been performed in full-
scale utility boilers. This is due to the difficulties involved,
namely the limited physical access to data and the harsh envi-
ronment. Consequently, the experiments require skill and time
and become very expensive. Moreover, they are subject to inac-
curacy. Most of them have been performed in boilers with a
power output below 80 MWe (see Butler and Webb, 1991).
Recently, Cassiano et al. (1994) carried out experimental work
in a 250 MWe power station boiler of the Portuguese Electricity
Utility. The results are used in the present numerical study for
evaluation of the mathematical model.

The mathematical modeling of utility boilers based on the
solution of the three-dimensional governing equations for mass,
momentum, energy, and other scalar variables has only recently
been attempted. Although most of the numerical techniques and
physical models were developed about two decades ago, the
first numerical study of this kind applied to utility boilers was
reported by Robinson (1985). He applied the model to a tangen-
tially fired gaseous furnace and compared the predicted gas
temperatures and heat fluxes with experimental data acquired
on two large furnaces. Thereafter, several studies have been
published in the literature.

Contributed by the International Gas Turbine Institute for publication in the
JOURNAL OF ENGINEERING FOR GAS TURBINES AND POWER, Manuscript received
by the International Gas Turbine Institute June 23, 1993; revision received April
4, 1996. Associate Technical Editor: H. L. Julien.
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Abbas and Lockwood (1986) and Lockwood et al. (1988)
studied two power station boilers, one front-wall fired and the
other corner-fired. Comparison with measurements was re-
stricted to isothermal velocity data collected in a scale model.
A similar study was reported by Sargianos et al. (1990), who
simulated the isothermal air flow in a laboratory-scale boiler
model and methane combustion in a large utility boiler. The
isothermal air flow predictions in the scale model showed quali-
tative trends aligned with certain preliminary measurements.
Carvalho and Coelho (1990) applied a three-dimensional model
to an oil-fired water tube boiler where a few heat flux measure-
ments were available. The calculated fluxes were in good agree-
ment with the observed ones. Bonvini et al. (1991) applied a
similar model to the prediction of NO, emissions from a large
utility boiler furnace. Comparison with experimental measure-
ments was limited to average concentration at the furnace outlet.
All these works report applications to gas or oil-fired boilers,
but other studies in coal-fired boilers have also been performed
(Boyd and Kent, 1986; Gorner and Zinser, 1988; Fiveland and
Wessel, 1988; Fiveland and Latham, 1991; Luo et al., 1991;
Epple and Schnell, 1992; Coimbra et al., 1994). The evaluation
of the mathematical models used in the studies mentioned above
is limited by the scarceness of available data.

The present paper describes the application of a mathematical
model to a power station boiler of the Portuguese Electricity
Utility. Preliminary calculations for standard operating condi-
tions were presented previously (Carvalho et al., 1991) as was
a comparative study of the performance of the boiler for fuel
oil and natural gas firing (Carvalho et al., 1990). An analysis.
of the heat transfer phenomena with emphasis on the influence
of the uncertainties in the wall temperature and emissivity distri-
butions on the predicted heat transfer was also performed
(Coelho and Carvalho, 1992). In these previous works only
predicted results were presented, since experimental measure-
ments were not available. Recently, an experimental study was
carried out in this boiler. The main objective of the present
paper is to report the evaluation of the model by means of
comparison of the predicted results with the measurements ob-
tained. These include operation at two different air/fuel ratios
and power loads, Due to the limited data available in utility
boilers, this study represents an important contribution to the
evaluation of current three-dimensional mathematical models.

The mathematical model is presented in the next section. In
section 3 the modeled boiler is described, and in section 4 some
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numerical details of the computations are provided. The results
are presented and discussed in section 5. The main conclusions
are drawn in the last section.

2 Mathematical Model

The mathematical model is based on the numerical solution
of the conservation equations for mass, momentum, and energy,
and transport equations for scalar variables. All these equations
may be cast in the following general form:

. O ~ .
9 (pid) = A <F¢3—fj - ﬁu}’qﬁ”) + PSq (1)

where ¢ is the dependent variable; u;, the Cartesian velocity
component along direction x;; p, the density; Iy, the diffusion
coefficient; and S, the source term.

Equation (1) stands for the mass conservation equation when
¢ = 1, the momentum conservation equation when ¢ is a veloc-
ity component; the energy conservation equation when ¢ is the
stagnation enthalpy; or the transport equation of a scalar when
¢ is a scalar variable, such as mixture fraction.

~—
no.n

To close Eq. (1) the Reynolds stresses u]u; and the turbu-

lent scalar fluxes 1;,’7(75” should be expressed in terms of known
quantities. The k—¢ turbulent viscosity/diffusivity model has
generally been employed for that purpose in the mathematical
modeling of utility boilers and it was also used in the present
work. It assumes a linear relationship between the Reynolds
stresses and the rate of strain:

8—”) -2 (ﬁk + u?i> 5 (2)

—pulnl = on, +
puiu; For 3 axk

ij Ox, Y

and a gradient diffusion hypothesis for the calculation of the
turbulent scalar fluxes:

0%

3
Ty ij ( )

~

~puj ¢ =
In these expressions it is assumed that the approximations used
for constant density flows remain valid without explicitly ac-
counting for density fluctuations (see Jones and Whitelaw,
1982). The solution of transport equations for the turbulent
kinetic energy, &, and its dissipation rate, ¢, allow the calculation
of the turbulent viscosity u, (u, = c,pk®/€). Standard values
were assigned to all the constants of the model (Launder and
Spalding, 1974).

The density is calculated from the pressure, temperature, and
chemical gas composition using the equation of state for a per-
fect gas. The temperature is related to the enthalpy by a well-
known thermodynamic relationship. The calculation of the
chemical gas composition requires a combustion model.

The combustion model assumes that the reaction rates are
high enough that the chemical reactions take place instanta-
neously as soon as the reactants are brought together. Combus-

Nomenclature

tion is controlled by mixing rather than kinetic phenomena.
Therefore, the instantaneous thermochemical state of the gas-
eous mixture depends only upon strictly conserved scalar vari-
ables. All these variables are linearly related when it is further
assumed that the system is adiabatic and the mass diffusion
coefficients of all the chemical species and the thermal diffusion
coefficient are equal. In such a case, the mixture fraction is
often taken as the dependent variable. The instantaneous values
of the mass fractions of all chemical species, temperature, and
density may be found from the instantaneous value of the mix-
ture fraction.’

The relation between the gas composition and the mixture
fraction depends on the model employed. In this work two
different models were used. In the chemical equilibrium model,
which was used in most of the cases, it is assumed that chemical
equilibrium prevails and the instantaneous gas composition is
calculated from the minimization of the free Gibbs energy, fol-
lowing Gordon and McBride (1971). Complete chemical equi-
librium was assumed for values of mixture fraction, f, smaller
than a threshold value, f., and frozen mixing (adiabatic mixing
of mixtures at f = f, and f = 1) was assumed for f > f.. The
threshold value f, was selected to match the peak measured CO
concentration. The values of the instantaneous mass fractions
of the chemical species as a function of the mixture fraction
are stored in a look-up table. In the simple chemically reacting
system (SCRS) model it is supposed that combustion takes
place as a single-step irreversible reaction, where the fuel and
the oxidant react instantaneously, yielding combustion products.
This assumption yields piecewise linear relationships between
the instantaneous mass fractions of oxygen, fuel, nitrogen, prod-
ucts, and the mixture fraction (see, e.g., Lockwood and Naguib,
1975).

In utility boilers a significant proportion of the heat released
in combustion is transferred to the walls and it is not correct
to consider the combustion chamber as adiabatic. Hence, the
enthalpy is not linearly related to the mixture fraction and an
additional assumption on how these variables are related is
needed. Here, a piecewise linear relationship as suggested by
Abou-Ellail et al. (1978) was used. The temperature can be
determined from the enthalpy using well-known thermody-
namic relations and the density is obtained from the ideal gas
equation of state.

Due to the turbulent nature of the flow, mixture fraction
fluctuations should be taken into account to calculate the mean
values of the mass fractions, density and temperature. This was
accomplished by prescribing a clipped Gaussian shape for the
mixture fraction probability density function (Lockwood and
Naguib, 1975). Hence, density weighted and nonweighted mean
values are calculated as:

C,, = constant of k— e turbulence

model 6 = Kronecker tensor
k = turbulent kinetic energy
p = pressure energy

p(f) = probability density function

8, = source term of the discretized ¢ equation

equation 4 = dynamic viscosity
; = velocity component along i di- p = density
rection
x; = Cartesian coordinate in i direc- able ¢
tion
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¢ = dissipation rate of turbulent kinetic

0 = Prandtl/Schmidt number of vari-

¢ = fo SN (f)df 4
- _ (o)
= d 5
$=p 0p(f)P(f)f (5)
T", = diffusion coefficient of variable ¢  Subscripts

i = spatial direction
¢t = turbulent
¢ = dependent variable

¢ = dependent variable in a transport

Superscripts

= Reynolds-averaged value
" = Pavre-averaged value
” = fluctuation quantity in Favre-
averaging
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The probability density function is specified by the mean value
and variance of the mixture fraction. Transport equations are
solved for these two quantities.

The radiative heat transfer plays a dominant role in utility
boilers and enters in the energy conservation equation as a
soutce term. Here, it was calculated by means of the discrete
transfer model (Lockwood and Shah, 1981), which is based on
the solution of the radiative heat transfer equation along speci-
fied directions. In this model, the temperature and the absorption
coefficient of the medium are assumed to be constant in each
control volume resulting from the discretization of the physical
domain. For all the control volumes adjacent to the boundary,
the central points of the faces of the control volumes coincident
to the boundary are determined. Let P be one such point. The
hemisphere centered in P is discretized into a given number of
solid angles. Each solid angle defines a direction along which
radiation beams are fired and the radiative heat transfer equation
is solved. Hence, given a point P at the center of a cell face on
the boundary, a radiation beam is fired from P for each one of
the directions selected above. The path of a radiation beam is
followed until it hits another boundary. Let Q; be the impinge-
ment point. Although, in general, Q; is not the central point of
a boundary cell, it is assumed that the radiation intensities at
Q; and at the central point of the cell that contains Q; are
equal. The radiation intensity leaving that cell is either known
or guessed from a previous iteration. Then, starting from Q;,
the path of the beam is followed back to the origin (point
P), and the radiative transfer equation is integrated analytically
along this path, allowing the calculation of the radiation inten-
sity arriving at point P. The incident radiative heat flux at
point P is calculated by adding the contributions due to all the
radiation beams that reach point P, i.e., from all the directions
resulting from the discretization of the hemisphere centered in
P. This procedure is repeated for all the cell faces on the bound-
ary. Then, the boundary conditions (prescribed temperature in
the present study) are applied. This allows for an improved
guess of the radiosity at the boundary. The iterative procedure
continues until the convergence criterion is satisfied.

The source term of the energy equation in each control vol-
ume is obtained by the summation of the change of radiation
intensity within the control volume for all the rays that cross
it. Additional details of the method are given by Lockwood and
Shah (1981).

Scattering of the participating medium was neglected. This
is a good assumption for gas or oil-fired boilers. The absorption
coefficient of the medium is calculated from the emissivity of
the gas/soot mixture. The emissivity is calculated using the two
grey plus one clear gas approach of Hottel and Sarofim (1967)
extended to account for soot. The coefficients determined by
Truelove (1976) were used. Soot concentration was predicted
using the soot formation model of Khan and Greeves (1974)
and the soot oxidation model of Magnussen and Hjertager
(1977).

The governing equations are integrated over each control
volume and discretized using finite differences. The central dif-
ferences scheme is employed for all but convective terms, which
are discretized using the hybrid central differences/upwind
scheme. The solution algorithm is based on the SIMPLE
method. The sets of discretized equations are solved using the
Gauss—Seidel line-by-line iteration procedure.

3 The Modelled Boiler

The mathematical and physical models described in the previ-
ous section were applied to a boiler of the Portuguese Electricity
Utility, schematically shown in Fig. 1(a). It is a natural circula-
tion drum boiler with a pressurized combustion chamber, two
parallel passages by the convection zone and superheating. The
walls of the combustion chamber, the vaporization panels, are
vertical welded tubes. Water circulates.in these tubes and partly

Journal of Engineering for Gas Turbines and Power

vaporizes due to the heat released in the combustion chamber,
which is transferred to the walls. The boiler is fired from three
levels with four oil burners in each level, as shown in Fig. 1(b).
A detail of the burners is presented in Fig. 1(c¢).

At maximum capacity the boiler produces 771 ton/h of steam
at 167 bar and 545°C. The operating conditions are those for
which experimental data are available, as summarized in Table
1. Case 1 corresponds to the standard operating conditions at
full load (250 MWe). In case 2 the air/fuel ratio was reduced
but the power load is the same, whereas in case 3 the boiler is
operating at partial load. The fuel oil properties are given in
Table 2.

The present model was applied to the combustion chamber
whose overall dimensions are 8.57 X 11.43 X 19.96 m® along
the x, y, and z directions, respectively, The simplified combus-
tion chamber geometry is presented in Fig. 1(b). Due to the
symmetry, only one half was modeled. Figure 1(&) also shows
the inspection ports, which provide access for the probes.

Experimental work was recently carried out in this boiler
(Cassiano et al., 1994). Gas temperatures were measured using
a 3.5-m-long, double-shielded, water-cooled suction pyrometer,
which consists of a Pt/Pt-13 percent Rh thermocouple of 350
pm diameter protected by radiation shields from losses to the
combustion chamber walls. Major gas species concentrations
were obtained by a gas sampling probe connected to gas ana-
lyzers. The probe consists of a sampling tube of 2 mm diameter
mounted in a water-cooled jacket of 50 mm diameter and 3.5
m length. According to Cassiano et al. (1994) it is expected
that the measured gas species concentrations are close to the
density-weighted averages within 10 percent of the maximum
measured value.

4 Numerical Details

The fuel oil is atomized in each burner and enters the combus-
tion chamber as a spray. In the present model it is assumed that
the droplets vaporize instantaneously and only the gas-phase
flow is considered. The wall temperature and emissivity were
taken as 700 K and 0.65, respectively, which is expected to be
a good assumption. In fact, a previous sensitivity study ( Coelho
and Carvalho, 1992), where a coupling algorithm between the
physical phenomena occurring in the combustion chamber and
in the water wall tubes was proposed, showed that the influence
of the wall temperature distribution on the predictions is negligi-
ble. Moreover, it was shown that the heat transfer phenomena
are influenced by the wall emissivity but the gas temperature
and composition are only marginally affected, provided that the
wall emissivity is not too different from the actual one.

Calculations were performed using a mesh with 16 X 34 X
60 grid nodes along the x, y, and z directions, respectively (see
Fig. 2(a)). Hereafter, this grid will be called grid 1. The grid
is very fine in the burner region where neighboring grid lines
are undistinguishable. Therefore, a detail of the grid is shown
in Fig. 2(b). In this figure the dashed lines are the faces of the
control volumes and the solid lines identify the boundaries of
the fuel inlet, atomizing air inlet, divider wall, and combustion
air.inlet. A coarser grid was employed for the calculation of
radiative heat transfer comprising 10 X 9 X 20 grid nodes. This
allows savings in CPU time without adverse effects on the
solution accuracy (see, e.g., Abbas and Lockwood, 1986). Ad-
ditional savings were achieved by calling the radiation subrou-
tines only every 10 iterations. Hence, the converged solution,
achieved when the sum of the normalized absolute residuals of
each dependent variable decreased to values below 2 X 1073,
is obtained in about 1000 iterations and 6 hours CPU time
(VAX 9000-440).

Two other meshes were employed to evaluate the influence
of grid refinement on numerical accuracy. It would be desirable
to duplicate the number of grid nodes in each direction since
this would allow the use of Richardson extrapolation to estimate
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the solution error. However, this would require many grid nodes

and several days of CPU time. Therefore, a compromise solution

was sought in which the grid was refined only either along the

y and z directions or along the x direction. Hence, additional

computations were carried out using grid 2 (16 X 54 x 98 grid
nodes) and grid 3 (32 X 34 X 60 grid nodes).

5 Results and Discussion

5.1 Standard Operating Conditions. Figures 3(a),
3(b), and 3(c) show the predicted velocity component along
the x direction, temperature, and mixture fraction profiles along
the axis of the top level burner, close to the side wall. The
profiles obtained using the three grids mentioned above are
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Fuel Oil

c)

(a) Sketch of the power station boiler; (b) simplified geometry of the combustion chamber with identification of the burners and inspection

®

plotted. These profiles were selected to illustrate the grid depen-
dency. It can be seen that the three grid schemes yield qualita-
tively similar predicted profiles. However, significant differ-
ences may be found between the numerical solutions at certain
lIocations. For example, the predicted u velocity at x = 4.3 m
is about 10 m/s higher for grid 3 than for grids 1 and 2. The
temperature and mixture fraction profiles are similar for the
three grids and exhibit steep gradients near the burner. The
calculations performed using grid 3, which has twice as many
grid nodes along the x direction as grids 1 and 2, reveal a higher
fuel consumption rate for x values up to x ~ 1.3 m and a smaller
consumption rate further downstream up to x =~ 4.0 m.
Therefore, the predicted results cannot be regarded as com-
pletely grid independent. This conclusion is consistent with the
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Table 1 Operating conditions

Case 1 2 3
Load (MWe) 250 250 125
Air mass flow rate (ton/h) 805 769 459.3
Fuel mass flow rate (ton/h) 52.7 52.7 28.8
07 volumetric concentration In
e zases (%) 1.5 0.75 3.0
Inlet air temperature (°C) 335 343 290
Table 2 Fuel-oil properties
Composition Carbon: 86.52%
Hydrogen:  11.06%
(average) Nitrogen: 0.72%
Sulfur: 208% (ASTM DI129)
Heating Value 10076 keal/kg (ASTM D129)
I
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Fig. 2 (a) Computational grid (16 x 34 x 80 grid nodes); {b) detail of
the grid in the burners region

one of Gillis and Smith (1990), who have found that the calcu-
lation of an isothermal flow in a pilot scale wall-fired furnace
requires more than 250,000 grid nodes. So, the comparison
presented below between the predictions and the data for the

Journal of Engineering for Gas Turbines and Power
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Fig. 3 Predicted velocity, temperature, and mixture fraction profiles
along the axis of the top level burner close to the side walls (grid 1: 16
X 34 x 60; grid 2: 16 x 54 x 98; grid 3: 32 X 34 X 60)

boiler analyzed here includes consideration of the numerical
solutions obtained for the three grids. This enables one to find
out whether discrepancies may be attributed to grid refinement
or not.

The comparison between predicted and measured tempera-
ture profiles along the axis of inspection ports 1.5 and 3.6 is
illustrated in Fig. 4. Close to the back wall and just above
the ash pit (inspection port 1.5; see Fig. 1(b)) the predicted
temperature profile is relatively flat and nearly grid independent.
However, the temperature is underpredicted by 50° to 150°C.
The agreement between the three different numerical solutions
suggests that this discrepancy is due to the modeling assump-
tions rather than numerical reasons. Since this profile is in a
region where the fuel has already been consumed, the mixture
fraction fluctuations are negligible. Therefore, the underpredic-
tion of temperature reveals an overprediction of the radiation
loss. This suggests that the absorption coefficient was overesti-
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Fig. 4 Comparison between predicted (solid lines) and measured (sym-
bols) temperature profiles: {a) profile along the axis of inspection port
1.5; (b) profile along the axis of inspection port 3.6

mated. A possible explanation is the overestimation of soot
concentration since, as seen below, the gas species concentra-
tions are in good agreement with the data.

Inspection port 3.6 is located near the front wall and at the
top burners level (see Fig. 1(5)). Along the axis of this port the
temperature profiles computed using the three grids mentioned
above are similar, as shown in Fig. 4(4). The temperature is
underpredicted, except in front of the combustion air inlet (y
~ 2.4 m), where a temperature drop is observed due to the
stream of relatively cold combustion air. The temperature rises
for larger values of y due to the heat released in the combustion
of the fuel injected through the burner closest to port 3.6. There
may be several reasons for the temperature underestimation, but
first it should be mentioned that this profile is located in a region
of steep temperature gradients (see Fig. 3 for small x values)
and very close to the burner inlet. It would be very useful to
have temperature measurements along the burner axis, but this
is not possible because there is no physical access for the probes.

The burner geometry is rather complex and its details are not
taken into account. Due to these limitations, it is not surprising
that there is a discrepancy between the data and the predictions
for the profile through port 3.6. Apart from the geometry simpli-
fications and the assumptions underlying the combustion model,
namely the instantaneous fuel vaporization, other possible ex-
planations for the temperature underprediction may be devised:
an overprediction of the heat radiation loss; errors in the as-
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sumed relationship between instantaneous values of enthalpy
and mixture fraction; and an overestimation of mixture fraction
fluctuations. However, much more detailed data would be
needed to draw conclusions about the actual reason of the tem-
perature underprediction.

Figure 5 shows the comparison between predicted and mea-
sured O,, CO,, and CO mole fractions on a dry basis through
inspection ports 1.5 and 2.6. At inspection port 1.5 the predicted
CO, profiles are grid independent and in good agreement with
the data, although there is a slight overprediction of CO, mole
fraction. The influence of grid refinement can be seen in the
predicted O, and CO profiles. Nevertheless, there appears to
be a tendency for a slight overprediction of CO and a slight
underprediction of O,. The general agreement, however, is
rather good.

The mole fractions of O,, CO,, and CO are approximately
constant along the axis of inspection port 2.6 up toy =~ 1.8 m,
and their values are typical of combustion products that recircu-
late in this region (see Figs. 5(c) and 5(d)). The presence of
CO with levels between 1 and 2 percent suggests that combus-
tion is not complete. For larger values of y, a sharp rise of O,
along with a sudden decrease of CO, mole fractions occurs as
the stream of combustion air, injected through the burner closest
to the injection port 2.6, is approached. As y increases, the O,
mole fraction drops and the CO and CO, mole fractions in-
crease, as a result of the combustion phenomena. The CO, mole
fraction decreases again, as y increases, up to the axis of the
burner, because in front of the burner there is a fuel-rich mix-
ture, and the oxygen mole fraction is zero. The presence of the
streams of atomizing air is recognized only if grid 2 is used.
This is the grid with the largest number of grid nodes in the
burners region. There are no data in the burner region where
combustion takes place because droplets of unburned liquid fuel
block the probes and prevent measurements from being taken
closer to the burner axis.

As far as the species mole fraction profiles though inspection
port 2.6 are concerned, it can be seen that the influence of the
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Fig.5 Comparison between predicted (solid lines) and measured (sym-
bols) mole fraction profiles: (a} O, profile along the axis of inspection
port 1.5; (b) CO; and CO profiles along the axis of inspection port 1.5;
(c) O; profile along the axis of inspection port 2.6; (d) CO, and CO profiles
along the axis of inspection port 2.6
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Fig. 6 Comparison between predictions obtained using two different
combustion models (model 1: chemical equilibrium; model 2: SCRS; sym-
bols: data): (a) temperature profile through port 1.5; (b) temperature
profile through port 3.6; {¢) mole fraction profiles through port 1.5. {{:
CO,; A: CO; O: 0,); (d) mole fraction profiles through port 2.6. ((1: CO,;
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grid on the predictions is negligible. All the predicted profiles
show a good agreement with the data, at least qualitatively. The
CO, mole fraction is slightly underpredicted up to the burner
position. In front of the burner the measured mole fraction
decreases rapidly with distance from the burner, whereas the
numerical solution exhibits a smoother behavior. However, grid
2 shows a steeper gradient than grids 1 and 3, suggesting that
a finer grid along the y direction might improve the results in
this region. The predicted O, mole fraction is in close agreement
with the data up to y = 1.5 m. Farther downstream the rise in
0O, mole fraction is smoother than the data suggest and, once
again, the steeper gradient was calculated by grid 2. The peak
value of O, is underpredicted and this may be attributed to a
need for grid refinement. The CO mole fraction is overpredicted
but the shape of the profile is in good agreement with the
measurements.

The results presented so far show that although it cannot be
argued that the results are completely grid independent, it can
be concluded that the discrepancies between the data and the
predictions are in most cases only explainable by physical rea-
sons or experimental uncertainties. The range of the errors at-
tributable to grid refinement was identified by performing the
calculations using three different grids. Therefore, in the follow-
ing discussion only the results obtained using grid 1 shall be
considered.

The influence of the combustion model on the predicted re-
sults was investigated by repeating the calculations using the
SCRS model instead of the chemical equilibrium model. The
results of the two models and the measured values are compared
in Fig. 6.

It can be seen that the SCRS yields higher temperature levels.
This is an expected result since this model does not take dissoci-
ation into account. The SCRS yielded an improvement of the
predicted temperature profile through port 1.5 but only marginal
improvements were achieved for the profile through port 3.6.
However, the gas composition is not adequately predicted by
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the SCRS model. In fact, Fig. 6(c) shows that, according to
this model, no oxygen is present along the axis of inspection port
1.5. This is not corroborated either by the chemical equilibrium
model or by the experimental data. Consequently, the CO, mole
fraction is significantly overpredicted by the SCRS model. A
similar behavior can be seen through port 2.6. Out of the burner
region, the SCRS model overpredicted the CO, mole fraction
and predicted no oxygen. On the other hand, the chemical equi-
librium model is in good agreement with the data. Moreover,
the SCRS does not take the presence of CO into account.

Hence, it can be concluded that the chemical equilibrium
model is preferable to the SCRS model. The reason the SCRS
model yielded a better agreement with the measurements for
the temperature profile through port 1.5 should not be attributed
to its superiority but rather to an overestimated heat loss. This
was compensated by the higher temperature calculated when
the SCRS model is employed.

5.2 Influence of the Air/Fuel Ratio. The effect of de-
creasing the air/fuel ratio is illustrated in Fig. 7, where the
comparison between predicted and measured temperature pro-
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Fig.7 Comparison between predicted {solid lines) and measured (sym-
bols) for 0.75 percent O, in flue gases: (a) temperature profile through
port 2.6; (b) temperature profile through port 3.6; (c) mole fraction pro-
files through port 1.5
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files through ports 2.6 and 3.6 and mole fraction profiles through
port 1.5 are presented. These results (test case 2) were obtained
for a volumetric concentration of O, in flue gases of 0.75 per-
cent, whereas at standard operating conditions (test case 1) this
concentration is 1.5 percent.

Along the axis of inspection port 2.6, the calculated tempera-
tures are in close agreement with the data, but this is restricted
to a small zone out of the flame region. The predicted and
measured temperature profiles through port 3.6 are very similar
to those presented in Fig. 4(b) for standard operating condi-
tions. The variation in gas temperatures between the two test
cases is very small. Nevertheless, the measured gas temperature
at the outer side of the flame region is slightly higher for case
1 and this is corroborated by the predictions. The temperature
drop observed for y ~ 2.4 m is caused by the stream of combus-
tion air. _

The computed mole fractions of CO,, CO, and O, through
port 1.5 are in good agreement with the data. The CO, mole
fraction is about the same for test cases 1 and 2. However, the
reduction of the air/fuel ratio yielded a small increase of CO
and a small decrease of O, mole fractions. These variations are
correctly predicted by the model.

5.3 Influence of the Boiler Load. The influence of de-
creasing the boiler load from 250 MWe (test case 1) to 125
MWe (test case 3) is shown in Fig. 8. The reduction of the
boiler load is achieved by turning off the burners of the top
level and blocking air access to these burners. However, the
blockage is not completely effective and some air escapes
through the burners.

The gas temperature through inspection port 1.5 decreases
with the power load as both experiments and calculations reveal.
The predicted temperature profile for test case 3 is in good
agreement with the data, suggesting that, in this case, the radia-
tive heat loss is well predicted. The gas temperature profile
along the axis of port 2.6 shows the same kind of discrepancy
observed for temperature profiles close to the front wall in other
test cases: The temperature is underpredicted except close to
the side wall and in front of the combustion air inlet where the
temperature falls down. The temperature profile through port
3.6 is rather different because the burners at the third level are
out of service. The calculated temperature is constant during
the first 2 m and then drops due to the mixture of combustion
gases with cold air that escapes through the top level burners.
This temperature profile is correctly predicted despite a slight
temperature underprediction in the flat temperature region.

6 Conclusions

This paper reports the application of a mathematical model
to a power station boiler of the Portuguese Electricity Utility.
The model is based on the numerical solution of the partial
differential equations governing conservation of mass, momen-
tum, energy, and chemical species. The results are compared
with measurements recently obtained for several operating con-
ditions.

Calculations were performed using three different grids and
a careful analysis was conducted to conclude if the solution
was dependent on the grid refinement. The results obtained for
standard operating conditions are in good agreement with the
available data, except near the burner exit where the temperature
is underpredicted. The influence of grid refinement on the pre-
dictions is generally negligible, compared with the differences
between the numerical solutions and the data, although this is
not always the case. Situations where grid refinement might
influence the predictions were identified.

The simple chemically reacting system combustion model
yields concentrations of the chemical species that disagree with
the data, Contrary to the data, according to this model there
would be no oxygen close to the side wall. In addition, it did
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Fig. 8 Comparison between predicted (solid lines) and measured (sym-
bols) temperature profiles at partial load (125 MWe): (a) profile through
port 1.5; (b) profile through port 2.6; (c) profile through port 3.6

not take CO into account. Therefore, the chemical equilibrium
model was preferred since it does not suffer from these short-
comings.

The influence of the air/fuel ratio and power load were cor-
rectly predicted by the model, demonstrating its ability to per-
form parametric studies.

The data are restricted to a small number of temperature and
chemical species profiles. Moreover, these profiles are located
very close to the front and back walls. This is a consequence
of the position of inspection ports that provide physical access
to the probes. Despite these limitations, this is one of the most
complete sets of data for full-scale utility boilers ever reported,
and the evaluation reported here has proved the predictive capa-
bilities of the mathematical model, although there is room for
further improvements.
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